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Kurzfassung

Folienluftlager sind ein Maschinenelement aus der Kategorie nachgiebiger hydrodynami-
scher Lager, die ein zuverlässiges, wartungsarmes und umweltfreundliches Lagerelement
für den Einsatz in Turbomaschinen darstellen. Aufgrund der Verwendung von Umgebungs-
luft oder anderen Gasen als Schmiermittel können sie in ölfreien Maschinen eingesetzt
werden. Im Vergleich zu starren Luftlagern stellen sie eine kostengünstige und robuste
Alternative dar. Die Analyse und Optimierung von axialen Folienluftlagern ist aufgrund
der Kombination thermodynamischer, elastomechanischer und hydrodynamischer Glei-
chungen sowie ihrer Kopplung in detaillierten numerischen Modellen herausfordernd.
In dieser Arbeit werden axiale Folienluftlager untersucht, die grundsätzlich aus einer
Grundplatte, gewellten Bump Foils und glatten Top Foils bestehen. Sie können in zwei
verschiedene Design-Typen eingeteilt werden: erstens ein Mehrfolien-Design bestehend
aus mehreren unabhängigen Lagersegmenten und zweitens ein Einfolien-Design, beste-
hend aus mehreren unabhängigen Bump Foils, aber einer einzigen zusammenhängenden,
ringförmigen Top Foil. Die Unterschiede in den Modellierungsansätzen werden dargelegt.
Es zeigt sich, dass die Analyse von axialen Folienluftlagern des Einfoliendesigns nur mög-
lich ist, wenn die reale Foliengeometrie und der Verschleiÿ der Beschichtung des Top Foils
in die Analyse einbezogen werden.
Darüber hinaus wird ein vollständiges Lagermodell, das jedes einzelne Segment des
Mehrfolien-Designs im Falle von Schiefstellung von Welle und Lager berücksichtigt, mit ei-
nem reduzierten Ansatz unter Verwendung von Symmetriebedingungen und Betrachtung
eines einzelnen Segmentes verglichen.
Das Temperatur-Management von axialen Folienluftlagern erweist sich als ein zentraler
Punkt für die Optimierung von Tragfähigkeit und Verlusten. Der Ein�uss der thermischen
Biegung der Wellenscheibe, die durch axiale Temperaturgradienten verursacht wird, ist
signi�kant für die Lagerleistung. Die am weitesten verbreitete Methode zur Verringerung
dieses E�ekts ist die Einleitung eines Luftstroms unterhalb der Top Foil. Dies reduziert
jedoch die Gesamte�zienz der Maschine. Neben dieser direkten Methode werden in
dieser Arbeit die Wahl eines alternativen Folienmaterials mit hoher Wärmeleitfähigkeit
und Kompensationsmechanismen basierend auf Zentrifugale�ekten vorgestellt.
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Abstract

Air foil bearings are a type of compliant hydrodynamic bearing that feature a reliable,
low-maintenance, and ecological machine element for high-speed turbomachinery. Due to
the utilization of surrounding air or other gases as a lubricant, they can be used in oil-free
machines. When compared against rigid air bearings, they present a low-cost and robust
alternative. The analysis and optimization of air foil thrust bearings is challenging owing
to the multiphysicality of thermodynamic, elastomechanic and hydrodynamic equations
that have to be considered as well as their coupling in detailed numerical models.
In this thesis, bump foil thrust bearings, consisting of a base plate, corrugated bump foils
and smooth top foils are examined. They can be categorized in two di�erent design types:
�rstly, a multi-foil design consisting of several independent bearing pads, and secondly, a
single-foil design comprising several independent bump foils, but a single, annular top foil.
The di�erences in the modeling approaches are illustrated. It is concluded that single-foil
bearing analysis is only possible when the real foil geometry and top foil coating wear are
included in the analysis.
Furthermore, a full bearing model accounting for each individual pad of the multi-foil
design in the case of misalignment is compared against a reduced approach using symmetry
conditions.
The thermal management of foil thrust bearings turns out to be one of the prime tasks
for the optimization of load capacity and losses. The thermal bending of the runner disk
that is caused by axial temperature gradients is shown to have a signi�cant e�ect on
bearing performance. The most prominent solution is the application of a forced cooling
�ow underneath the top foil. However, this reduces overall machine e�ciency. Apart from
this straightforward method, choosing an alternative foil material with a high thermal
conductivity and compensating mechanisms based on centrifugal e�ects are presented
here.
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1 Introduction

Air foil bearing technology had its �rst industrial application in the late 1960s where air
cycle machines in planes were �tted with this type of bearing. They present an alternative
for other bearing types like rolling element bearings or oil bearings, o�ering advantages
like high reliability, high-speed operation, low losses and low maintenance needs [17, 18].
Moreover, they are able to use surrounding air or other gases as their working/lubricating
�uid and enable an oil-free machine design with lower complexity due to the omission of
an oil supply.
This section serves as an introduction into the topic of foil thrust bearings and the challenges
that have to be overcome when designing and optimizing these bearings. At the same
time, the motivation for the di�erent studies that were conducted and published in the
mentioned papers is given. This thesis presents a synopsis of these papers which is why
the superordinate problems and challenges are explained in this introductory section.
Later, the di�erent outlines of the individual papers are shown for each paper. The main
results and �ndings are combined and displayed in a synthesis section. Thereafter, �nal
conclusions are drawn and an outlook is given for possible interesting future research
projects and developments.

1.1 Fundamentals of Air Foil Thrust Bearing Analysis

Air foil thrust bearings (AFTBs) are a speci�c type of hydrodynamic bearing that are
used in high-speed machines. The AFTB as a machine part is integrated in the stationary
housing. The rotor that is mounted into the machine possesses a rotor disk (also referred
to as runner disk) which can be an integral part of the rotor or (in multi-part rotor designs)
can be �tted onto the rotor shaft. The general structure of AFTBs is displayed in Fig. 1.1.
The AFTB consists of a rigid base plate on which the compliant bearing foils are mounted.
Two kinds of foils have to be distinguished: the corrugated bump foils serve as a �exible
understructure of the bearing. In comparison with rigid air bearings, this characteristic of
a foil bearing allows for larger manufacturing tolerances. Furthermore, the compliance of
these bearings results in increased admissible misalignments in machines which is a key
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Abbildung 1.1:Foil thrust bearing structure consisting of a base plate as well as bump
and top foils.
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Abbildung 1.2: Cut view of a rotor disk and a single-sided thrust bearing.
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(a) Multi-foil design.

(b) Single-foil design.

Abbildung 1.3:Comparison of (a) multi-foil and (b) single-foil bearing design. Left side:
bearing assembly with base plate, bump foils and top foil(s). Right side:
exaggerated height pro�les of the top foils, (a) taper-land and (b) taper-
step.
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feature to reduce manufacturing costs. The compliant understructure in thrust bearings
may also be achieved by the use of metal meshes [19] or leaf-type bearings [20]. In the
works presented here, only bump-type bearings are considered. The second kind of foil
is a �at and smooth top foil which is used to guide the air�ow in the lubricating gap of
the bearing. For the top foils as well as for the runner disk, coatings are used in order to
reduce friction and wear at low rotor speeds [21, 22].
The shape of the top foil and the design of the bump foil with di�erent bump heights
can be used to tailor the topography of the gap between the runner disk and the top
foil surface. In many cases, taper-land topologies are used where a wedge-shaped region
(taper) with a converging gap height is combined with a region of nominally constant gap
height (land). Due to the rotation of the runner disk, hydrodynamic pressure is generated
in the lubricating gap which separates the top foil and the runner disk and supports axial
loads of the rotor. For low speeds, mixed lubrication occurs which prohibits long-time
operation of these bearings below a speci�c lift-o� speed. For rotational speeds above the
lift-o� speed, full �uid lubrication is achieved between runner disk and top foil surface.
In this thesis, two di�erent bearing designs are investigated. The two designs are depicted
in Fig. 1.3. The multi-foil bearing possesses individual bearing pads that each consist of
a bump foil and a top foil, cf. Fig. 1.3a. Herein, the top foil is supported by bump foils
with speci�cally designed bump heights. The bump heights imprint the aforementioned
taper-land topography. By varying the bump heights, the nominal gap pro�le can be
manipulated.
By contrast to this bearing design, the single-foil design of Fig. 1.3b possesses a single
annular top foil that is supported by multiple bump foils with constant bump height.
Furthermore, the top foil is embossed so that a taper-step topography is achieved. In
combination with a thrust load, the top foil deforms and a taper-land-like topography is
accomplished as well with this bearing type. For details, please see Sec. 1.2.2.
Many studies investigate dynamic characteristics of AFTBs including sti�ness parame-
ters, e.g. [23�27]. The focus of the studies presented here lies in the thermo-elasto-
hydrodynamic (TEHD) static behavior of AFTBs with a focus on the thermal balances and
optimization of foil thrust bearings with regard to load capacity, power loss, and thermal
properties. A detailed literature review of the relevant works that deal with the design,
analysis, and optimization of foil thrust bearings [28�50] can be found in the publications
that are attached to this synopsis.
The analysis of AFTBs presented here is based on several fundamental equations and
assumptions. The components of a thrust bearing (see Fig. 1.2) and the relevant properties
in a thermo-elasto-hydrodynamic model are:

� Base plate: rigid, constant temperature.
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� Bump foil: deformations are calculated via a Reissner-Mindlin type shell theory,
thermal properties are represented by a thermal resistance.

� Top foil: deformations are calculated via a Reissner-Mindlin type shell theory, tem-
perature is calculated via a heat di�usion equation.

� Lubricating air �lm: air pressure is calculated via a compressible 2D Reynolds
equation, air temperature is calculated via a 3D energy equation.

� Rotor and runner disk: deformations are calculated with 2D Navier-Lamé equations
including centrifugal forces and thermal stresses, temperature is calculated with a
2D heat di�usion equation.

The most important equations are highlighted here. They are generally solved using a
fully coupled �nite element model. For the calculation of the air �lm pressure p(x; y), the
Cartesian generalized compressible Reynolds equation [51] is used:
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The air density � and the air viscosity � are evaluated for a �lm height-averaged �uid
temperature Tm(x; y) [30, 46], the temperature dependent variables are de�ned in Tab. 1.1
for a temperature range from 20°C bis 500°C. The variablesU and V describe the velocity
of the disk in the Cartesian x- and y-direction. The height function H is very important for
the performance of hydrodynamic bearings. It is in�uenced by the rotor axial movement,
the nominal gap topography and the component deformations. Moreover, it might be
in�uenced by the wear of the top foil coating, cf. Sec. 1.2.2, or misalignment, cf. Sec. 1.2.3.
Regarding boundary conditions of the Reynolds equation(1.1) , the speci�c bearing design
and the extent of the model (single-pad model vs. full bearing model) both have a
signi�cant in�uence.
For the air temperature �eld TA (x; y; z), a 3D energy equation is solved, cf. for example
[52]:
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Tabelle 1.1: Energy equation parameters
Variable Value Description

� p
RA Tm ;i

Density

RA 0:287 kJ=(kg � K) Gas constant of air

�

h
� 1:75� 10� 11

�
Tm ;i
[K ]

� 2

+5 :68� 10� 8
�

Tm ;i
[K ]

�

+3 :06� 10� 6
i
[kg=(m � s)]

Viscosity

cP

h
2:43� 10� 4

�
TA ;i
[K ]

� 2

� 7:7 � 10� 2
�

TA ;i
[K ]

�

+1008
i
[J=(kg � K)]

Heat capacity

�

h
� 2:1 � 10� 8

�
TA ;i
[K ]

� 2

+8 :46� 10� 5
�

TA ;i
[K ]

�

+2 :89� 10� 3
i
[W=(m � K)]

Heat conductivity

Equation (1.2) includes convective heat transfer, di�usive heat transfer (conduction),
power of pressure forces, and dissipation resulting from shear forces.� describes the heat
conductivity, cP is the speci�c heat capacity of air. u and v are the Cartesian �uid velocities,
respectively [51]. Generally, for AFTBs, the conductive heat transfer in z-direction is
signi�cantly larger than the convective heat transfer due to the small dimensions of the air
gap. Note that planar heat di�usion in the lubricating gap is usually neglected, cf. [50],
but can be included in order to be able to formulate consistent boundary conditions
for single-foil bearing analysis. Again, the speci�c boundary conditions depend on the
application and the bearing design.
The deformations of the top and bump foil are calculated using a Reissner-Mindlin

type shell theory [53, 54]. Each shell possesses 5 degrees of freedom (DOFs), namely 3
translational DOFsv1(x; y), v2(x; y), and v3(x; y) in x-, y-, and z-direction, respectively, as
well as 2 rotational DOFs denoted byw1(x; y) and w2(x; y). Equations (1.3) to (1.7) are
used for the calculation of the deformations of a cylindrical shell with radius of curvature
R along the x-direction under the external loads p1, p2, and p3 in x-, y-, and z-direction,
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respectively:
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This formulation contains the stretching sti�ness D , the bending sti�ness B and the shear
sti�ness Gt with Young's modulus E , Poisson's ratio� and the shell thicknesst. The top
foil is usually considered an approximately �at metal sheet with R ! 1 , while the bump
foil possesses cylindrical bumps (constant radiusR) combined with �at bridges ( R ! 1 ).
The equations become nonlinear when contacts between the base plate and the bump foil
as well as between the bump foil and the top foil are considered.
For the top foil temperature TT , a 2D heat di�usion equation

� � T tT � TT = qT ;in + qT ;out (1.8)

with thermal conductivity � T , thicknesstT and heat �uxes qT ;in into the top foil from the
lubricating gap and qT ;out from the top foil into the bump foil and the base plate.
Deformations vr (r; z ) in radial and vz(r; z ) in axial direction of the rotor and the runner
disk are calculated via a thermoelastic axisymmetric model. The deformations are obtained
by solving the Navier-Lamé equations including centrifugal forces and thermal stresses as
in Ref. [55]:
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(1.9)

where 
 R is the Lamé constant and� R is the shear modulus. The constant� R describes
thermoelastic stresses with� TR being the disk temperature di�erence with respect to a
reference temperature. Further, � R is the density of the rotor material. It is assumed that
the in�uence of the �uid �lm pressure and the �uid �lm shear stresses on the rotor disk
are negligible.
The temperature of the rotor disk TR(r; z ) is calculated with the energy equation
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with the thermal conductivity � R of the rotor material.
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Abbildung 1.4: Main heat �ow paths in a foil thrust bearing assembly.

1.2 Objectives and Structure of the Thesis

The fundamental equations displayed in Sec. 1.1 represent the basis of the TEHD models
used to analyze and optimize AFTBs in this thesis. In the upcoming sections, the focus
of the individual contributions that are summarized in this synopsis are explained. This
thesis is based on the four publications [1�4]. They all deal with di�erent aspects of AFTB
analysis and optimization. Paper 2 presents an analysis of single-foil bearings, while Papers
1, 3, and 4 investigate multi-foil bearing designs, cf. Fig. 1.3.

1.2.1 Outline of Paper 1

Paper 1 [1] aims at describing the heat �ow paths in an AFTB and showcasing the
e�ect of di�erent foil materials on the bearing performance. Through dissipation, high
temperatures occur in the lubricating gap owing to the high circumferential velocity
of the rotor disk. It is important to understand the mechanisms of heat transfer inside
the thrust bearing in order to optimize the bearing behavior. The heat generated in the
lubricating gap is mainly �owing into the foil sandwich on the one hand and into the rotor
disk on the other hand which leads to thermally induced bending of the rotor disk. These
deformations reduce the load capacity of the thrust bearing. The main heat �ow paths are
illustrated in Fig. 1.4. In order to reduce thermal bending, the heat �ow into the foil
sandwich can be increased. The �rst and most widespread method is introducing a radial
cooling �ow under the top foil that reduces the top foil temperature and at the same time
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Tabelle 1.2: Foil material parameters.

Dimension Material A Material B Material C
E in GPa 210 180 147.5

� 0.3 0.3 0.325
� in W (mK) � 1 12 55 250

Top foil thickness in µm 100 105.3 112.5
Bump foil thickness in µm 75 79.0 84.4

lowers the heat �ux into the rotor disk. This has a positive e�ect on the load capacity,
cf. [37, 50]. The approach of the current study is to decrease the thermal resistance of the
foil sandwich by introducing alternative materials for the bump and top foils (typically, a
superalloy like INCONEL® X-750 is used). Due to dynamic loads, spring materials are
typically utilized which need to have speci�c properties: high bending fatigue strength,
high tensile strength and resiliency.
If alternative materials are to be considered for the bump and top foils, their maximum
operation temperature needs to be higher than the bearing operation temperature as well.
With increasing temperature, metals su�er from a weakening of the above mentioned
properties and may experience e�ects like creep which are to be avoided [56]. For
high-temperature applications as in [57], only speci�c steels are contemplable. For lower
temperature applications, the use of other materials with signi�cantly higher thermal
conductivities, albeit with lower maximum operating temperatures, can become feasible.
Therefore, a comparison is drawn here between INCONEL® X-750 (Material A),
DURACON® 17A (Material B) and CuNi1Si (Material C) as foil materials. The relevant
material parameters are given in Table 1.2. It is important to note that in order to make
up for the lower Young's modulus of the di�erent materials, the foil thicknesses are
increased accordingly to create equal bending sti�nesses at room temperature. The
increased foil thickness alongside the higher thermal conductivity contribute to a lower
thermal resistance. A lower thermal resistance of the bump foil leads to increased heat
�uxes into the base plate which in turn decrease the thermal load of the runner disk.
In this model, only a single-sided bearing is considered. At the free backside of the rotor
disk, the disk rotation causes an air�ow. The heat �ux that leaves the disk is calculated
from the temperature TC (r; z ) in the cooling region which is obtained from the energy
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equation (assuming axisymmetry):
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Here, � C;ef f is an e�ective thermal conductivity according to Ref. [58], � C the density, cP;C

the isochoric heat capacity and� C and � CT are the kinematic viscosity and the turbulent
kinematic viscosity according to Cebeci and Smith [59]. The velocity �eld consisting of
the radial velocity uC , the circumferential velocity vC and the velocity wC in z-direction
is calculated from the boundary layer equations for steady incompressible axisymmetric
�ow (neglecting a radial pressure gradient), see Ref. [59].
In the radial gap between the rotor disk and the housing, the disk rotation also causes
an air�ow. It is assumed to be laminar with purely circumferential �ow (Couette �ow)
and with linearly decreasing velocity over the radial coordinate (disk speed at the inner
boundary, zero speed at the outer boundary). This simple assumption is made as the
initial gap width tRG is 200µm and decreases below100µm at high rotational speeds
due to centrifugal e�ects. The estimated maximal Reynolds number for the �ow is Re �

 rD tRG �=� � 700� 800. Thus, the 2D energy equation
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including dissipative heating is solved to obtain the temperature pro�le TRG (r; z ) in the
radial gap. In Eqn. (1.12) , � RG is the thermal conductivity, � RG is the dynamic viscosity
of air in the gap, rD is the disk radius and tRG is the gap width with account for disk
deformations.
With the help of this model, the impact of the di�erent foil materials on the bearing
temperatures, the thermal bending of the runner disk and the load capacity is investigated
and compared against conventional forced cooling.

1.2.2 Outline of Paper 2

Paper 2 [2] is the �rst of two papers describing the analysis of single-foil thrust bearings.
While the second paper [15] focuses on the test rig and measurements, this work gives
insight into the modeling of this type of bearing. A fully coupled TEHD model for stationary
simulations for single-foil AFTBs with an annular, one-part top foil is presented. The model
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takes into account thermoelastic deformations of the rotor due to thermal stresses and
centrifugal e�ects, a detailed thermodynamic model for the rotor temperature with a heat
transfer model from CFD analysis, air �lm temperature and pressure through a 3D energy
equation and a 2D Reynolds equation, respectively, elastomechanic deformations of top
and bump foil via a nonlinear shell model including normal and tangential contact forces,
as well as a detailed model for the top foil temperature and the heat transfer through the
bump foil and the air gap between top foil and base plate.
A direct implementation of the full bearing would require extreme simulation times which
would not allow for parameter studies and optimizations. Therefore, a reduction approach
is presented which makes use of the cyclic symmetry. The cyclic coupling conditions for
the top foil and the air �lm are derived and explained in detail. Of course, misalignment
may not be considered in this case.
The cyclic boundary conditions for the shell equations of the top foil (index T) are formu-
lated for the leading (index l) and trailing edge (index t):

n~ lv�; T,le~� = n~ t v�; T,te~� ; v3;T,l = v3;T,t; n~ lw�; T,le~� = n~ t w�; T,te~� ;

n~ ln
��
T,l e~� = n~ t n

��
T,t e~� ; q�

T ;l = q�
T ;t ; n~ lm

��
T,l e~� = n~ t m

��
T,t e~� :

(1.13)

n~ l and n~ t describe the normal vectors at the leading and trailing edge, respectively, and
e~� is the unit vector. The transverse shear stress isq� , the moment tensor m�� , and the
stress resultant tensorn�� according to [54]. Note that this design possesses independent
bump foils which are therefore not coupled cyclically.
A direct comparison of simulation results with measurements shows large discrepancies. It
is observed that signi�cant wear occurs upon the loading of the bearing, especially for the
�rst break-in. Therefore, an appropriate algorithm for the simulation of wear is derived
and incorporated into the model.
The quasi-static wear algorithm that has been developed allows to take into account
gap height changes due to wear. With this TEHD model, stationary simulations of the
bearing components can be carried out. The minimal gap heightmin jH (x; y)j is used as a
limit criterion for plausible bearing operation. In this work, min jH (x; y)j = Hmin = 2 � m
is chosen as the transition point between �uid lubrication and mixed lubrication. The
integrated pressure �eld at this speci�c point represents an approximation of the load
capacity of the bearing,

W = nsec

ZZ
(p � p0)dAsec (for Hmin = 2 � m): (1.14)

If the thrust load on the rotor is further increased, the disk will get closer to the top foil
and min jH (x; y)j < H min . The assumptions for a continuous air �ow are no longer met in
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this case and mixed lubrication is expected to occur.
In experiments, several signi�cant wear marks on the coating are observed during the
run-in process. In order to represent this e�ect in the simulation, a quasi-static wear
algorithm is developed. It assumes that the top foil coating is soft compared to the rotor
disk and will instantaneously be worn when mixed lubrication occurs.
For the wear algorithm, the function Hwear(x; y) is de�ned as the wear depth of the
top foil. This means that worn areas possess a positive value according to the height of
abraded coating, while unworn areas have a wear depth of 0. Initially, Hwear is set to
zero and a stationary simulation of the bearing is carried out until min jH (x; y)j = Hmin

is met, yielding amongst others a load capacityW (0) for the unworn state according to
Eq. (1.18) . Note that reaching a speci�c value of the minimal gap height is achieved by
changing the axial position of the rotor zR . Now, all areas of the height function with
H � � (Hmin + � wear) with a small user-de�ned � wear are stored in the wear function

H (1)
wear = ramp( H + Hmin + � wear) =

�
H + Hmin + � wear; H + Hmin + � wear � 0
0; H + Hmin + � wear < 0

:

(1.15)
In the upcoming sections, � wear = 1 � m has been chosen. It represents the wear height
increment of each wear step. Note that the bracketed superscript index denotes the wear
iteration, ranging from 0 (unworn state) to i end (fully worn state).
While the base iteration with i = 0 is carried out with the height function H of Eq. (1.18) ,
the new height function for iteration step i = 1 and the corresponding height functions
for the upcoming iteration steps now read

H (0) = H;

H (1) = H � H (1)
wear;

...

H (i ) = H � H (i )
wear;

...

H (i end ) = H � H (i end )
wear :

(1.16)

After each incrementation of Hwear, a new simulation of the bearing is conducted. In the
proceeding incrementation steps, the old wear result is added to the new contribution of
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program WEAR ITERATION
Iteration number i = 0
while W � 100 N

set initial value of zR

calculate foil and disk de�ections
while min jH (x; y)j 6= Hmin

update zR

calculate foil and disk de�ections
end while
calculate H (i )

wear
H (i )

wear = H (i � 1)
wear + ramp( H (i � 1) + Hmin + � wear)

increment i
end while
i = i end

end program WEAR ITERATION

Abbildung 1.5: Pseudocode of the wear algorithm.

the current step i , i.e.

H (0)
wear = 0 ;

...

H (i )
wear = H (i � 1)

wear + ramp( H (i � 1) + Hmin + � wear);
...

H (i end )
wear = H (i end � 1)

wear + ramp( H (i end � 1) + Hmin + � wear):

(1.17)

Figure 1.5 shows the program sequence in a pseudocode representation. It shows the
outer while loop for the wear iteration index i and the inner iteration loop for the minimal
gap height iteration to Hmin .
The top foil geometry as well as the coating topography deviate signi�cantly from their
nominal design values. Therefore, the real geometry of top foil and coating is included
in the model. Without the use of the real top foil topography and the consideration of
wear, bearing performance cannot be analyzed by the model. With the extended model,
numerical results agree well with experimental data.
A detailed experimental investigation of the real top foil geometry yields the following
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results:

� The step at the border of adjacent sectors is not ideally vertical but rather extended
over a small region. An average step width of0:66 mm is observed in real top foils.

� In the ideal geometry, the top foil possesses no radial slope or curvature; the ideal
taper is a function of the angular position only. Through the embossing process,
however, the top foil is also deformed into a parabolic shape. This shape deviation
is observable in radial direction, meaning that the inner and outer foil edge (at
the inner and outer radius) is bent upwards. Therefore, radial cuts of the top foil
do not yield straight lines. Measurements show that this shape deviation in radial
direction can be su�ciently approximated by the parabola expression Hpar (r ) =
hpar (r � rm)2=(r i � rm)2 with rm = ( r i + ro)=2 and hpar = 20 � m.

� The top foil is coated with a PTFE layer with a mean coating thickness of25� m.
Measurements show that this coating is not uniform. A detailed analysis of the
coating thickness reveals that, towards the inner and outer foil edges atr = r i

and r = ro, coating accumulations of � hcoat = 12 � m beyond the mean coating
thickness are observed. Measurements further show that the variation of coating
height in the circumferential direction is negligible. Consequently, the coating height
distribution in radial direction, in the following denoted by Hcoat(r ), is considered
in the simulation model with a spline representation.

These 3 deviations are systematic due to the manufacturing process of the top foil and the
coating application. They were found in all the test specimen.
The �rst two items of the list above�namely the �nite step width of 0:66 mm and the
parabolic shape deviation in radial direction�are geometrical deviations of the metal foil
due to the embossing process in comparison with the ideal geometry.
It is interesting to note that each sector of the one-part top foil deforms from the initial
taper-step geometry (cf. Fig. 1.3b) into a taper-land con�guration under pressure load
during operation.
Another fundamental aspect of the TEHD model lies in the formulation of consistent
boundary conditions, especially for the heat transfer from the bearing and rotor to the
surrounding. For the test rig that is used to validate the numerical model of this study [15],
a CFD analysis is conducted to analyze the heat �ow from the rotor to the surrounding air,
see Fig. 1.6.
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Abbildung 1.6: (a) De�nition of rotor boundary sections I to VIII. (b) Result plot section of
CFD calculation for heat transfer coef�cient determination.

1.2.3 Outline of Paper 3

Paper 3 [3] displays the in�uence of misalignment on the thrust bearing performance. A
detailed TEHD FE model is utilized which has the following substantial extensions:

� When considering misalignment, the height function of each bearing pad is indivi-
dual.

� Each bearing pad exerts a di�erent pressure load and power loss.

� Therefore, the analysis of a single bearing pad as a representation for the overall
bearing behavior is no longer valid. The successive calculation of each bearing pad
individually is su�cient only for the isothermal case. For the thermal model of the
bearing, the fully coupled model of all individual air �lms presented in this paper
can solve this issue.

� Through the use of a single rotor model combined with multiple individual bearing
pads (air �lms and foil understructure), the case of misalignment is adequately
represented in the thrust bearing model.

� This extension displays huge additional computational expenses. In comparison with
a reduced model where only a single bearing pad is taken into account, computation
times are increased by a factor of 8-10 when considering a bearing with six bearing
pads.
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Abbildung 1.7: De�nition of the two misalignment values � mis and � mis of Eq. (1.19) .

For the numerical analysis of the thrust bearing, the �lm height function H (x; y) is crucial.
It is a�ected by the bearing design, but also includes the deformations of the bearing
components. Each bearing pad possesses an individual height functionH i (x; y):

H i (x; y) = zR � v3;T ;i + vz(z = 0 ; r ) + Hmis: (1.18)

Herein, v3;T ;i is the deformation of the i -th top foil and is individual for each pad. The
remaining values are the same for each bearing pad:zR displays the axial position of the
rotor, vz(z = 0 ; r ) is the deformation of the rotor disk underside, and Hmis represents the
misalignment between the rotor disk and the bearing:

Hmis = � tan ( � mis)x �
tan ( � mis)
cos (� mis)

y: (1.19)

The two misalignment values � mis and � mis are displayed in Fig. 1.7.

1.2.4 Outline of Paper 4

In paper 4 [4], compensation approaches for the commonly observed thermal bending
phenomenon of the rotor disk in thrust bearings are presented using passive e�ects without
additional expenditure of energy. The heat �uxes from dissipation in the lubricating gap
that enter the runner disk cause an axial temperature gradient which in turn causes
thermoelastic bending deformations of the runner disk directed away from the bearing.
This bending changes the shape of the lubricating gap and reduces the load capacity of
the bearing, which can lead to even higher temperatures and machine failure (thermal
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runaway), cf. Fig. 1.8.
The main idea to compensate this e�ect is to make use of centrifugal forces that generate
a bending moment in the rotor disk that causes a deformation counteracting the thermal
bending e�ect. Di�erent measures can be considered in order to generate a compensating
e�ect.

� Using asymmetric rotor disk mass distributions causing a bending moment through
centrifugal forces, see Fig. 1.9. The resulting centrifugal force does not act along
the rotor disk centerline depicted by the dotted line, therefore causing a bending
moment for the rotor disk.

� Applying recesses or asymmetrically placed radii or notches at the base of the rotor
disk causing a bending moment through centrifugal forces.

� Implementing isolation layers or cuts to reduce the axial temperature gradient and
reduce thermal bending.

� Utilizing di�erent materials (with di�erent densities or thermal expansion pro-
perties) for dual-material rotor disks and making use of centrifugal and thermal
expansion e�ects.

The design changes that are proposed here are summarized in Fig. 1.10. A fully coupled air
foil thrust bearing �nite element (FE) model is presented incorporating a standard rotor
disk geometry S as well as a new proposed optimized design O in order to compensate
the thermal bending of the rotor disk.
Detailed results of the fully coupled TEHD thrust bearing model including pressure distri-
butions, height functions and rotor temperatures at high rotational speeds and loads are
presented.
A direct comparison is drawn between the standard design S and di�erent optimized
designs. Temperatures, deformations, thrust loads and power losses are shown in order to
evaluate the bene�t of the proposed design changes.
The impact of changes in single design parameters is investigated and a second optimiza-
tion step for maximum load capacity of the bearing is presented.
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2 Results

This section of the synopsis serves as a synthesis of the aforementioned publications. Here,
the results of the di�erent works are brought together and discussed in detail. Their
contribution to the overarching scienti�c problem of the analysis and optimization of air
foil thrust bearings with single-foil and multi-foil design are displayed.
Papers 1 and 4 [1, 4] display two di�erent passive approaches to optimize the thermal
management on the one hand and reduce or compensate the thermal bending of the
runner disk in AFTBs on the other hand. These results are summarized and discussed in
Sec. 2.1.
While the two aforementioned publications investigate the behavior of multi-foil bearings,
paper 2 [2] presents in-depth results for a single-foil bearing design which are displayed
in Sec. 2.2. It is shown why the wear of the top foil coating is prominent in this design
and has to be taken into account.
Paper 3 [3] extends the single-sector models of the other publications towards a full
bearing model. Single-sector models utilize symmetry conditions of the di�erent bearing
sectors and are therefore not able to predict the performance of foil thrust bearings under
misaligned conditions. However, the misalignment of the bearing and the runner disk can
markedly impact the bearing load capacity and power loss. The results are summarized in
Sec. 2.3.

2.1 Optimization results for AFTBs

The use of di�erent foil materials that has been outlined in Sec. 1.2.1 with higher thermal
conductivities is aimed towards the reduction of overall bearing temperatures. Similar
to the commonly applied forced cooling of thrust bearings with a cooling air �ow that
is guided through the foil sandwich, this passive approach may improve heat transfer
away from the hot lubricating gap. Figure 2.1 displays the maximum top foil temperature
increase with respect to ambient temperature for the three di�erent foil materials that
are considered over the rotational speed. It is obvious that�with increasing rotational
speed�the power loss of the thrust bearing is increased and bearing temperatures rise.
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over the rotational speed.

For the maximum rotational speed of 120 krpm, the standard foil material A shows a
temperature increase of around 250 K, while this maximum temperature increase for
material C with the highest thermal conductivity ranges up to 180 K. This corresponds to
a reduction of the maximum temperature increase of 27%.
The reduced bearing temperatures also decrease the thermal bending of the rotor disk.

With a lower axial temperature gradient, the thermo-elastic deformations are also smaller.
Figure 2.2 displays the thermal bending deformations of the runner disk for the di�erent
foil materials at the highest load and rotational speed. The deformation is evaluated at the
interface between rotor disk and lubricating gap. Between the inner bearing radius r i and
the outer bearing radius ro, these deformations increase progressively towards the outer
radius. It can be seen that the maximum axial deformation can be reduced to below11µm
for foil material C, while the bearing with the standard foil material A shows a maximum
deformation of over 15µm.
Figure 2.3 compares the in�uence of the foil material against the commonly applied

method of installing a forced cooling �ow. The cooling �ow is represented by a uniform
heat transfer coe�cient � C that is applied to the top foil domain. In order to size the
e�ect, the maximum top foil temperature increase is examined. It is evident that the
change from the standard foil material A to material C is equivalent to a cooling heat
transfer coe�cient alphaC between 300 and 400 W (m2K) � 1 which corresponds to a
medium cooling �ow level. Furthermore, it is interesting to notice that even for the highest
cooling �ow investigated here, the maximum top foil temperature increase is still markedly
a�ected by the higher thermal conductivity of materials B and C.
The resulting load capacity at maximum speed may be increased by up to 10% by using a
di�erent foil material for the considered bearing geometry. Likewise, for a similar bearing,
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the e�ect of an optimized rotor geometry has been investigated as described in Sec. 1.2.4.
The quantitative in�uence of an axial temperature di�erence on the bending deformations
of the rotor disk are illustrated in Fig. 2.4a. At standstill ( 0 rpm), a high temperature T1 is
imposed to the bottom edge of the symmetric runner disk which is located at the loaded
bearing side of the rotor-bearing assembly (red line). This line represents the interface
between the runner disk and the hot air �lm. The top edge refers to the cooler, unloaded
bearing side with the colder temperature T2 (blue line). All remaining boundaries of the
rotor disk are assumed to be adiabatic. The imposed temperature di�erence� T = T1 � T2

causes an axial temperature gradient and consequently thermal bending deformations of
the runner disk of up to 25µm at the outer disk radius for � T = 40 K .
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Through the alteration of the symmetric rotor disk design S of Fig. 1.9 according to the
approaches in Fig. 1.10, the rotor disk deforms due to centrifugal e�ects when it is rotating.
In order to illustrate the impact of the suggested geometry changes, Fig. 2.4b shows the
deformation of modi�ed runner disks for three di�erent mass overhangs (outer radius
rD = 31; 32; 33 mm) which represent di�erent mass overhangs. The resulting deformation
lines can be observed on the right side of Fig. 2.4b. All calculations were carried out
at the maximum rotational speed of n = 120 krpm. The disk deformation is directed
towards the thrust bearing surface with a progressive slope towards the outer diameter. Of
course, the larger mass overhangs produce larger disk deformations. For an outer radius
of rD = 33 mm, the disk de�ects up to 30µm at the outer radius.
Figure 2.4c shows the resulting deformation of the runner disk of the optimized design
O with a mass overhang and a recess. It is again evaluated at the interface to the air
�lm for di�erent rotational speeds. For increasing rotational speeds, the resulting disk
deformations increase nonlinearly. The shape of the deformation lines is again showing
increasing slops towards the outer radius of the runner disk as in Fig. 2.4b.
The combination of the unwanted thermal bending deformations with these opposite
centrifugal deformations of the runner disk may improve the shape of the lubricating gap
height towards a more uniform shape. It should also be mentioned that the increase of
these deformations with speed is rather convenient as the thermal bending deformations
are also increasing with higher temperatures (connected to higher speeds) and are of a
very similar�but opposite�shape. This is the reason why the rotor disk design changes
may be used to compensate thermal bending deformations passively.
Figure 2.5 presents a comparison of the standard design S and the optimized design O with
regard to the rotor temperature, rotor deformations and the global bearing performance
parameters, namely thrust load and power loss.
In Fig. 2.5a, the rotor temperature is displayed for both designs at a thrust load of 95 N.
Short remark on the chosen operating point: The thrust load of 95 N represents the limit
thrust load for the standard design S with Hmin = Hmin ;limit = 2 µm. In order to achieve a
fair comparison of the two rotor designs, the same thrust force (95 N) is applied to the
bearing with the optimized rotor disk design O. This means that the minimal gap height
Hmin in the simulation of the optimized design O is larger than 2µm. Speci�cally, for a
load of 95 N, the minimal gap height is Hmin = 5 :3µm for the optimized design O.
The plot also shows the rotor deformations for the standard rotor design S with two
symmetric roundings on the left and the optimized rotor design O with a combination
of rounding, recess and asymmetric mass distribution on the right. It is obvious that the
rotor temperatures for the standard rotor design S are substantially higher than with the
optimized design O. This is the case because�at the same thrust load�the corresponding
power loss is higher for the standard rotor design S.
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Abbildung 2.4: Rotor disk bending mechanisms.
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The bending deformation of the rotor disk, evaluated at the air �lm interface, is shown in
Fig. 2.5b for two di�erent operating points, namely Hmin = 7 µm and Hmin = 2 µm. The
deformation of the standard rotor disk S has a progressive slope and reaches a maximum
value of 9:3µm for Hmin = 7 µm and 18:9µm for Hmin = 2 µm. The deformation of the
optimized rotor disk O (blue) is a combination of the thermal bending deformations with
the compensating deformations from centrifugal forces. For the highest load con�guration
at Hmin = 2 µm, the maximum rotor deformation vz(z = 0 ; r = rD ) is reduced by7µm.
For the medium load at Hmin = 7 µm, a large part of the thermal bending is compensated
so that only a maximum deformation of 2:7µm remains. It can be concluded that, with the
optimized rotor disk design O, the compensating e�ect is largest for the caseHmin = 7 µm,
while thermal bending deformations are still present for the case Hmin = 2 µm.
Figure 2.6 displays the simulation results for a second optimized design. In Fig. 2.6a,

the second optimized geometry O2 is shown which combines a large mass overhang
(RD = 33 mm) with a deep recess (0:26 mm) and the standard notch depth (0:2 mm).
With this design, a very high load capacity of approximately 136 Ncan be achieved, which
is equal to a43%increase compared to the standard rotor disk design S. The corresponding
load improvement curve in Fig. 2.6b has its maximum very close to the limit gap height of
Hmin = Hmin ;limit = 2 µm, meaning that the compensating e�ect of the asymmetric rotor
disk design is optimal near the limit load.
The performance map of Fig. 2.6c also shows a marked improvement in load capacity
when comparing the second optimized design O2 with the previous optimized design O
of Fig. 2.5a and with the standard design S. While the second optimized design O2 of
Fig. 2.6a reveals a very little increase in power loss for low loads, a signi�cant increase of
the load capacity by 24 N in comparison to the optimized design O of Fig. 2.5a and41 N
with regard to the standard design S is achieved.

2.2 Analysis of single-foil bearings including wear prediction

The single-foil thrust bearing with an annular, single-part top foil shows distinct features
when compared against multi-foil thrust bearings. After assembly of the bearing and
for the case that pressure forces are absent, i. e. at
 = 0 rad =s, the height function
possesses a taper-step topography, depicted in Fig. 2.7a. Herein, deformations of the
top foil and deformations of the rotor disk are absent, v3;T = vz = 0 . The �gure shows
the characteristic taper pro�le and the real foil geometry defects, namely the parabolic
shape deviation in radial direction and the extended step width as well as the coating
accumulations at the inner and outer radius. Furthermore, it should be stressed that the
leading edge and the trailing edge have an equal slope in the circumferential direction.
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This is a result of the embossing process during manufacturing and is of high relevance
for the understanding of the upcoming analysis.
A distinct feature of the presented bearing type is the fact that the unloaded height pro�le
of Fig. 2.7a transforms into a taper-land con�guration upon loading, i.e. air �lm pressure
acting on the top foil. The height function H (0) for the loaded case (
 = 120 krpm ) is
depicted in Figure 2.7b. In comparison with the unloaded assembly state of Fig. 2.7a, the
height function here is mainly changed by the large deformations of the top foil, shown in
Fig. 2.7c. Rotor deformations also contribute, but are signi�cantly smaller. The gap height
pro�le (Fig. 2.7b) shows a classical taper-land-type topography, with a converging gap at
�rst and an approximately constant gap height towards the trailing edge. However, at the
trailing edge, the height pro�le converges again right before the beginning of the step.
This behavior�the rising at the trailing edge�is typical for bearings with an annular
top foil. It is caused by the top foil being bent upwards near the trailing edge. It can be
explained as follows:

ˆ In the unloaded, assembled state of the bearing, the top foil contacts the bump foil
only at the �rst bump row due to the initial taper geometry.

ˆ When the bearing is loaded and air �lm pressure pushes the top foil down onto the
bump foil, the top foil is bent at the �rst bump row, cf. Fig. 2.7c.

ˆ In the course of the loading, the top foil deforms further and eventually contacts
the second and the third row of bumps of the bump foil. It should be stressed again
that the bumps are of the same height so that the initial gap between the top and
bump foil is therefore larger at the second and third bump row.

ˆ When the trailing edge is deformed down, the leading edge is also pulled down
by the trailing edge of the adjacent sector. In the simulation model, this e�ect is
achieved via the cyclic coupling of the leading and trailing edge, cf. Eq. (1.13).

ˆ The step is acting as a sti� connector both between the leading and the trailing edge
in terms of the de�ection v3;T as well as for the slope. If the leading edge is pulled
down, the slope has to increase due to the contact to the bump foil. Consequently,
the slope at the trailing edge has to increase as well, causing the trailing edge to
rise.
Note that�due to the high sti�ness of the step�the height di�erence between the
leading and trailing edge is nearly constant (initial value hs).

The upwards bending at the trailing edge is clearly seen in Fig. 2.7c. The load capacity
for the unworn top foil is only W (0) = 7 :5 N with a power loss of P (0)

loss = 51:5 W.

29



Figure 2.8 shows the height function H (i ) , the pressure distribution p(i ) � p0 and the
wear function H (i )

wear for the 3 iteration indices i = f 13; 16; 20g of the wear simulation.
All plots are generated for a rotational speed of 120 krpm and a minimal gap height of
Hmin = 2 � m.
In the height function of the slightly worn state of Fig. 2.8a ( i = 13), only a small peak at
the inner radius near the trailing edge reaches the minimal gap height, while the other
areas possess much larger �lm heights and do not substantially contribute to the pressure
generation. Therefore, the entire wear in Fig. 2.8a occurs at this very spot.
In the following iterations, wear increases further at this spot. Afterwards, additional wear
occurs towards the middle of the sector at the inner and outer radius, cf. Fig. 2.8b and
Fig. 2.8c.
In all 3 iteration steps, the pressure pro�les show an increasing peak at the trailing edge.
The contribution of the remaining sector area to the load capacity is growing continuously
and is most developed in the last wear step of Fig. 2.8c.
Figure 2.9 displays the correlation between power lossPloss in W and thrust force

W in N for the considered bearing, cf. Eq.(1.14) . Results are shown from simulations
and experiments for rotational speeds of120 krpm and 90 krpm. In experiments, these
characteristic curves are recorded after the initial break-in. At a constant rotational speed,
the worn bearing is then subjected to a range of loads of up to100 N. The simulation
results were obtained by choosing di�erent values of Hmin at constant angular velocities

 and using the wear height function H (23)

wear of the 23rd iteration step.
A near linear increase in power loss is observed with a slight bend towards higher power
loss for high loads. The power loss is 50 to80 W higher at 120 krpm in comparison with
90 krpm for the considered load range. For all considered loads and rotational speeds, the
agreement of the results of the numerical simulation and the experiment are good. In the
end, this was achieved by not only incorporating a real top foil topography into the model,
but also accounting for the coating wear that occurs during operation of the bearing.

2.3 In�uence of misalignment on the bearing performance

In paper 3 [3], a full bearing TEHD model is used in order to predict the impact of
misalignment on the bearing performance. In the case without misalignment between
the rotor disk and the bearing, identical pressure distributions across all bearing pads are
observed. In general, the highest pressures are observed in the land region of the pad
with distinct pressure peaks at the contact lines between top foils and bump foils. These
contact lines are marked by black lines in Fig. 2.10. Please note again that the direction of
rotation of the rotor disk in the displayed views is counter-clockwise (positive z-direction).
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Abbildung 2.8: Wear simulation series showing the height function (left), the pressure
distribution (center), and the wear function Hwear. Rotational speed is
120 krpm and minimal gap height is Hmin = 2 � m.
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When the misalignment angle is increased, the rotor disk tilts towards the lower half of the
bearing (negative y-direction). For comparability, all simulations were carried out with a
constant minimal air gap height. All six bearing pads show a spot where this minimal gap
height is observed while no misalignment is applied. For the case with misalignment, the
minimal gap height is only reached on the bottom left pad in Fig. 2.10. It is interesting
to notice that�by contrast to rigid thrust bearings�the compliant foil thrust bearing
can compensate a portion of the misalignment. This is why the bearing pads in the top
half of Fig. 2.10 still show signi�cant pressure buildup. For the case of Fig. 2.10 with
� mis = 3 � 10� 4 rad, the pad with the highest load generates two times as much load
capacity as the least loaded pad on the top right. However, the overall load capacity of the
bearing is very similar with a value of 55 N at a rotational speed of 100 krpm at a minimal
gap height of 5 � m when compared to results without misalignment. Figure 2.11 shows
the thrust load over the misalignment angle � mis. For the investigated misalignment angle
range, the thrust load is nearly constant. Simultaneously, through the uneven loading of
the bearing, the exerted power loss increases by approximately6:5% to 164 W.
Short remark on the misalignment angles displayed in this manuscript: A misalignment
con�guration with � mis = 1 � 10� 4 rad and � mis = 0 rad refers to a maximum misali-
gnment of 3µm at the outer radius of the thrust bearing.
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3 Conclusions

This synopsis presents the summary and synthesis of the publications that are part of
this thesis. The global scienti�c problem lies in the analysis and optimization of air foil
thrust bearings with single-foil and multi-foil design. With the use of detailed thermo-
elasto-hydrodynamic fully coupled �nite element models, heat transfer mechanisms, load
generation and bearing failure have been studied extensively for both designs. The models
take into account thermoelastic deformations of the rotor, heat transfer in the rotor com-
bined with a detailed analysis of heat transfer to the rotor surroundings (either based on
CFD analysis or on a transitional FE �ow analysis), air �lm temperature with a 3D energy
equation, air �lm pressure with a 2D compressible Reynolds equation, elastomechanic
deformations of top and bump foil via a nonlinear shell model including contacts, heat
conduction in the top foil, and the heat transfer through the bump foil and into the base
plate.
It is evident that foil thrust bearing optimization has to take into account thermal mana-
gement due to the high power losses and the resulting heat generation within the bearing.
One of the main mechanisms for performance reduction lies in the thermally induced
bending of the runner disk. Hot temperatures at the loaded bearing side in combination
with a cooler, unloaded bearing or secondary side cause axial temperature gradients in
the disk which in turn cause thermo-elastic deformations (thermal bending). Although
these deformations may be partly compensated by the compliance of the foil bearing,
they often cause performance degradations up to bearing failure (thermal runaway). The
most popular approach to reduce this e�ect is the introduction of a forced cooling �ow
underneath the top foil. However, this means that an additional expenditure in pressurized
air has to be spent which reduces overall machine e�ciency. Furthermore, the machine
design gets more complex due to the integration of cooling channels. In this thesis, di�e-
rent ways of reducing or compensating the thermally induced bending deformations are
illustrated. Firstly, choosing an alternative foil material with bene�cial properties such as
high thermal conductivities will reduce the thermal resistance of the foil sandwich and
in turn increase the amount of heat that can be conducted into the base plate. The more
heat enters the base plate through the foil sandwich, the less heat enters the runner disk
so that thermo-elastic bending deformations can be reduced signi�cantly. Even compared
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to the impact of typical forced cooling �ows, it has been shown that the impact of an
optimized foil material is still marked.
A second approach lies in the use of disk bending compensating mechanisms based on cen-
trifugal e�ects. Small changes in the runner disk design may be used to exploit centrifugal
forces acting on the runner disk in order to generate deformations opposite to the thermal
bending deformation. The considered approaches include asymmetric rotor disk mass
distributions (the resulting centrifugal force does not act along the rotor disk centerline,
therefore causing a bending moment for the rotor disk), recesses or asymmetrically placed
radii or notches at the base of the rotor disk, isolation layers or cuts to reduce the axial
temperature gradient and reduce thermal bending, and di�erent materials (with di�erent
densities or thermal expansion properties) for dual-material rotor disks (making use of
centrifugal and thermal expansion e�ects).
The signi�cance of the individual design changes varies, the overhung mass possesses the
highest impact. Based on these compensating design changes, an optimized design shows
a markedly improved load capacity with increases of up to 40%.
For single-foil thrust bearings with an annular top foil, bearing behavior has to be analyzed
using a cyclic coupling approach for a single bearing sector. This approach makes use of
the cyclic symmetry of the bearing, enabling bearing parameter changes with feasible
computation times. Based on an in-depth analysis of the bearing behavior in combination
with experimental testing, two main model improvements were identi�ed. Firstly, the real
top foil geometry was investigated in measurements. It was found that the real geometry
of the top foil deviates markedly in 3 main ways in comparison to the ideal geometry:
As a result of the embossing process of the top foils, a parabolically shaped geometry as
well as an extended, non-vertical step of the metal top foil are observed. Furthermore, a
non-homogeneous coating distribution with accumulations at the inner and outer radius
of the bearing sector are found. Secondly, a wear algorithm has been developed and
implemented in order to take into account the coating wear. The quasi-static, iterative
wear routine for the contact wear of the (hard) rotor disk and the (soft) top foil coating is
able to predict wear states of the top foil coating. The height function is corrected by a
wear height function representing the amount of abraded PTFE coating.
For the maximum operating point with a thrust load of 100 N at a rotational speed of
120 krpm, a wear series has been showcased. The resulting wear from the model matches
experimentally observed wear patterns. Furthermore, the bearing performance is analyzed
in detail with the resulting wear pattern. A good agreement with performance data from
the test rig with regard to a characteristic power loss curve over the thrust load is observed.
Thrust bearings with an annular top foil and embossed height pro�le can only be ana-
lyzed when wear is taken into account. Moreover, the real top foil geometry is of key
importance in the analysis. Otherwise, numerically obtained load capacity and power loss
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are signi�cantly decreased in comparison with experimental data. The coating wear is
bene�cial and leads to a signi�cantly improved bearing performance.
As a last aspect of foil thrust bearing analysis, it is shown that misalignment causes an
uneven distribution of the load onto the bearing pads. This study was carried out with a
multi-foil bearing design. By contrast to the reduced investigations which consider symme-
tric conditions and analyze a single bearing pad, only the presented fully coupled approach
considering all individual pads is appropriate for TEHD simulations with misalignment.
The detailed model allows for the investigation of foil thrust bearings under misalignment
conditions in great depth. Results indicate that, for the presented misalignment cases, the
compliant foil thrust bearing was able to compensate and still show similar load capacities.
As a downside, the power loss of the thrust bearing is increased due to the uneven loading.
The computational e�ort for each simulation is highly increased when compared to a
model with a reduced approach considering only a single bearing pad. With this level
of model complexity, an extensive parameter variation for geometrical dimensions is no
longer possible.
For future studies, the aspect of real foil and bearing geometries could be investigated
for multi-foil bearings. Moreover, wear studies might also advance the research not only
for multi-foil thrust bearings, but also for journal bearings. It is expected that the impact
of top foil coating wear is also prominent for journal bearings with regard to the initial
run-in, but also for lifetime analysis.
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Thermal Optimization of Air Foil
Thrust Bearings Using Different
Foil Materials
Air foil bearings are used in turbomachinery applications with high speeds and in oil-free
environments. Their numerical analysis has to account for the multiphysicality of the
problem. This work features a detailed thermo-elasto-hydrodynamic model of an air foil
thrust bearing with bump-type foil-structure. The bearing geometry is designed to
produce a high load capacity while maintaining thermally stable conditions. The presented
model considers foil deformations using a Reissner–Mindlin-type shell theory. Dry friction
(stick-slip approach) between the top foil, the bump foil, and the base plate is taken into
account in the model. Reynolds equation from the lubrication theory is used to study the
hydrodynamic behavior of the air� lm. A thermal model of the lubricating gap, the foil sand-
wich, and the rotor disk including heat� uxes into the rotor and the periphery as well as a
cooling � ow on the backside of the rotor disk are presented. Elastic deformations of the
rotor disk due to centrifugal effects are calculated; deformations caused by temperature
gradients are investigated as well. In air foil thrust bearings, very high temperatures are
often observed and a forced cooling� ow through the foil sandwich has to be applied.
Using a cooling� ow by applying a pressure difference between the inner and outer
radius of the thrust bearing has several drawbacks: the additional cooling� ow reduces
the overall ef� ciency of the machine and requires additional constructive measures. In
this work, a passive cooling concept is analyzed, where the typical steel foils are replaced
with other materials, which have a signi� cantly higher thermal conductivity. The simulation
results show that the bearing temperatures can be reduced markedly (up to 70 °C in the con-
sidered test case) by this approach.[DOI: 10.1115/1.4047633]

Keyword: heat transfer and� lm cooling

1 Introduction
Air foil bearings have been developed for the use in air cycle

machines starting in the 1960s [1]. High reliability combined with
high-speed operation among many other advantages secure their
success even though they show comparably low load capacities.
Furthermore, high frictional resistances and signi� cant wear
during start and stop phases are observed [2].

For the air foil thrust bearing (AFTB), optimizing the load capac-
ity while maintaining compliance for compensation of misalign-
ment and, more importantly, limiting the temperatures that are
stressing the rotor disk as well as the foils and their coating is the
most important task. Experimental tests are very useful for valida-
tion, but too costly for bearing optimization. Therefore, powerful
and accurate theoretical models were developed by different
authors, e.g., in Refs. [3–6]. This paper features a fully coupled
elasto-thermo-hydrodynamic (ETHD) model of an AFTB [7,8]
which has been validated by experiment.

In practice, the AFTB is integrated in the stationary housing
facing a disk which is part of the rotor. The AFTB possesses a
base plate on which multiple bump foils are mounted. The latter
are covered with� at and coated top foils. The bumps of the
bump foils are manufactured with increasing height, introducing a
converging gap between top foil and runner disk. As the rotor
disk starts to rotate, air is sucked into the wedge-shaped lubricating
gap. This causes a pressure distribution that eventually can carry the
axial loads acting upon the rotor system. For lower speeds, dry fric-
tion occurs so that top foil and rotor coatings are used [9].

In comparison to rigid air bearings, foil air bearings show lower
load capacities due to nonuniform bump foil deformations and foil
sagging effects. On the other hand, they are able to compensate for
misalignment and centrifugal or thermal growth of the runner disk
[10].

This paper gives an overview of the underlying model and dis-
cusses the thermal optimization of the bearing by using foil materi-
als with higher thermal conductivity.

2 Multiphysics Model
For the modeling of an AFTB, physical equations from three dis-

ciplines are used (see Fig.1), namely,

(1) thermo-elasticity (deformations of the top and bump foils and
of the rotor disk),

(2) hydrodynamics (pressure distribution in the lubricating gap
and� ow in the cooling region), and

(3) thermodynamics (temperature of top foil, lubricating gap,
cooling� ow region (CFR), radial gap, rotor and rotor disk).

In the following paragraphs, the main modeling equations for all
important components of the bearing are described. Figure1 gives
an overview over the bearing components, the model equations and
the main heat� ow paths. The governing partial differential equa-
tions (PDEs) are discretized using� nite elements (FEs). The result-
ing nonlinear FE model has approximately 425,000
degrees-of-freedom for which stationary studies are carried out.
Due to symmetry (misalignment of the rotor disk is not considered
here), only one of the altogether six pads has to be investigated. The
investigated rotor-bearing system has the following main parame-
ters: rotor diameterdR= 27 mm, disk radiusrD = 31 mm, disk thick-
nesstD = 4 mm, inner top foil radiusr i = 15 mm, outer top foil
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radius ro = 30 mm, and maximum rotational speed� max=
120 krpm.

2.1 Top and Bump Foils

2.1.1 Elasto-Mechanics.While the base plate of Fig.1 is
treated as a rigid body, deformations of the thin bump and top
foils due to pressure forces can not be ignored. The governing equa-
tions used in the current model for the foil deformations originate
from the Reissner–Mindlin shell theory [11].

The deformations of the shell are described via the deformations
vi (i = 1, 2, 3) of the shell middle surfaceF in�i1-,�i2-, and�i3-direction
and the two rotationsw� with � = 1, 2 of the normal� bers.

The external forces�p = p� �a� + p3�a3 and the internal force vari-
ables�n� = n�� �a� + q� �a3 and �m� = m�� �a3 × �a� with the stress resul-
tant tensorn�� , the transverse shear stressq� and the moment tensor
m�� are connected via the equilibrium equations

� p� = n�� |� � q� b�
� (� = 1, 2), � p3 = n�� b�� + q� |� ,

0 = m�� |� � q�
(1)

Figures2(a) and2(b) give an overview over the used coordinate
system, metrical properties of the shell and force variables [11].
Inserting the metrical and curvature properties of the shell (top or
bump foil) into Eq.(1) and utilizing constitutive equations from
linear elasticity,� ve differential equations are obtained to solve
for the� ve unknown deformations.

Note that Young’s modulus of the materials is assumed to
decrease linearly with temperature. The top foil is a� at metal
plate and is described by the deformationsviT (i = 1, 2, 3) and
w� T (� = 1, 2). The bump foil geometry is more involved. It consists
of several corrugated strips with a pattern of bumps, roundings, and
connecting bridges, see Fig.3(c). Each bump arc possesses a spe-
ci� c height which induces a wedge-shaped height pro� le for the
overlying top foil as shown in Fig.3(b). Deformations of the
bump foils are described byviB (i = 1, 2, 3) andw� B (� = 1, 2).

Boundary conditions and coupling
While the bump foils are� xed on their respective trailing edge

(left side in Fig.3(b)), the top foil has its trailing edge� xed as
seen in Figs.3(a) and3(b). In order to� x the top foil while sustain-
ing compliance a small region without pressure load is added next to
the taper region. For the detailed derivation of the formulations and
description of the geometry, the interested reader is referred to Refs.
[7,12]. The normal contact forceFN between bump and top foil on
the one hand and bump foil and base plate on the other hand are

both implemented using a penalty formulation,FN = c� v3, c= 1 ×
1011 N/m being the penalty stiffness, and� v3 is the penetration
depth. The tangential behavior between top and bump foil is
modeled via a stick-slip approach (regularized Coulomb friction,
cf. Ref. [13]), FT� = � · step(� v� )FN(|� v� |/

������������
� v2

1 + � v2
2

�
)�i� , (� = 1,

2), whereFT� is the tangential force in the two directions�i1 and
�i2, � v� = v� T � v� B, � is the friction coef� cient (� = 0.1 in this
work), andv� is the tangential de� ection in the directions�i1 and
�i2. The functionstep(·) describes a sign function where the sharp
jump has been smoothed out over a small transition zone. This
approach can also be adapted to the contact between bump foil
and base plate. Thus, the foil sandwich is represented as a 2D non-
linear structural shell model (nonlinearity due to contact).

Fig. 1 Overview: model components and equations

Fig. 2 (a) Metrical properties and ( b) force variables
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2.1.2 Thermodynamics.For the top foil temperatureTT, a 2D
energy equation

� � TtT� TT = qT,in + qT,out (2)

with thermal conductivity� T, thicknesstT and heat� uxesqT,in =
� LG(� TLG/ � z)

� � �
�
z=� h andqT,out = qb at the contact lines andqT,out

= qc everywhere else is solved.

Boundary conditions and coupling
Over the whole top foil, an incoming heat� ux from the lubricat-

ing gapqT,in is calculated with air conductivity� LG and temperature
TLG from the lubricating gap. A possible cooling heat� ux originat-
ing from active coolingqc= � � C (TT � T0) with heat transfer coef-
� cient� C can be implemented as well (cooling air temperatureT0).
Heat conduction from the top foil into the base plate is modeled as
an outgoing heat� ux qb = � 2/Rth(TT � TBase) at the contact lines
between top and bump foil, visible in Fig.3(d). Herein,Rth= RTB,

air + Rbump+ RBb,air is the thermal resistance of a half bump arc
composed of the thermal contact resistance between top and
bump foil RTB,air, thermal conduction resistance of the half bump
arc Rbump and the contact resistance between bump foil and base
plateRBb,air, cf. [14]. The leading edge of the top foil is assumed
to have the same temperature as the air in the LG at the inlet
(Fig.4(b)). On the remaining three boundaries, a zero heat� ux con-
dition is imposed. Note that the in� uence of the pressure acting
upon the foil sandwich is of subordinate importance for the
thermal contact resistances [7].

2.2 Lubricating Gap

2.2.1 Hydrodynamics.Using the generalized Reynolds equa-
tion of lubrication theory [15,16] combined with an averaging
approach [4,17] for the temperatureTLG, a simpli� ed Reynolds
equation in 2D cartesian coordinates is obtained to calculate the
pressure distributionp(x, y) in the lubricating gap with height
pro� le h(x, y):

�
� x

� (p, Tm)h3

12� (Tm)
� p
� x

� �
+

�
� y

� (p, Tm)h3

12� (Tm)
� p
� y

� �

=
�
� x

� (p, Tm)Uh
2

� �
+

�
� y

� (p, Tm)Vh
2

� �
(3)

Herein,� is the density,� is the dynamic viscosity, andU andV are
the velocities of the runner disk inx- andy-direction, respectively.
The Reynolds number of the� ow can be estimated by Re�
� maxrohmin� / � < 100 with hmin= 5 � m. The gap height is

calculated as

h(x, y) = hnom + dmis + v3T + vzD (4)

wheredmis is a term from rotor disk misalignment (neglected in this
study).v3T is the top foil deformation (perpendicular to the gap).vzD
is the thermo-elastic deformation of the rotor disk perpendicular to
the gap. This deformation is mainly generated by centrifugal effects
and temperature gradients in thez-direction (thermally induced
bending of the disk), see Eq.(8). The nominal gap heighthnom is
de� ned by the height pro� le of the bumps (bumps are approxi-
mately 500� m high) which is linearly decreasing forx> xland:
hnom(x) = h2 + m(x� xland) (taper region with slopem, see
Fig. 3(d)) and constant forx � xland (land region):hnom(x) = h2.
Figure 5 shows the iterative procedure of the simulation. The
parameterh2 is updated until a prescribed minimal gap height of
5 � m is achieved.

Boundary conditions and coupling
Ambient pressurep0 is assumed at the boundaries, cf. Fig.4(a).

As the density and viscosity of air are dependent on temperature
(and pressure), they are evaluated at a mean temperatureTm:

Tm(x, y) =
1

h(x, y)

	 h

0
T(x, y, z) dz (5)

2.2.2 Thermodynamics.For the temperature calculation in the
lubricating gap, the 3D energy equation (without external heat
source terms) is solved:� (D	 / Dt) = � div �q + S· � �u. The speci� c
internal energy	 for ideal gases is related to the temperature by
the isochoric speci� c heat capacitycV via D	 = cVDT. The bound-
ary heat � ux is �q = � � � T from Fourier’s law with thermal
conductivity � . The Cauchy stress tensorS= � pI + T with T =
2� D � 2

3 � tr(D)I for a Newtonian material law is used. Herein, the
rate of strain tensor is de� ned asD = 1

2 � �u + � (�u)T� �
with the

� uid velocity vector �u = (u, v, w)T. If the continuity equation
D� / Dt + � div �u = 0 for the density� and the correlationsp =

(a) (b)

Fig. 4 (a) 2D pressure region and ( b) 3D lubricating gap for cal-
culating TLG

Fig. 5 Flowchart of gap height iteration

(a) (b)

(c)

(d)

Fig. 3 (a) AFTB with six pads, ( b) sectional view, ( c) bump sec-
tions, and ( d) view of single top foil pad
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� RspecTLG andcV = cP � Rspecfor an ideal gas with the speci� c gas
constantRspecand the isobaric speci� c heat capacitycP are used,
the energy equation reads as� cP(DT/ Dt) = � k� T( ) +
( p/ � )(Dp/ Dt) + T · � �u. A magnitude of order analysis allows for
the following simpli� cations: (1) pressure gradient� p/� z� 0, (2)
velocity gradients other than those inz-direction (� u/� z and� v/� z)
are omitted, and (3) planar diffusion (x- andy-direction) and vertical
convection (z-direction) are neglected. Finally, the energy equation
used for calculating the temperatureTLG(x, y, z) in the air� lm is

� LGcP,LG u
� TLG

� x
+ v

� TLG

� y

� �
=

�
� z

� LG
� TLG

� z


 �� �
+ u

� p
� x

+ v
� p
� y

� �

+ � LG
� u
� z


 � 2

+
� v
� z


 � 2
� 


(6)

Boundary conditions and coupling
At the interfaces, the temperatureTLG is coupled to the top foil

and the rotor disk via interface conditions, i.e., temperatures and
heat� uxes are assumed to be equal, cf. Fig.4(b). At the inlet bound-
ary of the lubricating gap, the temperature is assumed to be the same
as the rotor disk temperature. This assumption has been shown to be
a good approximation, see Refs. [7,8]. As the energy Eq.(6) is
solved in the 3D cartesian region of Fig.4(b) and the rotor disk is
assumed to show axisymmetric behavior (r–z-region as in Fig.1),
the boundary heat� ux qLG,D(x, y, z= 0) in the lubricating gap at
the interface to the rotor disk is transformed and averaged over
the circumferential coordinate
 :

qLG,D(r) =
1

r
 max

	 
 max

0
� � LG

� TLG

� z

� � �
�
�
�
z=0

r d
 (7)

Note that
 max describes the extension of the lubricating gap in cir-
cumferential direction. The other three boundaries of the lubricating
gap are assumed to be adiabatic (zero� ux).

2.3 Rotor Disk and Rotor

2.3.1 Thermo-elasticity.Radial and axial deformations of the
rotor disk are calculated based on the Navier-Lamé equations [18]
with an account for thermal stresses. Assuming an axisymmetric
stress distribution in the rotor and the disk, the equilibrium equa-
tions in radial (r-) and axial (z-)direction are as follows:

� � rr

� r
+

� � rz

� z
= � fr �

� rr � � ��

r

� � rz

� r
+

� � zz

� z
= � fz �

� rz

r

(8)

� ij are the components of the stress tensor andfi are the external
forces. With the assumption of small deformations and the constitu-
tive equations for a linear elastic, homogeneous, isotropic material,
the stresses can be expressed as [19]

� rr = 
 1
 2
� vrD

� r
+

vrD

r
+

� vzD

� z


 �
+ 
 1

� vrD

� r
� 
 3

� �� = 
 1
 2
� vrD

� r
+

vrD

r
+

� vzD

� z


 �
+ 
 1

vrD

r
� 
 3

� zz= 
 1
 2
� vrD

� r
+

vrD

r
+

� vzD

� z


 �
+ 
 1

� vzD

� z
� 
 3

� rz =
ED

2 1+ � D( )
� vrD

� z
+

� vzD

� r


 �

(9)

with 
 1 = ED/ 1 + � D( ), 
 2 = � D/ 1 � 2� D( ), and 
 3 =
ED� D� TD/ 1 � 2� D( ). Herein, � D and ED are Poisson’s ratio and
Young’s modulus of the disk material,vrD andvzD are the radial
and axial deformations of the disk,� D is the thermal expansion

coef� cient, and� TD is the temperature difference between the
disk temperature and the reference temperatureT0. Inserting Eq.
(9) in Eq.(8) yields the two governing partial differential equations
for vrD(� TD, � ) andvzD(� TD, � ).

Boundary conditions and coupling
The disk and rotor boundary is assumed to be stress-free.

2.3.2 Thermodynamics.The temperature of the rotor disk
TD(r, z) is calculated with the energy equation

�
� r

� Dr
� TD

� r

� �
+

�
� z

� Dr
� TD

� z

� �
= 0 (10)

Herein,� D is the thermal conductivity of the disk.

Boundary conditions and coupling.
The temperature boundary conditions are shown in Fig.6. At the

dashed boundaries, zero� ux conditions are applied. At the dotted
boundaries, interface conditions (same temperature and heat� ux)
to the adjacent regions are used.

2.4 Cooling Flow Region.At the backside of the rotor disk,
the disk rotation causes an air� ow. The heat� ux that leaves the
disk is calculated from the temperatureTC(r, z) in the cooling
region which is obtained from the energy equation (assuming axi-
symmetry):

�
� z

� C,eff
� TC

� z

� �
= � CcP,C uC

� TC

� r
+ wC

� TC

� z

� �

� � C � C + � CT( )
� uC

� z


 � 2

+
� vC

� z


 � 2
� 


(11)

Here, � C,eff is an effective thermal conductivity according to
Ref. [20], � C is the density,cP,C is the isochoric heat capacity,
and� C and� CT are the kinematic viscosity and the turbulent kine-
matic viscosity according to Cebeci and Smith [21]. The velocity
� eld consisting of the radial velocityuC, the circumferential veloc-
ity vC and the velocitywC in thez-direction is calculated from the
boundary layer equations for steady incompressible axisymmetric
� ow (neglecting a radial pressure gradient), see Ref. [21].

Boundary conditions and coupling
The CFR is coupled to the rotor disk via temperature interface

conditions. The radial boundaries are assumed to be adiabatic,
while the axial boundary is assumed to be at ambient temperature
T0, cf. Fig.6.

2.5 Radial Gap. In the radial gap between the rotor disk and the
housing, the disk rotation also causes an air� ow. It is assumed to be
laminar with purely circumferential� ow (Couette� ow) and with lin-
early decreasing velocity over the radial coordinate (disk speed at the
inner boundary, zero speed at the outer boundary). This simple

Fig. 6 Rotor disk boundaries and interfaces
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assumption is made as the initial gap widthtRG is 200� m and
decreases below 100� m at high rotational speeds due to centrifugal
effects. The estimated maximal Reynolds number for the� ow is
Re� � rDtRG� / � � 700� 800. Thus, the 2D energy equation

�
� r

� RGr
� TRG

� r

� �
+

�
� z

� RGr
� TRG

� z

� �
= � r� RG

� rD

tRG

� � 2

(12)

including dissipative heating is solved to obtain the temperature
pro� leTRG(r, z) in the radial gap. In Eq.(12), � RG is the thermal con-
ductivity,� RG is the dynamic viscosity of air in the gap,rD is the disk
radius, and thetRG is the gap width with account for disk deforma-
tions.

Boundary conditions and coupling
The radial gap is coupled to the rotor disk via temperature inter-

face conditions. The axial boundaries are assumed to be adiabatic,
while the outer radial boundary is assumed to be at ambient temper-
atureT0, cf. Fig.6.

3 Simulation Method, Parameters, and Discretization
Through dissipation, high temperatures occur in the lubricating

gap owing to the high circumferential velocity of the rotor disk.
This heat is mainly� owing into the foil sandwich on the one
hand and into the rotor disk on the other hand which leads to ther-
mally induced bending of the rotor disk. These deformations reduce
the load capacity of the thrust bearing.

In order to reduce this effect, the heat� ow into the foil sandwich
can be increased. The� rst and widespread method is introducing a
radial cooling� ow under the top foil that decreases the top foil tem-
perature and at the same time reduces the heat� ux into the rotor
disk. This has a positive effect on the load capacity, cf., Refs.
[14,22]. The approach of the current study is to decrease the
thermal resistance of the foil sandwich by introducing alternative
materials for the bump and top foils (typically, a superalloy-like
INCONEL® X-750 is used). Due to dynamic loads, spring materials
are typically utilized which need to have speci� c properties: high
bending fatigue strength, high tensile strength and resiliency.

If alternative materials are to be considered for the bump and top
foils, their maximum operation temperature needs to be higher than
the bearing operation temperature as well. With increasing tempera-
ture, metals suffer from a weakening of the above-mentioned proper-
ties and may experience effects like creep which are to be avoided
[23]. For high-temperature applications as in Ref. [24], only speci� c
steels are contemplable. For lower temperature applications, the use
of other materials with signi� cantly higher thermal conductivities,
albeit with lower maximum operation temperatures, can become
interesting.

Therefore, a comparison is drawn here between INCONEL® X-750
(Material A), DURACON® 17A (Material B), and CuNi1Si (Material
C) as foil materials. The important material parameters are Young’s
modulus at room temperatureEA,0= 210 GPa, EB,0= 180 GPa,
EC,0 = 147.5 GPa, Poisson’s ratio � A = � B = 0.3, � C = 0.325,
thermal conductivity � A = 12 W (m K)� 1, � B = 55 W (m K)� 1,
� C = 250 W (m K)� 1, top foil thickness tT,A= 100� m, tT,B=
105.3� m, tT,C= 112.5� m, and bump foil thicknesstB,A= 75� m, tB,

B= 79� m, tB,C= 84.4� m. To make up for the lower Young’s
modulus of the different materials, the foil thicknesses are increased
accordingly to create equal bending stiffnesses at room temperature.
The increased foil thickness alongside the higher thermal conductivity
contribute to a lower thermal resistance.

The parameters for the rotor disk are� D = 12 W (m K)� 1,
� D = 0.3, andED = 210 GPa.

The model has been discretized as follows: bump foil (960 ele-
ments), top foil deformation (1233 elements), pressure and top foil
temperature (1269 elements), lubricating gap (3384 elements),
rotor and rotor disk temperature and deformations (688

elements), cooling� ow region (3510 elements), and radial gap (96
elements). Fifth-order elements are chosen for calculating the shell
deformations of top and bump foil in order to prevent shear locking
effects. The nonlinear fully coupled FE model is solved by a
Newton–Raphson method combined with a direct solver
(MUMPS). A stationary calculation for a maximum rotational
speed of 120 krpm in increments of 10 krpm using the underlying
FE model takes approximately 5 h of computation time on a local
computer (Win7, Intel i7 3.4 GHz with 12 logical cores, 64 GB
RAM).

4 Simulation Results
Figure7 shows the maximum top foil temperature increase� TT

over the rotational speedN for all three foil materials. With increas-
ing rotor speed the maximum top foil temperature increases signi� -
cantly due to heat accumulation in the lubricating gap. It should be
mentioned that for the presented study, the minimal lubricating gap
height is iteratively adjusted to 5� m.

For a rotor speed of 120 krpm, the top foil has a maximum temper-
ature increase of 250 K for Inconel foils. Choosing a high-conductive
material, this temperature rise can be signi� cantly lowered to around
206 K for Duracon foils or to 182 K for CuNi1Si foils which is a
reduction of 17% and 27%, respectively. Figure8 shows the top
foil temperature increase for all three foil materials. The top foil tem-
perature is the hottest at the trailing edge (left side) which is caused by
the wedge-shaped lubricating gap. Temperature minima are
observed along the contact lines with the bump foil which are
visible as distinct vertical lines in the temperature pro� le. For

Fig. 7 Maximum top foil temperature increase � TT for different
foil materials over the rotational speed N

(A) (B)

(C)

Fig. 8 Top foil temperature increase � TT for the different foil
materials A, B and C
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materials B and C, the top foil temperature indicates that the heat
accumulation in the lubricating gap is signi� cantly reduced.

The main idea of changing the foil material is reducing the thermal
resistance of the foil sandwich and therefore lowering the heat� ux
into the disk. Figure9 shows the ratio of the heat� uxesQD (heat� ow
from the lubricating gap into the rotor disk) andQT (heat� ow into
the top foil) over the rotational speed for materials B and C with
regardtofoilmaterialA.Thereducedthermalresistanceofthefoilsand-
wichallowstheheat� uxthroughthefoils tobesigni� cantlyhigher.For
increasing rotational speeds, the ratiosQT,B/QT,A and QT,C/QT,A
increase over the rotational speed as the dissipative heating and thus
the gap temperature rise. For material B, this ratio is between 130%
and nearly 180%, for material C between 140% and 220%. The
ratiosQD,B/QD,A andQD,C/QD,A of heat that enters the disk decrease
to70–85%of the referencecase formaterialBand to55–75%formate-
rialC.Theratiosof the twomainheat� owpaths throughthetop foiland
thediskaredisplayed bydotted lines. Even for themaximumrotational
speed,withfoilmaterialC,there isalmostasmuchheat� owingthrough
the foil sandwich as into the disk. Figure9 shows the cause of the
improved performance of the bearing with alternative foil materials.
The heat accumulation is reduced due to higher heat conductivity and
higher absolute heat� uxes in comparison to material A. Moreover, a
larger fraction of the heat passes through the foil sandwich. As a
result, disk temperatures are signi� cantly reduced.

Figure10 depicts the 2D rotationally symmetric temperature of
the rotor disk for all three foil materials. The lubricating gap (LG)
is located adjacent to the right side of the disk where the highest
temperatures occur. Part of the heat is conducted into the rotor,
the radial gap (RG), and the CFR. The disk temperature pro� les
are similar, but the temperature is reduced by around 20 to 30 K
for material B and 40 to 50 K for material C.

This also implies a reduction of thermally induced deformations
of the rotor disk as shown in Fig.11(a). The axial rotor disk defor-
mationsvzD are visibly lower for foil materials B and C. The graph
in Fig.11(b) shows the axial deformation along the right edge of the
disk (dashed line in Fig.11(a)) for the radial coordinater, ranging
between the inner disk radiusr i and the outer disk radiusro. This
side of the disk is adjacent to the lubricating gap. Therefore, this
deformation is directly in� uencing the lubricating gap height.
Clearly, the disk bends away from the lubricating gap due to the
axial temperature gradient. The highest deformations are observed
at the outer radius. With different foil materials, the rotor disk defor-
mations are lowered by up to 30% at the outer radiusro. Thus, ther-
mally induced changes in the lubricating gap height are decreased.
As the pressure generation in the lubricating gap is mainly

determined by the gap height, lower disk deformations result in
an increased load capacity (up to nearly 10% at 120 krpm).

The load capacityW of the thrust bearing is calculated by inte-
grating the 2D pressure� eld in the lubricating gap over the six
pad surfaces. The resulting force is the axial force that acts upon
the rotor disk. Figure12shows the pressure distribution in the lubri-
cating gap (pressure over the atmospheric pressure). As the bump
foil height de� nes the wedge-shaped lubricating gap, the pressure
increases going from the right-hand side(leading top foil edge)
towards the left-hand side (trailing edge). The highest pressures
are observed in the vicinity of the last two bumps of the bump
strips where the lubricating gap height is the smallest. The fact
that two distinct pressure peaks are present is caused by top foil
sagging. This effect is shown in Fig.12. The results for the different
foil materials only show minor differences. The peak pressure for
foil material C is the highest, for foil material A the lowest. This
means higher load capacity, but also results in a slightly increased
top foil sagging, see Figs.4 and13.

Figure14 shows exemplary temperature calculation results for
the CFR and RG region for foil material A at maximum rotational
speed.

Fig. 9 Heat � ux ratios of disk and top foil

(a) (b) (c)

Fig. 10 Disk temperature increase TD � T0 for the different foil
materials A, B, and C

(a)

(b)

Fig. 11 Thermally induced axial deformations vzD of (a) the rotor
disk and ( b) the disk underside for foil material A, B, and C
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Figure15displays the effect of forced cooling (implemented by a
properly chosen constant heat-transfer coef� cient � C, see Sec.
2.1.2) on the maximum top foil temperature increase for all 3 mate-
rials. Even for very high cooling rates, bearings with foil materials
B and C still have visibly lower temperatures.

Figure 16 compares the top foil temperatures of foil material
A and C for heat-transfer coef� cients � C = 200 W (m2 K)� 1 and
� C = 500 W (m2 K)� 1. The forced cooling does not change the qual-
itative temperature distribution signi� cantly. Instead, the overall
temperature level is decreased.

As in real machine applications the ambient temperature around
the bearing is dependent on the overall machine design and opera-
tion parameters, the in� uence ofT0 on the results has also been
studied. In all above studies,T0 = 20 °C was set. Now, forT0 =
100 °C and� C = 100 (500) W (m2 K)� 1, the maximum top foil tem-
perature increase� TT is calculated to 276(200) K for foil material A
and 200(162) K for foil material C at 120 krpm.

5 Conclusion
A detailed thermo-elasto-hydrodynamic (TEHD) model for air

foil thrust bearings (AFTBs) is used in order to study the effect of
different foil materials on the bearing operation temperature. The
detailed bearing model allows for the study of various effects like
top foil sagging or disk distortions. The thermal balance of
AFTBs is known to be one of the critical points in operation and
is also challenging for AFTB simulation. The presented study
showed the signi� cant in� uence of different foil materials on tem-
peratures and on the overall bearing performance. The thermal resis-
tance of the foil sandwich was modeled in detail. Due to the reduced
thermal resistance of the foil sandwich by using different foil mate-
rials, the heat� ux into the foil sandwich can be increased. This
reduces heat� ow into the rotor disk which reduces the axial temper-
ature gradient. It was shown that a high-conductive foil material
does not only lower operation temperatures and the thermally

Fig. 12 Pressure distribution p(x, y) (left) and top foil sagging v3T

(right) for the different foil materials A, B, and C

Fig. 13 Load capacity W per pad for different foil materials over
the rotational speed N

Fig. 14 Temperature increase TRG � T0 in RG and TC � T0 in CFR
at 120 krpm for foil material A

Fig. 15 Maximum top foil temperature increase � TT for different
foil materials over cooling heat transfer coef � cient � C at
120 krpm

Fig. 16 Top foil temperature increase
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induced rotor disk bending, but as a consequence also increases
load capacity (up to 10%). Depending on operation temperatures
of the bearing and additional cooling conditions, the use of high-
conductive foil materials is expected to be advantageous in practical
applications—representing a cost-ef� cient improvement for the
thermal management of AFTBs.
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A B S T R A C T

This article features an Air Foil Thrust Bearing (AFTB) simulation model including wear prediction for a foil
thrust bearing with an annular top foil. The bearing consists of 6 bea ring sectors with independent bump foils,
but possesses a single annular top foil with an embossed height profile. The bearing is analyzed by a detailed
single-sector model utilizing symmetry properties and a cyclic coup ling of the components. The compressible
Reynolds equation and the 3D energy equation are used to obtain fluid film pressure and temperature. The
model further includes thermoelastic deformations of the runner disk, e lastomechanic deformations of the top
and bump foils, and a detailed thermodynamic model of the rotor. A dire ct comparison of simulated and
experimental results shows that top foil wear has to be taken into a ccount in order to match simulated to
measured data. Therefore, a wear algorithm is derived and incorporated into the thermo-elasto-hydrodynamic
simulation model. Furthermore, the manufactured real top foil topolo gy is determined by measurements in
order to obtain in-depth topology information which is also included in t he computation model. Simulation
results with the TEHD model including a detailed surface analysis alongside a wear prediction are confirmed
by measurements carried out on a dedicated test rig.

1. Introduction

Air foil bearings are becoming more popular with the increasing
interest and demand in oil-free machinery. They present a low-cost
and robust alternative to rigid air bearings. However, their ana lysis
and optimization is involved due to the multiphysicality of thermody -
namic, elastomechanic and hydrodynamic (TEHD) equations and their
coupling in the numerical models. In the past, several authors have
presented TEHD models for foil bearing analysis for both journal and
thrust bearings, see e.g. [1� 8]. To this day, the extension of the field
of research is conducted intensively. Incorporating tribological asp ects
in the bearing analysis plays a key role. In [ 9], the authors present
a solution of the Reynolds equation for bearings using a stochastic
roughness approach. Alongside advances in the numerical simulation
of bearings, experimental works�for example on suitable top foil
coatings�are of high value for the optimization of bearing operation,
cf. e.g. [10]. For a more detailed review of the literature, we would like
to refer the interested reader to [ 11,12], for instance.

Hydrodynamic bearings represent tribological systems which make
use of a lubricating fluid film that causes separation between a station-
ary and a moving part. They thus allow for their relative movement

< Corresponding author.
E-mail address: eickhoff@ad.tu-darmstadt.de (M. Eickhoff).

with improved friction and wear behavior. In machine operation, d iffer-
ent lubrication regimes�including boundary and mixed lubrication �
are observed, e.g. for the start-up of a rotor. In tribology, the chang e
and degradation of components under these conditions is a topic of high
interest in research, cf. [13]. The influence of wear on the behavior
of hydrodynamic bearings has been shown e.g. in [14,15]. In foil
bearings, the top foil coating has a huge impact on their performanc e,
see e.g. [16,17]. It is well known that foil bearings undergo a run-in
process in which wear occurs. This wear causes the roughness of the
foil coating to be reduced, imperfections to be decreased and highly
loaded spots to be worn. The following publications give, amongst
others, insight into the details of top foil coating wear.

In 2004, Bruckner [ 18] presented a simulation model as well as
experimental test data for AFTBs. He described that the predicted wear
location of the top foil matches the observed one very well. In his work,
the main wear spot lay in the middle of the top foil pad as a result of
the design of the compliant understructure.

In 2006, Dykas [19] presented his largely experimental studies on
AFTBs. He states that, during the break-in procedure, wear is observed
near the contact points of top and bump foil. Moreover, he concluded
that coatings and their wear can have a significant effect on the

https://doi.org/10.1016/j.triboint.2022.108174
Received 20 June 2022; Received in revised form 5 December 2022; Accepted10 December 2022
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Nomenclature

Operators

� Laplace operator.
( Nabla operator.
min Minimum operator.
ramp Ramp function as defined in Eq. (34).

Vectors

’n Normal vector.
’n l Normal vector of leading edge.
’n in Normal vector of inlet.
’n out Normal vector of outlet.
’n t Normal vector of trailing edge.

Indices

0 Ambient/reference condition.
A Air film.
b Base plate.
B Bump foil.
l Leading edge.
in Inlet surface.
out Outlet surface.
R Rotor.
t Trailing edge.
T Top foil.

Greek letters

� Heat transfer coefficient at outer perimeter of the
disk.

� II Heat transfer coefficient of region II in rotor disk.
� III Heat transfer coefficient of region III in rotor disk.
� IV Heat transfer coefficient of region IV in rotor disk.
� C Heat transfer coefficient of forced cooling and heat

conduction below the top foil.
� R Thermal expansion coefficient of rotor and disk

material.

 � Strain variable in shell theory.

 R Lamé constant of rotor and disk.
�h coat Amplitude of top foil coating accumulations.
�v 3 Penetration depth, relative normal displacement of

contact partners.
�v tan Relative tangential displacement of contact partners.
� wear Wear height increment.
� R Thermal expansion parameter of rotor and disk.
� Air viscosity.
� �� Strain variable in shell theory.
� Thermal conductivity of air.
� EP Thermal conductivity of air in the EP bearing gap.
� R Thermal conductivity of rotor and disk material.
� T Thermal conductivity of top foil material.

bearing load capacity. In one test case, the coated top foil showed a
load capacity more than twice as high as for the uncoated top foil.
This is caused by the favorable wear pattern which decreases the
well-known top foil sagging effect. While the top foil sags between t he
bump supports due to the air pressure, the narrowest gaps are found
at the bump support lines. In these areas, wear is observed, partly
compensating the top foil sagging.

� R Shear modulus of rotor and disk.
� Poisson's ratio of top and bump foil.
� Air density.
� R Density of the rotor and disk.
� rr Radial component of thermomechanical stress in

rotor and disk.
� rz Cross-coupling component of thermomechanical

stress in rotor and disk.
� zz Axial component of thermomechanical stress in

rotor and disk.
� �� Circumferential component of thermomechanical

stress in rotor and disk.
' �� Strain variable in shell theory.
' Circumferential coordinate.

 Angular velocity of the rotor.

Latin letters

a�� Contravariant metric tensor in shell theory.
Ain Inlet surface of air film sector.
Amf Bearing area of multi-foil bearing.
Aout Outlet surface of air film sector.
Asec Sector area.
Asf Bearing area of single-foil bearing.
B Bending stiffness.
b�

� Curvature tensor in shell theory.
c Penalty stiffness of normal contact of top foil/bump

foil/base plate.
cp Isochoric heat capacity of air.
D Stretching stiffness.
dgap Gap height of EP bearings.
E Young's modulus of top and bump foil material.
ER Young's modulus of rotor and disk.
Fn Normal contact force.
f r Radial force due to centrifugal effects.
Ftan Tangential contact force.
G Shear modulus of the rotor and disk material.
Gt Shear stiffness of top and bump foil.
H Air film height.
H .i / Air film height in the i th wear iteration step.
H ���� Elasticity tensor.
hB Height of bump.
H coat Film height deviations due to top foil coating

defects.
H min Minimal air film height.
hpar Amplitude of parabolic shape deviation of top foil.
H par Parabolic shape deviation function of top foil.
hs Height of taper/step.
H shape Film height deviations due to top foil shape defects.

H .i /
wear Wear function for the top foil coating in the i th wear

iteration step.
i Wear iteration counter.
iend Total number of wear iterations.

In 2019, Arghir and Benchekroun [ 20] presented a model for journal
bearings applicable for start-up conditions including the mixed l ubrica-
tion regime. They give boundaries for the operation regime of a bear ing
depending on the respective roughnesses of top foil and rotor disk.

In thrust bearing analysis, the classical multi-foil design is frequently
applied and has been studied in previous works, cf. Refs. [21,22].
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kS Shear correction factor.
m�� Moment tensor of shell theory.
n�� Stress resultant tensor of shell theory.
nsec Number of sectors.
p Air film pressure.
pi External forces of shell theory for i = 1;2;3.
p3

T External force on top foil in 3-direction.
pl Air pressure at leading edge.
Ploss Bearing power loss.
pt Air pressure at trailing edge.
q� Transverse shear stress of shell theory.
qgap Averaged heat flux into the rotor disk from the

lubricating gap.
qT;in Heat flux entering the top foil from the air film.
qT;out Sum of heat fluxes qT;out;� C

and qT;out;Rth
.

qT;out;� C
Heat flux leaving the top foil through forced cooling
and heat conduction in the air gap below the top
foil.

qT;out;Rth
Heat flux leaving the top foil through bump
conduction.

r Radial coordinate.
R Radius of curvature in shell theory.
rD;o Outer rotor disk radius.
r i Inner top foil radius.
rm Mean top foil radius.
ro Outer top foil radius.
Rth Thermal resistance of a half bump arc.
Rbump Thermal conduction resistance of a half bump arc.
RTB;air Thermal resistance of the air gap between top foil

and a half bump arc.
RBb;air Thermal resistance of the air gap between a half

bump arc and the base plate.
t Shell thickness.
T0 Ambient reference temperature.
TA Air film temperature.
TA;in Air film temperature at the inlet surface of the air

film sector.
TA;out Air film temperature at the outlet surface of the air

film sector.
tB Bump foil thickness.
Tbase Temperature of base plate.
tD Thickness of the rotor disk.
TEP Temperature of the air supply in the EP bearings.
TR Temperature of the rotor and disk.
„TR;II Averaged temperature of the rotor disk in Section 2.
Tref Reference temperature of remaining rotor section.
Tm Height-averaged air film temperature.
tT Top foil thickness.
TT Top foil temperature.
TT;l Top foil temperature on leading edge.
TT;t Top foil temperature on trailing edge.
U x-component of disk velocity.
V y-component of disk velocity.
u x-component of air velocity.

This bearing design is displayed in Fig. 2(a) and consists of indepen-
dent sectors. By contrast, in this paper, a multiphysical model and
analysis for air foil thrust bearings with an annular, one-part top foil
is presented [23]. This single-foil design, where the top foil forms a

v y-component of air velocity.
vi Translational deformations of the shell middle sur-

face of top (T) and bump foil (B) for i =
1;2;3.

vr Radial deformation of the rotor and disk.
vz Axial deformation of the rotor and disk.
W Bearing load capacity.
w� Rotational deformations of the shell middle surface

of top and bump foil for � = 1;2.
x Cartesian coordinate.
y Cartesian coordinate.
z Axial coordinate.
„z Transformed axial coordinate for air film sector.
zR Axial position of rotor.

closed and ring-shaped geometry, is displayed in Fig. 2(b). The height
profile of the top foil is embossed in order to create a wedge-shaped
converging lubricating gap. It should be mentioned that, in case of the
classical multi-foil bearing, a taper-land geometry is commonly a pplied,
see right side of Fig. 2(a). The bearing under investigation in the paper
at hand possesses a taper-step geometry, cf.Fig. 2(b). Although this
again makes for altogether 6 sectors, they are fully coupled. In both
bearing designs, the top foils are mounted on independent bump foils.
The single-foil design is advantageous with regard to the number of
parts. By contrast to the multi-foil design, only a single top foil has
to be manufactured, which reduces the system complexity. Also, the
bearing assembly is improved through the single-foil design and the
simpler method of fixation. It also allows for small-scale application s.
Downsides of the single-foil design lie in the occurring non-uniform
wear of the top foil coating and the distinctive deformation profile
of the top foil, the latter causing a suboptimal pressure profile. These
effects are analyzed in detail in Section 3 in this paper. The single-foil
bearing design has the same field of application as the classical multi-
foil design. Appendix C contains a short comparison of the two bearing
designs with regard to their performance.

To the best of the authors' knowledge, these single-foil thrust bear-
ings have not been analyzed and discussed in literature until now. One
study with a single top foil design has recently been presented [24].
However, the discussed bearing design lacks the distinctive embossed
height profile which is innate to the design at hand.

Here, a detailed simulation model for single-foil bearings with
embossed height profile is presented. In contrast to simulations models
for multi-foil bearings, see e.g. [ 25� 28], several modifications and
extensions must be considered here, since the bearing sectors are fully
coupled through the single-part top foil. The new contributions of th is
work are:

ÖA fully coupled TEHD model for stationary simulations for single-
foil AFTBs with an annular, one-part top foil is presented. The
model takes into account

� thermoelastic deformations of the rotor due to thermal
stresses and centrifugal effects,

� a detailed thermodynamic model for the rotor temperature
with a heat transfer model from CFD analysis,

� air film temperature and pressure through a 3D energy
equation and a 2D Reynolds equation, respectively,

� elastomechanic deformations of top and bump foil via a
nonlinear shell model including normal and tangential con-
tact forces,

� as well as a detailed model for the top foil temperature and
the heat transfer through the bump foil and the air gap
between top foil and base plate.
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Fig. 1. Schematic overview of the rotor and the surrounding components: thrust chamber (TC) for applying thrust load (arrow), pelton drive (PD), extern ally pressurized journal
bearings (EP1 and EP2), torque measurement (TM), and the thrust bearing consisting of the base plate, the bump foil, and the top foil.

ÖA direct implementation of the full bearing would require extrem e
simulation times which would not allow for parameter studies
and optimizations. Therefore, a reduction approach is presented
which makes use of the cyclic symmetry. The cyclic coupling con-
ditions for the top foil and the air film are derived and explained
in detail. Of course, misalignment may not be considered in this
case.

ÖA direct comparison of simulation results with measurements
shows large discrepancies. It is observed that significant wear
occurs upon the loading of the bearing, especially for the first
break-in. Therefore, an appropriate algorithm for the simulati on
of wear is derived and incorporated into the model.

ÖThe top foil geometry as well as the coating topology deviate
significantly from their nominal design values. Therefore, the re al
geometry of top foil and coating is included in the model.

ÖWithout the use of the real top foil topology and the consider-
ation of wear, bearing performance cannot be analyzed by the
model. With the extended model, numerical results agree well
with experimental data.

ÖIt is shown in the later sections of this paper that each sector of
the one-part top foil deforms from the initial taper-step geom-
etry into a taper-land configuration under pressure load during
operation.

Unlike the results of Dykas [ 19] where the load capacity was approxi-
mately doubled, for the current foil design, the calculated load capa city
in the numerical model when considering wear is more than 10 times
higher than in the unworn condition.

The paper is organized as follows: In Section 2, the bearing model
is explained in detail. It consists of the model for the rotor, the air fil m,
and the top and bump foil. Furthermore, the manufactured real top f oil
topology is discussed in comparison to the nominal foil geometry, the
developed wear algorithm is presented, and numerical details are given.
Section 3 shows detailed simulation results for the unworn and the
worn state of the bearing as well as for intermediate steps. Conclusions
are summarized in Section4. The appendices contain further simulation
results for different wear stages and load scenarios.

2. Multiphysics model

In this section, the TEHD model for the single-foil AFTB is pre-
sented, showing the governing equations and model assumptions for
each component of the bearing. Table 1 lists the most important
bearing dimensions. The rotor system under investigation as well as
the surrounding components are depicted in Fig. 1. The rotor is driven
by a pelton drive (PD) and is supported by 2 externally pressurized
rigid air bearings (EP1 and EP2). The thrust bearing investigated here,

Table 1
Foil bearing specifications, dimensions and material properties.

Parameter Value Description

r i 14 mm inner top foil radius
ro 27 mm outer top foil radius
hs 145 �m step height
nsec 6 number of sectors
tB 100 �m bump foil thickness
tT 127 �m top foil thickness
hB 254 �m bump height
E = ER 210 GPa Young's modulus
� = � R 0.3 Poisson's ratio
� R 7800 kg/ m3 density of rotor material
� R 10.9E* 6 /K thermal expansion coefficient

consisting of the base plate, the bump foils and the top foil, is also
shown. All these surrounding components are encased in the housing.
Thrust loads can be applied through a thrust chamber at the front fac e
of the rotor in order to test the thrust bearing performance.

Please note that�for alignment purposes and for being able to
measure the friction torque of the foil bearing�the base plate is not
directly connected to the housing. Instead, the base plate is connected
to a gimbal suspension mechanism that can compensate misalign-
ment between the rotor disk and the thrust bearing. Moreover, in
the connection between the base plate and the housing, the relative
torque is measured, which allows for friction torque and power loss
measurements of the test bearing.

During the manufacturing process, the annular top foil is embossed,
resulting in 6 equal sectors. Each sector possesses a curvilinear taper
and a steep, almost vertical step, cf. Fig. 2(b). The embossing line is not
straight in radial direction, but slightly curved, cf. Fig. 3(d). The step
height is denoted by hs, see. Fig. 3(e). The underlying structure of each
sector consists of a 3-striped bump foil with parallelly arranged bump s.
Note that the 6 bump foils are independent, see Fig. 2(b). The bump foil
is mounted on the base plate and possesses 3 bump arcs on the outer
two stripes and only 2 bump arcs on the inner stripe, see Fig. 3(d). It
should be stressed that all bumps possess an equal heighthB. Fig. 3(a)
shows the assembly of the whole bearing consisting of the base plate,
the bump foils, the top foil and the rotor.

The fact that the top foil is a single part makes for a direct con-
nection of each of the sectors not only in the mechanical part of
the model in terms of deformations, but also for the hydrodynamic
and thermodynamic behavior of the bearing. If misalignment of the
runner disk with regard to the bearing is taken into account as we ll,
a model including the whole bearing is necessary. It has to comprise
the entire top foil as well as an air film extending over 360 degrees,
and 6 bump foils. Simulations with such a model would take several
weeks. Hence, in this work, we assume that misalignment is negligibly



�7�U�L�E�R�O�R�J�\ �,�Q�W�H�U�Q�D�W�L�R�Q�D�O ������ ������������ ������������

��

M. Eickhoff et al.

Fig. 2. Comparison of (a) multi-foil and (b) single-foil bearing design. Left side : bearing assembly with base plate, bump foils and top foil(s). Right side: exaggerated height profiles
of the top foils, (a) taper-land and (b) taper-step.

small and, therefore, the bearing behaves similarly on each of the 6
sectors (periodicity condition). Therefore, the performance of the enti re
bearing can be concluded from simulation results of a single sector.
Fig. 3 gives an overview over the model components and equations
(Fig. 3(a)) as well as of the most important boundary and coupling
conditions (Fig. 3(b)�(h)).

2.1. Rotor

This section describes the modeling of the rotor which consists of
the rotor disk and the shaft. The direction of rotation is the negative
z-direction, cf. Fig. 3(a). Due to the high angular velocity 
 , changes
of the rotor temperature and rotor deformations in circumferential
direction are negligible. Consequently, the deformations are calculated
via a thermoelastic axisymmetric model. The deformations vr .r; z/ in
radial and vz.r; z/ in axial direction are obtained by solving the Navier�
Lamé equations including centrifugal forces and thermal stresses as in
Ref. [29]:

� R
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with


 R =
ER� R

.1 + � R/.1 * 2 � R/
; � R =

ER

2.1 + � R/
; � R =

ER� R

1 * 2 � R
:


 R is the Lamé constant and � R is the shear modulus (also referred to
asG). The constant � R describes thermoelastic stresses with�T R = TR *
Tref being the disk temperature difference with respect to a referen ce
temperature Tref = T0 = 20 °C. Further, � R is the density of the rotor
material. It is assumed that the influence of the fluid film pressu re and
the fluid film shear stresses on the rotor disk are negligible. The outer
edges of the rotor are therefore assumed stress-free.

The temperature field of the rotor TR.r; z/ is obtained through the
heat diffusion equation

)
)r

4
� Rr

)TR

)r

5
+

)
)z

4
� Rr

)TR

)z

5
= 0: (2)

In order to accurately model the bearing behavior, it is important to
account for all relevant heat fluxes entering and leaving the r otor. For
this purpose, the rotor surface is sectioned into different parts. Fig. 4(a)
gives an overview over the different boundary sections I to VIII that a re
considered.

For the determination of heat fluxes in sections II, III, and IV, a 3D
Computational Fluid Dynamics (CFD) analysis is conducted, allowing
for the determination of heat transfer coefficients on these 3 boundari es
of the rotor. In this paper, the complex CFD model will not be discussed
in detail. In short, it contains a fluid dynamics model for the surround-
ing air as well as a heat conduction model for the simplified rotor.
In the CFD simulation, a total energy model is used for compressible
flow with a SSTturbulence approach [ 30,31]. As a boundary condition
for the rotor temperature in the CFD model, a representative power
loss distribution is applied to section I of the rotor disk. It stems from
dissipative losses in the air gap and is dependent on the rotational
speed and the load. The output of the CFD simulations are heat transfer
coefficients for the disk boundaries II, III, and IV. CFD calculations
are carried out for different operating points, i.e. different thru st loads
and rotational speeds, so that the heat transfer can be described as a
function of the bearing operating conditions. The detailed correlati ons
are described below. Fig. 4(b) shows a section view of exemplary CFD
simulation results, displaying the temperature field TR.r; z/ for the rotor
in °C (right scale) as well as the absolute velocity for the surrounding
air in m_s (left scale). The temperature distribution in the rotor will be
discussed in the results Section3 of this work.

In the following paragraphs, the boundary conditions for the rotor
sections I to VIII are discussed in detail.

Section I:Section I refers to the rotor interface to the load carrying
lubricating gap. Here, the disk temperature TR and air temperature TA
as well as the respective normal heat flux are coupled. On the rotor
disk section I, the Neumann boundary condition

� Rr
)TR

)z
= qgap.r/ (3)

is enforced where qgap.r/ is the averaged heat flux from the lubricating
gap. Due to the high rotational speeds of the rotor, an axisymmetric
model for rotor temperature calculation according to Eq. (2) is used.
Therefore, the rotor temperature TR.r; z/ is not dependent on the cir-
cumferential coordinate. This means that different coordinate syste ms
are used for the rotor (axisymmetric, cylindrical r; z-coordinates) and
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Fig. 3. Bearing model: (a) Components and main equations, (b) pressure boundary conditions (BCs) of single top foil sector, (c) thermal BCs of single air film sector , (d) thermal
BCs of top foil sector, (e) nominal height profile, (f) mechanical BCs of singl e top foil sector (periodic), (g) contact formulation in bump and top foil, an d (h) thermal resistance
of a half bump.

for the air film component (3D-Cartesian coordinates). Thus, the heat
flux from the lubricating gap is firstly transformed into cylindr ical co-
ordinates and afterwards averaged over the circumferential coordi nate,
resulting in

qgap.r/ =
nsec

2� Ê

' t .r/

' l .r/

0
2�
H

)TA .r; '; „z /
) „z

1 óóóóó„z=1

r d': (4)

Herein, ' l .r/ and ' t .r/ are the expressions for the leading and trail-

ing edge angle, respectively. They describe their curved contour as a

function of the radial coordinate r. For the definitions of the remaining

terms, namely � , H , TA , ' , and „z, see Section2.2. Note that the rotor

disk temperature TR.r; z/ and the air film temperature TA .x; y; z/ are

coupled through Eq. (14).
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Fig. 4. (a) Definition of rotor boundary sections I to VIII. (b) Result plot section of CFD cal culation for heat transfer coefficient determination.

Section II:At the outer perimeter of the rotor disk in Section 2, the
heat transfer is described with a Neumann boundary condition

* � Rr
)TR

)r
= � II r.TR * T0/: (5)

The heat transfer coefficient � II is a result of CFD calculations:

� II = .1:3TR;II + 124/W_.m2K/: (6)

In good approximation, this linear dependency on the mean rotor disk
temperature TR;II in the small Section 2 is found. It is defined as

TR;II =
1
tD Ê

tD

0
TR.r = rD;o; z/ dz: (7)

Herein, tD = 3:5 mm is the rotor disk thickness and rD;o = 27:5 mm is the
outer radius of the rotor disk. Note that this averaged temperature in
Section 2 serves as a reference temperature not only for Section2, but
also for Section 3 (see below). It has been found to be representative for
the different temperature distributions at the different operati on points
considered in the CFD simulation.

Section III: A similar Neumann boundary condition as in Eq. (5) is
enforced in section III, namely

� Rr
)TR

)z
= � III r.TR * T0/ (8)

with the respective heat transfer coefficient

� III = .0:63TR;II + 343/W_.m2K/: (9)

Section IV: In the small section with label IV, a small but not
negligible heat flux is observed in CFD analysis. Therefore, a heat flux
q = � IV .TR * T0/ is assumed with a constant � IV = 300 W_.m2K/ .

Section V:The journal bearings of the considered rotor system are
externally pressurized air bearings (EP) which are opposite of rotor
boundary V, see Fig. 4(a). These bearings provide a constant and cool
air flow. In experiments, it is found that dissipative losses in the smal l
radial gap of the EP bearings are almost compensated by the fresh air
stream which supports the rotor. Therefore, in good approximation,
only heat conduction over the air gap of the EP bearings is taken into
account so that a following simple Neumann boundary condition can
be applied at rotor boundary V:

* � Rr
)TR

)r
= r� EP.TR * Tep/_dgap: (10)

Herein, � EP = � EP.T = [ TR + TEP]_2/ is the heat conductivity of the
air in the bearing gap of the EP bearings. It is defined as the heat
conductivity of air at the mean value of the rotor temperature TR in
Appendix A and the temperature of the externally pressurized journal
bearings TEP = 15 °C. dgap = 10 �m * vr describes the radial gap size
of the EP bearings which is dependent on the thermoelastic radial

deformations of the rotor vr with an initial value at standstill of 10 �m .
The small gap between the two EP bearings visible inFig. 1 is neglected.

Section VI/VII: The front side rotor boundaries VII (bottom) and VI
(top) as well as the inner boundary at r = 0 are assumed to be adiabatic
with ’n ( TR = 0.

Section VIII:Due to their similarity and for simplicity, section VIII is
treated like Section 4.

2.2. Air film

Air film pressure p.x; y/ is calculated via the generalized Reynolds
equation of Ref. [32] using an averaged fluid temperature Tm.x; y/
(averaging over the gap height) for the determination of the density
%and viscosity � , cf. Ref. [28]:
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U = 
y and V = * 
x describe the x- and y-component of the rotor
disk velocity, respectively; � is the air density and � is the air viscosity.
H denotes the height function that is discussed in detail in Section 2.4.

The pressurepl .r; ' l .r// at the leading and pt .r; ' t .r// at the trailing
edge are coupled periodically, i.e.

pl .r; ' l .r// = pt .r; ' t .r// : (12)

The respective fluxes are coupled similarly. At the inner ( r = r i ) and
outer (r = ro) boundary, the pressure is set to ambient pressure,p = p0,
cf. Fig. 3(b).

The temperature field TA .x; y; z/ results from solving the leading
terms of the following 3D compressible energy equation, cf. for exam-
ple [ 5]:
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(13)

The first term describes the convective heat transfer, the second term
diffusive heat transfer (conduction). The third term of the energy
equation refers to the power of pressure forces, the last term describes
dissipation resulting from shear forces.

In AFTBs, the conductive heat transfer in axial z-direction is dom-
inant over the convective heat transfer due to the dimensions of the
air gap. Also, planar heat diffusion in the lubricating gap is usual ly ne-
glected, cf. [21]. However, the energy equation presented here contains
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both convective heat transfer and planar heat diffusion in order to be
able to correctly formulate the cyclic boundary conditions shown late r.

The film height function H and thus the air film domain changes
when rotational speed or load are changed. This is why a coordinate
transformation for the energy equation domain is conducted, trans-
forming the gap height ranging between 0 and H to „z = *1 § 1 .
Fig. 3(c) shows the transformed air film domain as well as the boundary
conditions of the energy equation. The temperature TA .x; y/ð„z=1 at the
top face of the air film is coupled to the rotor disk temperature TR.r/
with the Dirichlet boundary condition

TA .x; y/ð„z=1 = TR.r/: (14)

Note that the respective heat fluxes are coupled through Eq. (3).
At the bottom surface, the air temperature TA .x; y/ð„z=*1 is coupled

to the top foil temperature with the Dirichlet boundary condition

TA .x; y/ð„z=*1 = TT.x; y/: (15)

The corresponding flux boundary condition is enforced on the top foil,
see Eq.(23).

Cyclic boundary conditions are enforced on the inlet surface
A in.r; ' l .r/; „z/ and outlet surface Aout.r; ' t .r/; „z/, cf. Fig. 3(c). This means
that the temperature fields as well as the boundary heat fluxes are
coupled according to

TA;in.x; y; z/ = TA;out.x; y; z/;

* ’n in( TA .x; y; z/óóin = ’n out( TA .x; y; z/óóout:
(16)

Herein, ’n in and ’n out describe the face normals of the inlet and outlet
which lie parallel to the xy-plane.

Note that the remaining boundaries of the air film are assumed to
be adiabatic. It should finally be mentioned that the fluid veloci ties of
Eq. (13) are defined as in [32]:

u =
* H 2

8�
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.1 * „z2/ +
U
2

. „z + 1/; v =
* H 2

8�
)p
)y

.1 * „z2/ +
V
2

. „z + 1/: (17)

Due to the cyclic coupling of the pressure and pressure gradient, the
fluid velocities are also coupled cyclically.

For the bearing designer, two parameters of AFTBs are of special
interest, namely the bearing load capacity W and the bearing power
loss Ploss, which are defined as follows:

W = nsecË
.p * p0/dAsec .for H min = 2 �m/ ;

Ploss = nsec
 Ë
*2 �
H

.x
)v
)z

* y
)u
)z

/dAsec:
(18)

Herein, Asec describes the area of the sector. In this work, the load
capacity of the thrust bearing is defined as the load at which the
minimal film height reaches a threshold value of H min = 2 �m . If
more load is applied, the minimal film height will decrease and ful l
fluid lubrication will no longer be sustained, i.e. mixed lubrica tion is
assumed to occur. The power loss of Eq.(18) results from integrating
the shear stresses over the sector area.

2.3. Top and bump foil

The top foil temperature profile TT.x; y/ is obtained by the planar
heat diffusion equation

* � TtT�T T = qT;in + qT;out (19)

with constant heat conductivity � T and thickness tT of the top foil.
Again, a cyclic coupling of the leading and trailing edge tempera ture is
implemented via the Dirichlet boundary condition

TT;l = TT;t : (20)

The boundary heat flux at the leading and trailing edge is coupled
through the Neumann boundary condition

* ’n l ( TT
óól = ’n t ( TT

óót : (21)

The remaining outer boundaries at r = r i and r = ro are assumed to be
adiabatic:

’n ( TT = 0 at r = r i and r = ro: (22)

The top foil temperature TT is coupled to the air film temperature TA
via the incoming heat flux

qT;in =
0

2�
H

)TA

) „z

1 óóóóó„z=*1

(23)

on the entire sector domain Asec.
Outgoing heat fluxes are described by two separate terms:qT;out =

qT;out;� C
+ qT;out;Rth

. One the one hand, outgoing heat fluxes are modeled
with the heat transfer coefficient � C on Asec:

qT;out;� C
= * � C.TT * T0/: (24)

The heat transfer coefficient � C stems from active cooling and heat
conduction in the air gap between top and bump foil as well as betwee n
top foil and base plate.

On the other hand, heat conduction through the bump foil into the
base plate is represented by a resulting thermal resistanceRth. It is
applied only on the contact lines of top and bump foil, see Fig. 3 d:

qT;out;Rth
= *

2.TT * Tbase/
Rth

: (25)

The thermal resistance of each half bump arcRth consists of the contact
resistance between top and bump foil RTB;air, the contact resistance
between bump foil and base plate RBb;air, and the conduction resistance
through the half bump arc Rbump, cf. Fig. 3(h). Details can be found
in [ 21].

Deformations of top and bump foil are calculated using the
Reissner�Mindlin shell theory [ 33]. It allows for 3 translational ( vi
with i = ^1;2;3`) and 2 rotational ( w� with � = ^1;2`) degrees
of freedom. The governing equations depend on the metrical and
curvature properties of the shell middle surface.

In good approximation, the top foil can be seen as a planar (flat)
shell. Since the step height is similar to the foil thickness, the step can
be neglected in the mechanical treatment of the top foil, see e.g. [ 34].
For the pressure calculation, however, the exact air film height a nd thus
the top foil topology including the step is of highest importance. It is
discussed in detail in Section 2.4.

In order to analyze the bump foil, it is sectioned into flat and round
sections: the bridges between bumps are modeled as planar shells,
while the bumps and the roundings (connections between each bridge
and bump arc) are modeled as cylindrical shells, cf. Fig. 3(g).

The 5 governing equations for the deformations of a cylindrical shell
with radius of curvature R (centerline along y-axis) are as follows:
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where D = Et
1* � 2 is the stretching stiffness, B = Et3

12.1* � 2/ is the bending

stiffness, and Gt = Et
2.1+� /

is the shear stiffness. Note that the 1-,
2-, and 3-direction correspond to the x-, y-, and z-direction of the
Cartesian coordinate system ofFig. 3(b), respectively. Fig. 3(a) shows
the underlying constitutive equations for the transverse shear stress
q� , the moment tensor m�� , and the stress resultant tensor n�� , the
kinematic relations for the strain variables ' �� , � �� , and 
 � , and the
5 equilibrium equations [ 33,35]. For clarity, the deformation variables
of the top foil possess the index T; the index B is used for the bump
foil.

The pressure in the lubricating gap causes deformations of the top
foil. Thus, the air pressure p is implemented as an external load, i.e.

p3
T = p * p0: (31)

Secondly, contact forces between the top foil and bump foil as well as
between the bump foil and the base plate are incorporated as external
loads on the respective component. Contacts are approximated as line
contacts at the top line of the bumps and the respective lines on the top
foil as visible in Fig. 3(d). Normal contact forces Fn = c�v 3 are modeled
via a penalty stiffness c allowing only for small penetration depths �v 3.
Tangential contact forces Ftan = � � step.�v tan/Fn are formulated with
a generalized Coulomb friction approach [ 36] as depicted in Fig. 3(g)
with a smoothed step-function step.�v tan/. �v tan describes the relative
tangential deflection of the contact partners.

As boundary conditions for the top foil sector, cyclic boundary
conditions are formulated for the leading (index l) and trailing edge
(index t), see Fig. 3(f):

’n lv�; T,l = ’n tv�; T,t ; v3;T,l = v3;T,t ; ’n lw�; T,l = ’n tw�; T,t ;

’n ln
��
T,l = ’n tn

��
T,t ; q�

T;l = q�
T;t ; ’n lm

��
T,l = ’n tm

��
T,t :

(32)

’n l and ’n t describe the normal vectors at the leading and trailing edge,
respectively. The inner and outer edge at r = r i and r = ro are assumed
to be stress-free.

For the bump foil, the formulation of the boundary conditions is
straightforward as each sector possesses an independent bump foil.
Each of the 3 bump strips of a bump foil has a fixed and a free end.
The fixed end is implemented as a Dirichlet boundary conditions w ith
zero deflections. For the free end, a zero flux (stress-free) condition is
applied, cf. Fig. 3(g). It should be mentioned that thermal stresses
are neglected in the shell model for top and bump foil. Due to the
limited component temperatures and the boundary conditions of the
foils, thermally induced buckling of top and bump foil will not oc-
cur. Thermally induced in-plane deformations resulting from ther mal
expansion are very small and therefore neglected in the analysis (also
note that thermally induced in-plane deformations of the top foil only
have a marginal influence on the fluid film height and are of lowe r
relevance for the multiphysical model).

2.4. Manufactured real top foil topology

This section discusses the deviation of the real top foil topology from
the ideal nominal top foil topology. Simulations have shown that it
is necessary to consider the real top foil geometry in order to obtain
results in accordance with measurement results. It will be shown that
significant deviations of the ideal nominal and the real topology are
present. Due to the manufacturing process, these deviations were found
consistently in all test specimen and therefore included in the anal ysis.
The description of the mean deviations can be found in this section.

It should be noted, however, that the implementation of the real
topology on its own will not be sufficient to yield numerical results in
accordance with experiments. It is found that only a combination of
the manufactured real top foil topology and a wear algorithm, which
will be described in Section 2.5, yields agreement of numerical and
experimental results with regard to load capacity, power loss, and wear
pattern. The embossing process of the top foil yields a taper-step-type
surface as displayed inFig. 2(b). The nominal profile, plotted over the
circumference of a perimeter cut, can be seen in Fig. 3(e). It shows
a vertical step between two sectors and a linear taper in between.
However, measurements show that the real topology may divert from
the ideal one. Firstly, the geometrical shape of the top foil after the
embossing process shows a bulging and a non-vertical step between
the sectors. Secondly, the top foil coating is found to be non-uniform
with accumulations at the inner and outer sector border. It will b e
shown that it is very important to include this real top foil topology
in the simulation model in order to reproduce bearing load capacity
and power loss from measurements.

In a first simulation step, the ideal nominal top foil topology has
been incorporated in the simulation model. The ideal top foil possesses
a uniform coating layer with a nominal thickness of 25 �m , an ideal
steep step between the top foil sectors and no radial parabolic shape
deviation of the top foil sheet. However, simulation results for this
ideal nominal top foil topology showed very large discrepancies when
compared to experimental results. Significant deviations are fou nd in
the load capacity, the power loss and the deformation profile. Measure-
ments show a load capacity of W = 100 N at 120 krpmwith a power loss
of Ploss = 333 W. Simulations with the ideal topology, however, show
the following results:

ÖFor an isothermal simulation, the thrust bearing shows a maxi-
mum load capacity of 38 N, exerting a power loss of only 134:4 W.
This amounts to approximately 40% of the experimental data.

ÖIn a TEHD model, results indicate an even lower load capacity
and power loss of approximately 25% of experimentally observed
results.

ÖIn addition to the global evaluation of the bearing performance,
top foil deformations were analyzed in detail. Simulations for the
isothermal case as well as with the TEHD model show that the
minimal air film gap lies near the middle of the trailing edge
of the sector. It is expected that wear will initially occur in thi s
area. However, experimental tests indicate that the main wear i s
located at the inner and outer radius of the top foil sector, see
Section 3.

The reason for these discrepancies can be traced back to the deviation
of the real top foil from the ideal nominal topology. A detailed experi-
mental investigation of the real top foil geometry yields the followin g
results:

ÖThe step at the border of adjacent sectors is not ideally vertical
but rather extended over a small region. An average step width
of 0:66 mm is observed in real top foils.

ÖIn the ideal geometry, the top foil possesses no radial slope or
curvature; the ideal taper is a function of the angular position
only. Through the embossing process, however, the top foil is
also deformed into a parabolic shape. This shape deviation is ob-
servable in radial direction, meaning that the inner and outer foi l
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edge (at the inner and outer radius) is bent upwards. Therefore,
radial cuts of the top foil do not yield straight lines. Measure-
ments show that this shape deviation in radial direction can be
sufficiently approximated by the parabola expression H par.r/ =
hpar.r * rm/2_.r i * rm/2 with rm = . r i + ro/_2 and hpar = 20 �m .

ÖThe top foil is coated with a PTFE layer with a mean coating
thickness of 25 �m . Measurements show that this coating is not
uniform. A detailed analysis of the coating thickness reveals that ,
towards the inner and outer foil edges at r = r i and r =
ro, coating accumulations of �h coat = 12 �m beyond the mean
coating thickness are observed. Measurements further show that
the variation of coating height in the circumferential direction is
negligible. Consequently, the coating height distribution in ra dial
direction, in the following denoted by H coat.r/, is considered in
the simulation model with a spline representation.

These 3 deviations are systematic due to the manufacturing process of
the top foil and the coating application. They were found in all the test
specimen.

The first two items of the list above�namely the finite step width
of 0:66 mm and the parabolic shape deviation in radial direction�are
geometrical deviations of the metal foil due to the embossing process
in comparison with the ideal geometry. In combination with the ideal
taper, they are summarized in the expression H shape.x; y/ below. It
should be stressed again that the ideal taper is only a function of the
angular position and not of the radial coordinate.

Remark on the influence of these first two defects on the contact
formulation: Although the top foil is mechanically treated as an ideal
flat plate, its real shape must be taken into account for the contact
formulation between the top and the bump foil. Together, the defor-
mations v3;T of the top foil and the real foil topology H shapeaccurately
describe the top foil position. In the normal contact force formulation,
the corrected penetration depth thus reads �v 3 = v3;B * . v3;T + H shape/.
Herein, v3;B is the bump and v3;T the respective top foil deflection at a
contact line. As a consequence, the initial air gap between the top foil
and the bump foil is hereby correctly taken into account.

The third item of the list above corresponds only to the coating of
the top foil. It does not contribute to the foil stiffness and is not part
of the mechanical model of the top foil. Images of the real top foil
geometry are shown in Section 3.1 (note especially Fig. 6(a)).

Due to the 3 deviations discussed above, the ideal taper-step height
function must be corrected in the simulation model. The resulting
height function including all deviations reads

H .x; y/ = zR + H shape+ H coat + v3;T * vz.z = 0; r/: (33)

Herein, zR describes the axial position of the rotor and vz.z = 0; r/
with r i f r < r o is the axial rotor disk deformation in section I of
Fig. 4(a). Eq. (33) constitutes the corrected height function H with all
the topology details and deviations.

With the height function H .x; y/, simulations with the TEHD model
show an even lower load capacity and power loss equivalent to only
7% of experimental data. The reason for this significant difference l ies
in the wear of the top foil coating which occurs due to contact between
the rotor disk and the top foil surface. Experiments indicate that part s
of the top foil show significant wear after testing. This is why a wear
algorithm has been developed and implemented into the simulati on
model. Only when including the non-uniform wear in the simulation
model, experimental results can be reproduced.

2.5. Wear simulation

The wear algorithm that has been developed is described in the
upcoming section. It allows to take into account gap height change s
due to wear. Basis of the quasi-static wear simulation is the stationary
TEHD model described in the previous sections.

Fig. 5. Pseudocode of the wear algorithm.

With this TEHD model, stationary simulations of the bearing com-
ponents can be carried out. The minimal gap height minðH .x; y/ð is
used as a limit criterion for plausible bearing operation. In this work,
minðH .x; y/ð = H min = 2 �m is chosen as the transition point between
fluid lubrication and mixed lubrication. The integrated pressu re field
at this specific point represents an approximation of the load capacity
of the bearing, cf. Eq. (18). If the thrust load on the rotor is further
increased, the disk will get closer to the top foil and minðH .x; y/ð <
H min. The assumptions for a continuous air flow are no longer met in
this case and mixed lubrication is expected to occur.

In experiments, several significant wear marks on the coating are
observed during the run-in process. In order to represent this effect in
the simulation, a quasi-static wear algorithm is developed. It assumes
that the top foil coating is soft compared to the rotor disk and will
instantaneously be worn when mixed lubrication occurs.

For the wear algorithm, the function H wear.x; y/ is defined as the
wear depth of the top foil. This means that worn areas possess a positive
value according to the height of abraded coating, while unworn area s
have a wear depth of 0. Initially, H wear is set to zero and a stationary
simulation of the bearing is carried out until minðH .x; y/ð = H min is
met, yielding amongst others a load capacity W .0/ for the unworn state
according to Eq. (33). Note that reaching a specific value of the minimal
gap height is achieved by changing the axial position of the rotor zR.
Now, all areas of the height function with H g *. H min + � wear/ with a
small user-defined � wear are stored in the wear function

H .1/
wear = ramp.H + H min + � wear/

=
<

H + H min + � wear; H + H min + � wear g 0
0; H + H min + � wear < 0

: (34)

In the upcoming sections, � wear = 1 �m has been chosen. It represents
the wear height increment of each wear step. Note that the bracketed
superscript index denotes the wear iteration, ranging from 0 (unworn
state) to iend (fully worn state).

While the base iteration with i = 0 is carried out with the height
function H of Eq. (33), the new height function for iteration step i = 1
and the corresponding height functions for the upcoming iteration ste ps
now read

H .0/ = H;

H .1/ = H * H .1/
wear;

4

H .i / = H * H .i /
wear;

4

H .iend/ = H * H .iend/
wear :

(35)

After each incrementation of H wear, a new simulation of the bearing is
conducted. In the proceeding incrementation steps, the old wear result
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Fig. 6. (a) Height profile after assembly without load, (b) height function H .0/ = H for a rotational speed of 120 krpm and a minimal gap height H min = 2 �m , (c) corresponding
top foil deformation v3 under pressure load showing a kink at the first bump row as well as a cyclic deformation profile, and (d) corresponding pressure distribution.

Table 2
Numerical details of the model.

Component No. of elements

Bump foil 640
Top foil 1 705
Air film 11 840
Rotor 364

is added to the new contribution of the current step i , i.e.

H .0/
wear = 0;

4

H .i /
wear = H .i*1/

wear + ramp.H .i*1/ + H min + � wear/;

4

H .iend/
wear = H .iend*1/

wear + ramp.H .iend*1/ + H min + � wear/:

(36)

Fig. 5 shows the program sequence in a pseudocode representation. It
shows the outer while loop for the wear iteration index i and the inner
iteration loop for the minimal gap height iteration to H min.

2.6. Numerical and computational details

This section describes numerical details about the bearing model
and the computation. The nonlinear fully coupled TEHD model in-
troduced in Sections 2.1 to 2.5 is described by a nonlinear integro-
differential equation system. The set of altogether 16 governing part ial
differential equations is discretized using a Finite Element approach
with Lagrange shape functions. Fifth-order shape functions are chosen
for calculating the shell equations of top and bump foil in order to
prevent shear locking effects [37], while second-order shape functions
are chosen for the remaining variables.

Table 2 shows the number of elements for each component. In total,
720824 degrees of freedom are solved for. The discretized integro-
differential system is solved by a Newton�Raphson method in combi-
nation with a direct solver (MUMPS).

A stationary calculation for one iteration step in the wear simulation
using the TEHD model takes approximately 3 h of computation time
on a local computer (Win10, Intel Xeon E5-1650v4, 3.6 GHz with 12
logical cores, 128 GB RAM).

3. Simulation results

In this section, simulation results are presented and compared to
experimental results. At first, the condition without wear is discussed
in Section 3.1, giving insight in the behavior of thrust bearings with
annular top foil. Afterwards in Section 3.2, the wear process is show-
cased with a wear simulation series. The resulting final state (fully
worn top foil) is then analyzed in detail in Section 3.3. Eventually, a
comparison to experimental data on a dedicated test rig is drawn for
the loss/load-characteristic of the bearing in Section 3.4.

3.1. Simulation without wear algorithm

The unworn state of the bearing is described by the height function
of Eq. (33). After assembly of the bearing and for the case that pressure
forces are absent, i.e. at 
 = 0 rad_s, the height function possesses a
taper-step topology, depicted in Fig. 6(a). Herein, deformations of the
top foil and deformations of the rotor disk are absent, v3;T = vz = 0. The
figure shows the characteristic taper profile and the defects described
in Section 2.4, namely the parabolic shape deviation in radial direction
and the extended step width as well as the coating accumulations at
the inner and outer radius. Furthermore, it should be stressed that
the leading edge and the trailing edge have an equal slope in the
circumferential direction. This is a results of the embossing process
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during manufacturing and is of high relevance for the understandin g
of the upcoming analysis.

A distinct feature of the presented bearing type is the fact that
the unloaded height profile of Fig. 6(a) transforms into a taper-land
configuration upon loading, i.e. air film pressure acting on the top
foil. The height function H .0/ for the loaded case (
 = 120 krpm) is
depicted in Fig. 6(b). In comparison with the unloaded assembly state
of Fig. 6(a), the height function here is mainly changed by the large
deformations of the top foil, shown in Fig. 6(c). Rotor deformations
also contribute according to Eq. (33), but are significantly smaller. The
gap height profile ( Fig. 6(b)) shows a classical taper-land-type topology,
with a converging gap at first and an approximately constant gap he ight
towards the trailing edge. However, at the trailing edge, the heig ht
profile converges again right before the beginning of the step. Th is
behavior�the rising at the trailing edge�is typical for bearings w ith
an annular top foil. It is caused by the top foil being bent upwards ne ar
the trailing edge. It can be explained as follows:

* In the unloaded, assembled state of the bearing, the top foil
contacts the bump foil only at the first bump row due to the initial
taper geometry.

* When the bearing is loaded and air film pressure pushes the top
foil down onto the bump foil, the top foil is bent at the first bump
row, cf. Fig. 6(c).

* In the course of the loading, the top foil deforms further and
eventually contacts the second and the third row of bumps of the
bump foil. It should be stressed again that the bumps are of the
same height so that the initial gap between the top and bump foil
is therefore larger at the second and third bump row.

* When the trailing edge is deformed down, the leading edge is also
pulled down by the trailing edge of the adjacent sector. In the
simulation model, this effect is achieved via the cyclic coupling
of the leading and trailing edge, cf. Eq. (32).

* The step is acting as a stiff connector both between the leading
and the trailing edge in terms of the deflection v3;T as well as
for the slope. If the leading edge is pulled down, the slope has
to increase due to the contact to the bump foil. Consequently,
the slope at the trailing edge has to increase as well, causing the
trailing edge to rise.
Note that�due to the high stiffness of the step�the height dif-
ference between the leading and trailing edge is nearly constant
(initial value hs).

The upwards bending at the trailing edge is clearly seen in Fig. 6(c). The
corresponding pressure p.x; y/ is shown in Fig. 6(d). It shows a sharp
peak at the trailing edge near the inner radius at the spot of lowest fi lm
height. The load capacity for the unworn top foil is only W .0/ = 7:5 N
with a power loss of P .0/

loss = 51:5 W.

3.2. Simulation of the wear progress

With the developed wear algorithm, the wear height function H wear
is iterated in a loop in order to represent the wear that occurs in the
bearing. In the test rig, the rotor is accelerated to a rotational speed of
120 krpmwithout a thrust load. Afterwards, the thrust load is gradually
increased to the target load of W = 100 N. In the presented wear
algorithm, the iteration of H wear is stopped when this specified load
capacity is reached.

Remark on the end condition for the wear calculation: The wear of
the top foil coating is limited by the coating thickness. Theoreti cally,
for an infinite coating thickness, the wear algorithm could contin ue
infinitely. In this case, the load capacity would be increased fu rther. At
a certain point, however, a maximum load capacity is reached. Aft er
that, the load capacity decreases again.

In this subsection, the wear progress is showcased at 3 intermediate
wear states between the unworn (i = 0) and the fully worn ( i = iend)
state.

Fig. 7 shows the height function H .i / , the pressure distribution p.i / *
p0 and the wear function H .i /

wear for the 3 iteration indices i = ^13;16;20`
of the wear simulation. All plots are generated for a rotational spee d of
120 krpmand a minimal gap height of H min = 2 �m .

In the height function of the slightly worn state of Fig. 7(a) (i = 13),
only a small peak at the inner radius near the trailing edge reach es
the minimal gap height, while the other areas possess much larger film
heights and do not substantially contribute to the pressure generation.
Therefore, the entire wear in Fig. 7(a) occurs at this very spot.

In the following iterations, wear increases further at this spot.
Afterwards, additional wear occurs towards the middle of the sector
at the inner and outer radius, cf. Figs. 7(b) and 7(c).

In all 3 iteration steps, the pressure profiles show an increasing peak
at the trailing edge. The contribution of the remaining sector are a to
the load capacity is growing continuously and is most developed in the
last wear step of Fig. 7(c).

In Appendix A of this work in Fig. 14, simulation results for the
rotor temperature TR.r; z/ and the air film temperature TA .x; y; „z/ are
displayed for the wear iteration series.

3.3. Detailed simulation results with the worn top foil

After iend = 23 iterations of the wear algorithm, a load capacity
W = 100 N is achieved. Fig. 8(a) shows the resulting wear height
function H .23/

wear. A distinct peak near the trailing edge at the inner radius
is observed as well as wear spots near the inner and outer radius in
the middle of the sector. The maximum wear depth is 21 �m . Fig. 8(b)
shows a photographic image of a corresponding top foil sector after
experimental tests. The break-in in the experiment was achieved in
two steps. At first, the rotor was run up to 120 krpmwithout a thrust
load. After that, the load was increased incrementally up to the t arget
load of 100 N. Comparing the simulation result of the predicted wear of
Fig. 8(a) against the real wear pattern of Fig. 8(b), good agreement
is observed. Three characteristic wear locations are visible in both
simulation and experiment, highlighted by the red markers in Fig. 8(b).

The respective height function H .23/ and pressure profile p.23/ * p0
are displayed in Fig. 9. The gap height profile tends towards the desired
taper-land topology with a flat land section, although the trailin g edge
still possesses the distinct positive slope. This is why a part of the
land area shows substantially larger film heights. It does therefor e not
contribute to the pressure generation as much and is less useful. Note
that the respective pressure profile of Fig. 9(b) shows a dent in this
exact area.

The distinct coating accumulations from the manufacturing process
which are concentrated at the inner and outer edges (see Section2.4)
are still visible in Fig. 9(a). Only in the area of largest wear at the
trailing edge, the coating accumulations have been erased.

The film height profile of Fig. 9(a) also shows top foil sagging
between the lines of contact to the underlying bumps. The bumps
are visible as raised lines. Note that the bump design only possesses
two bumps at the inner strip, cf. Fig. 3(d). If a third bump would
be present near the trailing edge on the inner strip, the trailin g edge
would be raised even more, making for an increased wear. Alterations
of the bump foil design, e.g. a third bump in the inner bump strip,
lead to a change in the maximum wear depth at the trailing edge. I t
should however be stressed that the occurrence of non-uniform wear
cannot be prevented for this type of bearing by changing the bump
foil design. The non-uniform wear is inherent to the single-foil desig n
because of the cyclic coupling of each top foil sector resulting in the
described upwards bending. More precisely, the equal slopes of leading
and trailing edge, stemming from the embossing process, cause wear at
the trailing edge.

The pressure profile in Fig. 9(b) shows a main peak very close to
the position of maximum wear due to the large changes in gap height.
Furthermore, 3 distinct pressure lines are observed at the contact lines
of top and bump foil. Each of these lines, foremost the first line, shows
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Fig. 7. Wear simulation series showing the height function (left), the pressu re distribution (center), and the wear function H wear. Rotational speed is 120 krpm and minimal gap
height is H min = 2 �m .

peaks at the outer edges. These are caused by large gap height gradients
at the coating accumulations near r = r i and r = ro and the small
absolute gap height. Even more precise than the gap height profile, the
pressure profile reveals weaknesses in the bearing design. While a large
part of the top foil sector contributes to pressure generation and thus
carrying rotor thrust loads, the large drop in pressure accompanied w ith
a large single peak at the trailing edge highlights room for improv ement
in bearing design.

Fig. 10 shows the air film temperature T .23/
A .x; y; z/ for different

height slices „z = ^*1 ;0;1` at a rotational speed of 120 krpm with a
load of 100 N. The bottom slice at „z = *1 corresponds to the top
foil interface and shows the top foil temperature T .23/

T .x; y/. It shows
higher temperatures near the outer edge due to higher fluid veloc ities
and, consequently, more dissipation in the air film. Because of the heat

conduction through the bumps, the temperature drops at the contact
lines of top and bump foil.

The top slice at „z = 1 shows the temperature distribution of the rotor
disk T .23/

R .r; z/ in section I of Fig. 4(a). Due to the high angular velocity

 of the rotor, an axisymmetric rotor model is used, cf. Section 2.1.
This is why there are no temperature changes in circumferential direc-
tion. The highest temperatures are observed near the outer radius ro.
A decrease in temperature is found towards the inner radius r i with
temperatures of 160°C to 225°C.

The middle slice lies at „z = 0 and shows the temperature field in
the middle of the air gap. The contact lines between top and bump
foil are still visible as lines of lower temperature. Furthermore, t he
maximum temperature in this middle slice of the air film is lower th an
the maximum temperature of the bottom slice (top foil interface). Th is
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Fig. 8. Calculated wear height function H .23/
wear for a load capacity of W = 100 N at 120 krpm(a) and photographic image of a top foil sector after the tests where we ar marks are

visible at the inner and outer radius as well as at the trailing edg e (b).

Fig. 9. (a) Height function H .23/.x; y/ and (b) pressure distribution p.23/.x; y/ * p0 with the calculated H .23/
wear of Fig. 8(a).

Fig. 10. Air film temperature T .23/
A in degrees Celsius in different layers. The bottom

surface corresponds to the top foil interface, the top slice displays the rotor disk
temperature.

is a result of the different heat resistances of top foil and rotor disk.
The rotation-induced flows and air inlets of the EP journal bearings
(see Fig. 1) cause a strong cooling of the rotor disk in sections II to V.
Therefore, more heat passes through the rotor disk interface at „z = 1.
Note that the top foil�active cooling being absent in this study�
displays a larger thermal resistance for the heat flux from the air g ap.
In all the 3 slices, the cyclic coupling of the air film temperatu re is
observable from inlet to outlet.

Fig. 11 displays the axisymmetric rotor disk temperature field
T .23/

R .r; z/ at the aforementioned operating point. The disk temperature

Fig. 11. Rotor temperature T .23/
R . Zoom shows a close-up of the rotor disk.

at the interface to the air film has already been discussed with the help
of Fig. 10. The most striking feature of the overall rotor temperature lies
in the strong cooling induced by the EP journal bearings. They cause
the rotor temperatures to immensely decrease towards the rotor shaft.
At the recesses of the rotor disk, temperatures have already dropped
below 100°C with a further decrease to a nearly constant temperature
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Fig. 12. Performance map of the single-foil thrust bearing for two rotational speeds:
power loss in W over the thrust force in N.

Fig. 13. Simulated power loss in W and thrust force in N for a rotational speed of
120 krpmover the rotor disk displacement zR in �m ..

of 15°C near the EP journal bearings. Temperatures are highest near
the outer radius at the interface to the air film. At the outer pe rimeter
(Section 2), the average temperature is still 201:5°C. It is interesting to
notice that, towards the backside of the disk and the disk basement,
temperatures decrease to145°C.

It should finally be noted that the resulting thermoelastic bendin g
of the rotor disk, which was showcased in earlier works [ 18,22,38],
influences the observed wear distribution. For more details, please see
App. D of the manuscript.

In Appendix B, Figs. 15 and 16 display simulation results for the
height function, the pressure distribution, the top foil deflection, t he
rotor temperature, and the air film temperature for a simulation w ith
H .23/

wear, but with different values of H min g 2 �m . Therefore, the results
in Appendix B refer to different load scenarios.

3.4. Experimental validation

In a so called performance map, Fig. 12 displays the correlation
between power loss Ploss in W and thrust force W in N for the con-
sidered bearing, cf. Eq. (18). Results are shown from simulations and
experiments for rotational speeds of 120 krpmand 90 krpm. In experi-
ments, these characteristic curves are recorded after the initial break-in
described in Section 3.2. At a constant rotational speed, the worn

bearing is then subjected to a range of loads of up to 100 N. The
simulation results were obtained by choosing different values of H min at
constant angular velocities 
 and using the wear height function H .23/

wear
of Section 3.3.

A near linear increase in power loss is observed with a slight bend
towards higher power loss for high loads. The power loss is 50 to 80 W
higher at 120 krpmin comparison with 90 krpm for the considered load
range. For all considered loads and rotational speeds, the agreement of
the results of the numerical simulation and the experiment are good.
In the end, this was achieved by not only incorporating a real top foil
topology into the model, but also accounting for the coating wear that
occurs during operation of the bearing. Note that Fig. 13 shows an
alternative representation of the numerical data of Fig. 12 and displays
the load capacity and the power loss with regard to the rotor disk
displacement zR. The displacement of the rotor disk is shown relative to
the point of maximum thrust load with a minimal gap height of H min =
2 �m (this corresponds to a rotor disk displacement of zR = 0 �m ).
It is clearly seen that the load increases nonlinearly when the rot or
disk moves closer to the bearing. As displayed in Fig. 12, through the
nearly linear correlation between power loss and load, the power loss
in Fig. 13 follows a similar trend as the thrust force. It is interesting to
notice that a displacement of the rotor disk of less than 15 �m from the
point of maximal load leads to a decrease in load to half the maximum
value.

4. Conclusions and prospects

A TEHD thrust bearing model for thrust bearings with annular
top foil has been presented. In contrast to the frequently used mult i-
foil design which possesses multiple independent bearing pads, the
investigated single-foil design is characterized by fully coupl ed sectors
in the form of a one-part top foil.

The model takes into account thermoelastic deformations of the
rotor, heat transfer in the rotor combined with a detailed analysis of
heat transfer to the rotor surroundings based on CFD analysis, air film
temperature with a 3D energy equation, air film pressure with a 2D
compressible Reynolds equation, elastomechanic deformations of top
and bump foil via a nonlinear shell model including contacts, heat
conduction in the top foil, and the heat transfer through the bump foil
and into the base plate.

The governing set of partial differential equations was discretize d
using a Finite Element Approach. In order to speed up the computation
time, studies are conducted using a cyclic coupling approach for a sin-
gle bearing sector, making use of cyclic symmetry of the bearing. This
approach is of course only valid for the case of negligible misalignmen t
of the bearing and the rotor disk.

Simulations with the fully coupled TEHD model based on the nom-
inal, ideal top foil geometry showed significant discrepancies when
compared with test rig measurements, where the bearing exerted a
power loss of 333 W at a thrust load of 100 N.

The simulation model was enhanced in two ways. Firstly, the real
top foil geometry was investigated in measurements. It was found tha t
the real geometry of the top foil deviates markedly in 3 main ways i n
comparison to the ideal geometry: As a result of the embossing process
of the top foils, a parabolically shaped geometry as well as an extended,
non-vertical step of the metal top foil are observed. Furthermore, a n on-
homogeneous coating distribution with accumulations at the inner an d
outer radius of the bearing sector are found.

However, when using a refined height function in the simulation
model taking into account these 3 deviations, bearing load capacity and
power loss are even lower than with the nominal geometry.

The reason for these significant discrepancies can be traced back
to wear of the top foil coating which occurs in the mixed lubrication
regime during overloading of the bearing (run-in). In test rig mea-
surements, significant and non-uniform wear of the top foil coating
is observed. It is found that, for the single-foil bearing design w here
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Fig. 14. Wear simulation series showing the rotor disk temperature TR.r; z/ on the left and the air film temperature TA .x; y; z/ on the right. Rotational speed is 120 krpm and
minimal gap height is H min = 2 �m .

the sectors are coupled, wear has to be taken into account in the
model. Therefore, secondly, a wear algorithm has been developed and
implemented. The quasi-static, iterative wear routine for the c ontact
wear of the (hard) rotor disk and the (soft) top foil coating is able
to predict wear states of the top foil coating. The height function i s
corrected by a wear height function representing the amount of abr aded
PTFE coating.

For the maximum operating point with a thrust load of 100 N at a
rotational speed of 120 krpm, a wear series has been showcased. The
resulting wear from the model matches experimentally observed wear
patterns. Furthermore, the bearing performance is analyzed in detail

with the resulting wear pattern. A good agreement with performa nce
data from the test rig with regard to a characteristic power loss curv e
over the thrust load is observed.

It was shown here that thrust bearings with an annular top foil and
embossed height profile can only be analyzed when wear is taken into
account. Moreover, the real top foil geometry is of key importance in
the analysis. Otherwise, numerically obtained load capacity and p ower
loss are significantly decreased in comparison with experimental data.
The coating wear is beneficial and leads to a significantly impr oved
bearing performance. The focus of the current manuscript lies in the
modeling and simulation of annular foil thrust bearings including we ar
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Fig. 14. (continued).

prediction. In a second manuscript to be published soon, experimental
details are presented along with an in-depth report on the test rig.
Moreover, detailed measurements regarding the real bearing geometry
used in the current manuscript in Section 2.4 are presented. The second
manuscript includes a comprehensive analysis of the manufactured top
foil topology as well as the bearing performance. Furthermore, whit e-
light interferometric measurements of the wear occurring during run-in
are shown.
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Appendix A. Wear simulation series

This appendix displays additional simulation results for various
stages of the wear simulation. For each result plot, the respective iter-
ation number i is given. Fig. 14 shows the rotor disk temperature and
the air film temperature for the iteration steps i = ^0;10;13;16;20;23`
as an addition for the results given in Section 3.2.

It is interesting to notice that the temperature of the rotor shaft
nearly stays constant regardless of the power loss in the bearing gap.
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Fig. 15. Minimal gap height sweep with height function H (left), pressure distribution p * p0 (center), and top foil deflection v3;T (right). Rotational speed is 120 krpm and wear
function H wear implemented for a load capacity of W = 100 N.
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Fig. 16. Load series showing the rotor disk temperature TR on the left and the air film temperature TA on the right. Rotational speed is 120 krpm and wear function H wear

implemented for a load capacity of W = 100 N.

The heat from the lubricating air film enters the disk in section I (see
Fig. 4(a)) and is mostly conducted to the rotor boundaries in Sections 2
and 3 where the heat is transferred into the surrounding air. At the
base of the rotor disk, temperatures rise to 100°C only at the last wear
iteration step with the highest load. The maximum rotor temperature
lies more than twice as high.

The evolution of the air film temperature shows no substantial
qualitative change. At the contact lines of top and bump foil, col der
stripes are observed due to the heat conduction through the bumps into
the base plate.

Appendix B. Load simulation series with the fully worn top foil

Here, the fully worn state of Section 3.3 is investigated for different
thrust loads. In the simulation model, different thrust loads can be

created by enforcing different values for the minimal gap heigh t H min.
When the axial rotor position is changed, the minimal gap height can
be adapted to a given value. This procedure is the same as conducted in
Section 3.4. Fig. 15 shows the height function, the pressure distribution
and the top foil deflection for various values of the minimal gap heig ht.
For each step, the corresponding loads and power losses are given as
well. Like the wear series in Fig. 7, where the increasing wear causes
higher exerted thrust loads, this study shows the film height function
changing towards an ideal taper-land characteristic with incr easing
load. The pressure distribution also evolves similar to the case of the
wear series. The evolution of the top foil deformation v3;T is particularly
interesting, because it shows two things: Firstly, the trend towards an
ideal taper-land configuration is repeated in these images by means
of an increasing negative slope in the trailing part of the sector. Th is
means that, in combination with the positively inclined taper, a nearly
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Fig. 16. (continued).

flat section is created which marks the land region of the sector.

Secondly, with increasing load, it is evident that the cyclic coupl ing

(which represents the single-foil design) creates a growing upwards

bending at the trailing edge. This in turn causes a dent in the heig ht

function as well as the trailing edge rising which is the intrinsi c reason

for the non-uniform wear. Fig. 16 shows the corresponding rotor and air

temperature distributions. As mentioned before, similarities bet ween

increasing wear on the one hand and increasing load with the fully

worn state on the other hand are apparent. The temperature of the rotor

shaft stays very low while most of the heat from the lubricating air g ap

enters and leaves the rotor disk. The air film temperature distribu tions

are very similar to the ones in Fig. 14 as well, which is explained by

the similar height functions at similar thrust loads.

Appendix C. Comparison of multi-foil and single-foil thrust bear-
ing design

In this appendix section, a brief comparison of the performance
of the single-foil bearing with the multi-foil bearing is conducte d,
cf. Fig. 2. In general, the two bearing designs are quite similar with
regard to their overall layout. Both bearing designs possess a base plate
with independent bump foils. The rotor disk design for both bearing
types does not vary as both bearing types demand a smooth and flat
counter-surface for optimal bearing operation. The differences li e in
the design of the bump foil and, of course, in the design of the top
foil. While the design change of the top foil is obvious, the bump foil
design change is more subtle.

For the classical multi-foil bearing, a taper-land height profile is
commonly applied, see e.g. [39,40]. It is realized by manufacturing
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Fig. 17. Numerical comparison between the single-foil thrust bearing inve stigated here and the multi-foil thrust bearing of Ref. [ 22]: (a) and (b) power loss over rotor disk
displacement, (c) and (d) thrust force over rotor disk displacement, and (e ) performance map with power loss in W over the thrust force in N for a rotational speed of 120 krpm.

bump foils with varying bump heights, thus transferring the desir ed
height profile onto the top foil under load. Alternatively, a bend ma y
be applied to the top foil at the transition line between taper and land
region. In the latter case, bumps of equal height may be used as well.

By contrast, the single-foil design possesses a bump foil with uni-
form bump height as well as an embossed taper-step topology on the
top foil, cf. [ 23]. The transformation of this initial taper-step profile
into the desired taper-land profile under load is inherent to this design
and reliant on constant bump heights.

A numerical analysis of a multi-foil bearing is as involved as the
analysis of the single-foil bearing. The comparison carried out her e is
based on a multi-foil bearing model with similar bearing dimensions as
the single-foil bearing of Section 2, see [22]. Fig. 17 shows numerical
results of the comparison of the two different bearing types. Fig. 17(a)
and Fig. 17(b) depict the power loss of both bearing types over the rotor
disk displacement zR. Both bearing types have a regressive relation
of power loss and rotor disk displacement. Fig. 17(c) and Fig. 17(d)
display the thrust force over the rotor disk displacement zR which also



�7�U�L�E�R�O�R�J�\ �,�Q�W�H�U�Q�D�W�L�R�Q�D�O ������ ������������ ������������

����

M. Eickhoff et al.

Fig. 18. Bearing areas for the single-foil (Asf ) and the multi-foil bearing ( Amf ).

shows a regressive shape. It is interesting to notice that the thrust force
of the multi-foil bearing can only be slightly improved by lowering the
rotor disk displacement once the rotor disk displacement approaches
zero (nearly horizontal load curve). This is a first indication of a be aring
overload, see below. Moreover, the multi-foil bearing appears to be
stiffer than the single-foil bearing. This can be explained by t he fact that
the single-foil bearing first has to transform into a taper-land t opology
under load, while the taper-land topology is already present in the
multi-foil bearing design in the unloaded case.

In Fig. 17(e), the two performance lines of the single-foil bearing
and the multi-foil bearing are compared. It is obvious that two ver y
distinct performance characteristics are visible: the single-foi l bearing
shows a nearly linear relation between power loss and thrust force,
while the multi-foil bearing shows a progressive trend, ending in a v ery
steep slope. For low loads, the relation between power loss and thrust
force is very similar, both with regard to the absolute values as we ll as
for the slope of the curves. The rise in slope for the multi-foil bearing
has been showcased in [41] and numerically explained in [ 42]. In
summary, the uneven deformations of the bump foil cause suboptimal
gap functions which lead to a nonlinear increase in power loss. This
behavior indicates that the bearing is being operated close to its limit.

The difference in thrust load can be explained by the bearing area
difference illustrated in Fig. 18. The single-foil design allows for a
full use of the annular bearing surface, while the multi-foil desig n
inherently possesses gaps between the pads. The load-carrying top foil
area of the single-foil bearing investigated here is almost 20% higher
than the area of the multi-foil bearing despite the slightly larg er outer
radius of the latter, see [22]. This marks one of the most important
advantages of single-foil bearings.

Appendix D. Comparison of thermal and isothermal wear behav-
ior

In this appendix, the patterns of wear under thermal conditions
(TEHD) are compared to those with isothermal conditions (EHD). From
experiments as well as simulations, it is well known that temper ature
effects are very important in the analysis of thrust bearings.

However, it is very interesting to compare the wear results with t he
full TEHD model to those with an isothermal approach. Note again that
the procedure of wear-in for the single-foil bearing consists of a load-
free acceleration to the target rotational speed of 120 krpm, followed by
a successive loading to the target load of W = 100 N at constant rota-
tional speed. Fig. 19 shows the two resulting wear patterns for thermal
and isothermal conditions. Note that the comparison shows two wear
patterns with the same maximum wear height in order to compare the
wear distribution quantitatively. It should be mentioned that th e load
capacity and the power loss are higher for the corresponding TEHD
simulation.

The comparison shows that the wear patterns are very similar with
three regions of wear, see Fig. 8(b). While the main wear spot at the
trailing edge near the inner radius does not change substantially, i t is
obvious that the other two wear regions differ. Near the inner radiu s
of the top foil sector, wear is reduced in the case of the isothermal
simulation. Contrary, wear near the outer radius is increased in the
isothermal simulation.

This discrepancy can be explained by the thermoelastic bending of
the rotor disk, see e.g. [18,22,38]. The rotor disk tends to bend away
from the loaded bearing due to the axial temperature gradient. Thi s
gradient is caused by the axial temperature difference between the
loaded and the unloaded disk side. Dissipation within the lubricating
air gap causes higher temperatures, so that a heat flux enters the loaded
side of the disk. At the unloaded backside of the disk, heat fluxes leave
the rotor disk through active or passive cooling mechanisms.

This means that gap heights tend to be larger towards the outer
radius of the bearing in the TEHD simulation, as the rotor disk bends
away further with increasing radius. For wear to occur, the minima l
gap between the rotor disk and the top foil surface has to get lower
than a critical value. If rotor disk bending is taken into account, w ear
towards the outer radius of the bearing is reduced, while wear near th e
inner radius is increased.

An interesting conclusion of this comparison is the similarity of the
obtained wear patterns. As can be seen, the thermal bending of the
rotor disk only causes small deviations between the isothermal wear

Fig. 19. Comparison of the numerical patterns of wear (a) under thermal condition s (TEHD) and (b) under isothermal conditions (EHD)..
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result of Fig. 19(b) and the TEHD wear result of Fig. 19(a). Obviously,
the location of the three characteristic wear spots of the single-foil
bearing can be traced back to the specific design of this bearing type.
Due to the upwards bending of the trailing edge as depicted in Fig. 6(c),
the main wear spot always lies near the trailing edge of the top
foil sector. The size of the other two wear areas near the inner and
the outer radius�as marked in Fig. 8(b)�depend on the temperature
distribution.
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which is mounted opposite to the thrust bearing of Fig.1a. The
bearing consists of a base plate and 6 individual bearing pads
with one bump foil and one top foil each. The bump foil is made
up of 3 bump strips with three, four, and �ve bumps, respec-
tively. The bumps of the bump foil are arranged parallel to the
trailing edge of the top foil. The bump foil creates a compli-
ant understructure for the smooth top foil. Through the use of
bumps with speci�c heights, a taper-land height pro�le is cre-
ated as depicted in Fig.1b. The land area is �at, while the taper
region ascends from the �xation at the leading edge towards the
transition line. The angular velocityWof the rotor is marked in
Fig. 1b. Figure2 shows the assembly of the rotor in a cut view
with the different model components. Note that the bearing in
this analysis possesses an outer diameter of 60mm.

The model contains the calculation of the air �lm pressure in
the lubricating air gap between the rotor disk and the top foils
(Section2.1), the calculation of bump and top foil deformations
(Section2.2) as well as rotor disk deformations (Section2.3),
the calculation of the air �lm temperature (Section2.4), and the
calculation of the rotor temperature (Section2.5) as well as the

top foil temperature (Section2.6). The section is �nished by
details on the air �lm height and misalignment (Section2.7).

2.1. Air �lm pressure
The pressurepi(x;y) in each lubricating air �lm is calculated
via the generalized Reynolds equation in [19]. Herein, the den-
sity r and the viscosityh are determined using an averaged
�uid temperatureTm;i(x;y). The latter is calculated by averag-
ing the air �lm temperatureTi (see Section2.4) over the gap
heightHi (see Section2.7), cf. [20]. Note that the indexi refers
to the number of the bearing pad:

¶
¶x

�
r (pi ;Tm;i)H3

i

12h(Tm;i)
¶ pi

¶x

�
+

¶
¶y

�
r (pi ;Tm;i)H3

i

12h(Tm;i)
¶ pi

¶y

�

=
¶
¶x

�
r (pi ;Tm;i)UHi

2

�
+

¶
¶y

�
r (pi ;Tm;i)VHi

2

�
: (1)

The valuesU = Wy and V = � Wx describe thex- and y-
component of the rotor disk velocity. The remaining parameters
are listed in Table1.
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Table 1
Air �lm parameters

Variable Value Description

r
p

RTm;i
Density

R 0:287kJ=(kg� K) Gas constant of air

h

h
� 1:75� 10� 11

�
Tm;i

[K]

� 2

+ 5:68� 10� 8
�

Tm;i

[K]

�

+ 3:06� 10� 6
i
[kg=(m� s)]

Viscosity

The 2D pad region on which equation (1) is solved is equiv-
alent to the bearing pad depicted in Fig.1b. Due to the sudden
increase in �lm height at the outer borders of the bearing pad,
the pressure at the pad edges is assumed to be at ambient pres-
surep0.

2.2. Top and bump foil deformations

This section describes the equations for the calculation of the
deformations of top and bump foils in the thrust bearing. Table2
lists the relevant parameters for the calculation of the foil de-
formations. For both types of foils, the Reissner-Mindlin shell
theory [21] is applied. It allows for three translational degrees
of freedomvk with k = f 1;2;3g and two rotational degrees of
freedomwa with a = f 1;2g of the shell middle surface. The
constitutive equations of the shell theory are:

qa = Gt � aal gl � kS;

mab = BHab l m �
kl m � bs

l j ms
�

;

nab = DHab l m j l m � bb
r mar :

(2)

Note thatnab represents the stress resultant tensor,qa is the
transverse shear stress andmab is the moment tensor. The
elasticity tensorHab l m for a linear elastic, homogeneous and
isotropic material reads as

Hab l m =
1� n

2

�
aal ab m+ aamab l +

2n
1� n

aab al m
�

: (3)

Table 2
Foil parameters

Variable Value Description

E 210GPa Young's modulus

n 0:3 Poisson's ratio

t
75µm
100µm

Bump foil thickness
Top foil thickness

kS 5=6 Shear correction factor

di;T 30mm Top foil inner diameter

do;T 60mm Top foil outer diameter

In equation (2), aal is the metric tensor,bs
l is the curvature

tensor, andkS is the shear correction factor. Furthermore,D is
the stretching stiffness,B is the bending stiffness, andGt is the
shear stiffness de�ned as

D =
Et

1� n2 ; B =
Et3

12(1� n2)
; Gt =

Et
2(1+ n)

; (4)

whereE is Young's modulus andn is Poisson's ratio of the steel
foils. The three strain variablesj ab , kab , andga are given as

j ab = vbja � v3bab ;

kab =
1
2

�
wa jb + wbja

�
;

ga = wa + v3;a + vl bl
a :

(5)

Finally, the equilibrium equations read as follows:

� pb = nab ja � qa ba
b ;

� p3 = nab bab + qa ja ;

0 = mab ja � qb :

(6)

Herein, ~p = pa~aa + p3~a3 are the external forces and~na =
nab~ab + qa~a3 and~ma = mab~a3 � ~ab are the internal force vari-
ables.

External forces on the top foils originate from the pressure
in the lubricating air gap. Therefore, the air �lm pressure is im-
plemented as an external load in the calculation of the top foil
de�ections. On the other hand, the resulting top foil deforma-
tions in�uence the gap function and – in turn – change the pres-
sure pro�le in the lubricating air gap. For details on the height
function see Section2.7.

Contacts between the top foil and the bump foil as well as
between the bump foil and the base plate are included in the
model. The normal contact forceFN is implemented using a
penalty formulation,FN = cDv3, c = 1� 1011N=m being the
penalty stiffness andDv3 the penetration depth.

The tangential behavior between top and bump foil is mod-
eled via a stick-slip approach with regularized Coulomb fric-
tion, cf. [22]. The tangential forceFT = m� step(DvT)FN acts in
the direction opposite to the relative sliding motionDvT. mis the
friction coef�cient (m= 0:1 assumed here for all contacts) and
step describes a regularized sign function with a small transi-
tion zone. In this way, the foil sandwich is represented as a 2D
nonlinear structural shell model. The nonlinearity arises from
the contact formulation.

It should �nally be mentioned that thermal deformations of
the foils are not considered in this model. Although the ther-
mal behavior of the thrust bearing is crucial for safe operation,
thermal expansion of the top foil can be neglected as it causes
in-plane deformations and does not contribute to changes in the
lubricating gap height. Furthermore, the design of the bearing
with individual pads and independent top and bump foils re-
duces the impact of thermal deformations further. The top foil
temperature and the heat conduction through the bump foil is
discussed in Section2.6.
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2.3. Rotor deformations
Due to the high angular velocityW, the rotor and rotor disk
are modeled with an axisymmetric model, both for the rotor
deformationsvr (r;z) in radial andvz(r;z) in axial direction and
the rotor temperatureTR (see Section2.5). The deformations are
obtained through the Navier-Lamé equations with centrifugal
forces and thermal stresses, cf. [23,24]:

mR

�
Ñ2vr �

vr

r2

�
+ ( gR + mR)

¶
¶r

�
1
r

¶
¶r

(rvr ) +
¶vz

¶z

�

� eR
¶DTR

¶r
= � r RrW2;

mRÑ2vz+ ( gR + mR)
¶
¶z

�
1
r

¶
¶r

(rvr ) +
¶vz

¶z

�

� eR
¶DTR

¶r
= 0

(7)

with

gR =
ERnR

(1+ nR)(1� 2nR)
;

mR =
ER

2(1+ nR)
;

eR =
ERaR

1� 2nR
:

(8)

gR is the Lamé constant andmR is the shear modulus. The con-
stanteR describes thermoelastic stresses withDTR = TR � Tref
being the disk temperature difference with respect to a refer-
ence temperatureTref = T0 = 20°C. Further,r R is the density,
aR is the thermal expansion coef�cient,ER is Young's modu-
lus, andnR is Poisson's ratio of the rotor material. Table3 lists
the relevant parameters for the calculation of the rotor deforma-
tions.

Table 3
Rotor parameters

Variable Value Description

ER 210GPa Young's modulus

nR 0:3 Poisson's ratio

aR 13� 10� 6K� 1 Thermal expansion coef�cient

2.4. Air �lm temperature
The temperature �eldTA;i(x;y;z) of each sector is obtained from
the 3D compressible energy equation, cf. for example [11]:

r cP

�
u

¶TA;i

¶x
+ v

¶TA;i

¶y

�
=

�
¶
¶z

�
l

¶TA;i

¶z

��

+
�
u

¶ p
¶x

+ v
¶ p
¶y

�
+ h

" �
¶u
¶z

� 2

+
�

¶v
¶z

� 2
#

: (9)

The four terms describe the convective heat transfer, diffusive
heat transfer (conduction), the power of pressure forces, and

dissipation resulting from shear forces, respectively.l is the
heat conductivity,cP is the heat capacity, andu andv are thex-
andy-velocities of the lubricating air. Table4 lists the de�nition
of the heat capacity and the heat conductivity of air depending
on the air temperature.

Table 4
Energy equation parameters

Variable Value Description

cP

"

2:43� 10� 4
�

TA;i

[K]

� 2

� 7:7� 10� 2
�

TA;i

[K]

�

+ 1008
i
[J=(kg� K)]

Heat capacity

l

h
� 2:1� 10� 8

�
TA;i

[K]

� 2

+ 8:46� 10� 5
�

TA;i

[K]

�

+ 2:89� 10� 3
i
[W=(m� K)]

Heat conductivity

At the interfaces of the air �lms to the respective top foils,
the temperatureTA;i is coupled via interface conditions to the
top foil temperatureTT (see Section2.6), i.e. temperatures and
heat �uxes are set to be equal. At the inlet boundary of the lu-
bricating gap, the temperature is assumed to be the same as the
rotor disk temperature. This assumption has been shown to be
a good approximation, see [17,25]. As the model contains 6 in-
dividual air �lms and a single rotor model, the heat �uxes of all
air �lm sectors into the rotor disk can be given as a �ux bound-
ary condition for the rotor disk temperature. For the individual
air �lms, the temperature at the interface to the rotor disk is set
to the rotor disk temperatureTR (see Section2.5).

2.5. Rotor temperature
The rotor and rotor disk temperatureTR(r;z) is calculated via
the heat conduction equation

¶
¶r

�
l Rr

¶TR

¶r

�
+

¶
¶z

�
l Rr

¶TR

¶z

�
= 0: (10)

The heat conduction of the rotor material isl R = 12W=(m� K).
The boundary conditions of the rotor and rotor disk are crucial
for the determination of the rotor temperatureTR. As mentioned
in Section2.4, the incoming heat �ux into the rotor disk from
all lubricating air gaps is enforced as a heat �ux boundary con-
dition at the interface to the bearing pad, cf. [17]. The heat �ux
qgap;i(r) of each individual air �lm can be calculated as

qgap;i(r) =
1

2p

j tZ

j l

�
l ¶ TA;i

¶z

� �
�
�
�
Interface

r dj ; (11)

where the temperature gradient is evaluated at the interface to
the rotor disk. The anglesj l andj t are the angles of the leading
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edge and the trailing edge of the bearing pad, respectively. The
total heat �uxqgap(r) into the rotor disk now reads as follows:

qgap(r) =
6

å
i= 1

qgap;i(r): (12)

At the backside of the rotor disk, the disk rotation causes an
air�ow. The heat �ux that leaves the disk is calculated from the
temperatureTC(r;z) in this region which is obtained from the
energy equation (assuming axisymmetry):

¶
¶z

�
l C;eff

¶TC

¶z

�
= r CcP;C

�
uC

¶TC

¶r
+ wC

¶TC

¶z

�

� r C (nC + nCT)

" �
¶uC

¶z

� 2

+
�

¶vC

¶z

� 2
#

: (13)

Here, l C;eff is an effective thermal conductivity according to
[26], r C the density,cP;C the isochoric heat capacity andnC and
nCT are the kinematic viscosity and the turbulent kinematic vis-
cosity according to Cebeci and Smith [27]. The velocity �eld
consisting of the radial velocityuC, the circumferential veloc-
ity vC and the velocitywC in z-direction is calculated from the
boundary layer equations for steady incompressible axisym-
metric �ow (neglecting a radial pressure gradient), see [27].

In the radial gap between the rotor disk and the housing, the
disk rotation also causes an air�ow. It is assumed to be laminar
with purely circumferential �ow (Couette �ow) and with lin-
early decreasing velocity over the radial coordinate (disk speed
at the inner boundary, zero speed at the outer boundary). This
simple assumption is made as the initial gap widtht is 200µm
and decreases below 100µm at high rotational speeds due to
centrifugal effects. Thus, the 2D energy equation

¶
¶r

�
l RGr

¶TRG

¶r

�
+

¶
¶z

�
l RGr

¶TRG

¶z

�
= � rhRG

�
WrD

t

� 2

(14)

including dissipative heating is solved to obtain the temperature
pro�le TRG(r;z) in the radial gap. In equation (14), l RG is the
thermal conductivity,hRG is the dynamic viscosity of air in the
radial gap,rD is the disk radius andt is the gap width with
account of disk deformations.

2.6. Top foil temperature
The top foil temperature pro�leTT;i(x;y) of each top foil is ob-
tained by the planar heat conduction equation

� l TtTDTT;i = qT;in + qT;out (15)

with constant heat conductivityl T = 12W=(m� K) and
thickness tT of the top foils. The heat �uxesqT;in =�

l
¶TA;i

¶z

� �
�
�
�
Interface

as well asqT;out = qb at the contact lines

andqT;out = qc everywhere else is solved. Over each top foil,
an incoming heat �ux from the lubricating gap is calculated.
A possible cooling heat �uxqc originating from active cool-
ing can be implemented as well, but is neglected in the present
study. Heat conduction from each top foil into the base plate

is modeled as an outgoing heat �uxqb = �
2

Rth
(TT;i � TBase) at

the contact lines between top and bump foil, visible in Fig.1b.
Herein,Rth = RTB;air + Rbump+ RBb;air is the thermal resistance
of a half bump arc composed of the thermal contact resistance
between top and bump foilRTB;air, thermal conduction resis-
tance of the half-bump arcRbump and the contact resistance be-
tween bump foil and base plateRBb;air, cf. [28]. The leading
edge of the top foil is assumed to have the same temperature as
the air at the inlet. On the remaining three boundaries, a zero
heat �ux condition is imposed. Note that the in�uence of the
pressure acting upon the foil sandwich is of subordinate impor-
tance for the thermal contact resistances [17].

2.7. Air �lm height and misalignment
For the numerical analysis of the thrust bearing, the �lm height
function H(x;y) is crucial. It is affected by the bearing de-
sign, but also includes the deformations of the bearing com-
ponents. Each bearing pad possesses an individual height func-
tion Hi(x;y):

Hi(x;y) = zR � v3;T;i + vz(z= 0;r)+ Hmis: (16)

Herein,v3;T;i is the deformation of thei-th top foil and is in-
dividual for each pad. The remaining values are the same for
each bearing pad:zR displays the axial position of the rotor,
vz(z = 0;r) is the deformation of the rotor disk underside (see
Fig. 2), andHmis represents the misalignment between the rotor
disk and the bearing:

Hmis = � tan(bmis)x+
tan(amis)
cos(bmis)

y: (17)

The two misalignment anglesamis and bmis are displayed in
Fig. 3.

2.8. Computational details
This section describes details of the computation of the fully
coupled TEHD FE model. The model has roughly 2.1 million
degrees of freedom (DOF) plus approximately 320 000 internal
DOFs. A direct MUMPS solver is used to �nd the stationary
solution for a given set of parameters. While the bearing design
and the underlying geometrical parameters for the various com-
ponents obviously play a key role in the performance of thrust
bearings, the main parameters for the presented study comprise
the angular velocityW, the minimal gap heightHmin and the
misalignment anglesamis andbmis.

In order to generate a solution for the full model, a multi-
step approach is used for convergence improvement. This ap-
proach starts with different segregated parts of the model (en-
ergy equation, shell equations, surrounding) in order to gener-
ate adequate starting solutions for the complete fully coupled
model. The �rst fully coupled simulation starts with very low
rotational speeds and relatively large gap heights (i.e. low loads)
and without misalignment of the components. In the next step,
the rotational speed is increased in steps up to the desired speed
of 100krpm. Next, the minimal gap height parameterHmin is
decreased in order to obtain higher loads. In the last step, the
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4. CONCLUSIONS

A detailedTEHD modelfor air-foil thrustbearingsconsidering
misalignmentbetweenthe rotor disk andthebearinghasbeen
presented.The model containsan in-depthdescriptionof the
foil deformationsvia a shell modelaswell asa modelfor ro-
tor androtor disk de�ections.The 2D compressibleReynolds
equationandthe3D energyequationaresolvedfor eachbear-
ing pad.Furthermore,thetemperaturesof thetop foils, thero-
tor, and the surroundingair arecalculatedin the model.This
allowsfor thefully coupledanalysisof bump-typethrustbear-
ings with full accountof the thermalin�uences of individual
padswhenmisalignmentis present.

Numericalresultswith thismodelshowthein�uenceof com-
ponentdeformationson theheightfunctionand,subsequently,
on thebearingperformance.Theinitial taper-landheightfunc-
tion is degradedby top foil saggingandthermalbendingof the
rotordisk.While topfoil saggingis causedby thepressureload
onto the top foil combinedwith line-typesupportof thebump
foil understructure,thermalbendingof therotordisk is a result
of theaxial temperaturegradientin therotordisk.This temper-
aturegradientis causedby the hot temperaturesin the lubri-
catinggapthroughdissipationon theonehandandthecooling
of the rotor disk throughconductioninto the surroundingson
the otherhand.The rotation-inducedair�ows aroundthe run-
ner disk at the outerperimeterandat the disk backsideplay a
key role in this regard.

It is shownthatmisalignmentcausesanunevendistribution
of theloadontothebearingpads.However,resultsindicatethat,
for thepresentedmisalignmentcases,thecompliantfoil thrust
bearingwasableto compensateandstill showsimilar loadca-
pacities.As a downside,thepowerlossof thethrustbearingis
increaseddueto theunevenloading.

Throughthemodeling of thefull bearing with accountfor all
individual bearingpadswith individual heightfunctions,small
temperaturedifferencesin the lubricatingair temperaturecan
be observed.The computationaleffort for eachsimulationis
highly increasedwhencomparedto amodelwith areducedap-
proachconsideringonly a single bearingpad.By contrastto
the reducedinvestigation,only this fully coupledapproachis
appropriatefor TEHD simulationswith misalignment.Thede-
tailedmodelallowsfor the investigationof foil thrustbearings
undermisalignmentconditionsin greatdepth.However,with
this level of model complexity,an extensiveparametervaria-
tion for geometricaldimensionsis no longerpossible.
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A B S T R A C T

This paper presents a method for passively compensating thermal bending distortions of the thrust disk in
gas thrust bearings by passive approaches. Thermal bending displaysa prominent problem in hydrodynamic
thrust bearings, especially in connection with air bearings. Axia l temperature gradients cause the rotor disk to
dish which in turn diminishes the lubricating gap topology and reduce s the load capacity of the bearing.
Consequently, the bearing performance is decreased and the bearing may even fail. The here proposed
straightforward solutions are small changes in the rotor and runner disk design and are therefore rather
simple and inexpensive to adopt. They comprise asymmetric mass distributions, recesses, disk cuts, and dual-
material rotor disks. In order to show the benefit for the thrust bearing performance, detailed multiphysical
numerical simulations of a representative rotor assembly with a foil t hrust bearing are presented. The fully
coupled finite element model calculates the deformations of the foil package (2D Reissner�Mindlin type shell
equations), lubricating air film pressure (2D compressible Reynolds equation), air film temperatures (3D energy
equation), and thermo-elastic deformations of the rotor and rotor disk (2D Nav ier-Lamé equations including
centrifugal forces and thermal stresses). When the proposed design changes are applied, the model predicts
reduced thermal bending, marked improvements in load capacity a s well as decreased temperatures. The load
capacity increase ranges up to 43% for an optimized design when compared against a standard symmetric
design. Also, the sensitivity of different design parameters is discussed in detail. The suggested disk design
changes may be applied to a broad variety of rotor-bearing systems. However, the design has to be tailored
to the specific and individual machine operating conditions.

1. Introduction

Hydrodynamic thrust bearings are a very popular and widely used
machine part that supports axial loads in various machines. Depending
on the application, expected relative speeds and loads, thermal and
environmental conditions or the available space, different lubri cants
are eligible for the bearings. Possible lubricants comprise gases such as
air or CO2 [ 1,2]. Gas bearings can again be divided into compliant [ 3�
9] and rigid [ 10� 12] bearing types. Other possible lubricating fluids are
water [ 13,14] or oil [ 15,16]. The oil-lubricated hydrodynamic thrust
bearing can be used in various applications such as turbochargers,
gearboxes, generators, etc. [17,18]. In this manuscript, air foil bearings
are considered. However, the main findings are applicable to other
thrust bearing types in a similar manner.

For all of the aforementioned bearings, a thrust disk on the rotor is
necessary in order to act as a counterpart for the bearing surface. Due to

< Corresponding author.
E-mail address: eickhoff@ad.tu-darmstadt.de (M. Eickhoff).

the rotational speed of the rotor disk with respect to the stationary bear -
ing and the wedge-shape of the resulting lubricating gap, hydrodyna mic
pressure is generated that can carry thrust loads acting upon the rotor.
Fig. 1 shows a typical high-speed rotor-bearing assembly comprising
a rotor with a rotor shaft, a rotor disk, a compressor wheel and two
journal bearings (green) as well as a dual-sided thrust bearing (base
plate in blue, bearing foils not shown). The air film (red) separates
the rotor disk and the top foil of the thrust bearing. The structure of
the air foil thrust bearing is described in detail in Section 3. In typical
applications of air bearings, the high rotational speeds of the rotor
cause high gas temperatures through dissipation in the lubricatin g gap.
The resulting heat fluxes into the surrounding components are main ly
directed into the bearing itself and into the runner disk. While t he heat
entering the bearing is usually noncritical for bearing operati on and
can be faced with active or passive cooling, the heat fluxes entering
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Nomenclature

� Laplace operator.
( Nabla operator.
B Bending stiffness in shell theory in N_m2.
c Penalty stiffness in contact formulation in

N_m2.
cP Heat capacity of air film in J_.kg K/.
cP;air Heat capacity of air in J_.kg K/.
cP;C Heat capacity of flow on disk backside in

J_.kg K/.
D Stretching stiffness in shell theory in N_m2.
E Young's modulus in shell equations in

N_m2.
ER Young's modulus of the rotor material in

N_m2.
Fn Normal contact force in N.
Ft Tangential contact force in N.
Gt Shear stiffness in shell theory in N_m2.
H Air film height in m.
H 0 Initial taper-land air film height in m.
H min Minimal air film height in m.
kS Shear correction factor in shell theory

(unitless).
n Rotational speed in rpm.
’n Normal vector.
p Air film pressure in Pa.
p0 Ambient pressure in Pa.
p1 External load in shell theory in N_m2.
p2 External load in shell theory in N_m2.
p3 External load in shell theory in N_m2.
p3

T External axial load on top foil in N_m2.
qT;in Heat flux into the top foil from the air film

in W.
qT;out Heat flux from the top foil into the

understructure in W.
r Radial coordinate in m.
R Radius of curvature in shell theory in m.
Rair Specific gas constant of air in J_.kg K/.
rD Outer radius of rotor disk in m.
Rth Thermal resistance between top foil and

base plate (bump resistance) in W_K.
step Regularized step function for contact formu-

lation.
t Shell thickness in m.
T Air film temperature in K .
T0 Ambient temperature in K .
T1 Hot test temperature in K .
T2 Cold test temperature in K .
tB Bump foil thickness in m.
Tbase Base plate temperature in K .
TC Temperature of the flow on disk backside in

K .
tinit Initial radial gap thickness in m.
Tm Height-averaged air film temperature in K .
TR Temperature of the rotor shaft and disk in

K .

the runner disk cause an axial temperature gradient which in turn
causes thermoelastic bending of the runner disk directed away from
the bearing. This bending changes the shape of the lubricating gap and

Tref Reference temperature in K .
tRG Radial gap thickness in K .
TRG Temperature of the radial air gap in K .
tT Top foil thickness in m.
TT Top foil temperature in K .
u Air film velocity in x-direction in m_ms.
U x-component of disk velocity in m_s.
uC Radial velocity of flow on disk backside in

m_s.
v Air film velocity in y-direction in m_s.
V y-component of disk velocity in m_s.
v1 Shell deformation in x-direction in m.
v2 Shell deformation in y-direction in m.
v3 Shell deformation in z-direction in m.
v3;B Axial bump foil deformation in m.
v3;T Axial top foil deformation in m.
vC Circumferential velocity of flow on disk

backside in m_s.
vr Radial deformation of the rotor in m.
vz Axial deformation of the rotor in m.
w1 Angular shell deformation.
w2 Angular shell deformation.
wC Axial velocity of flow on disk backside in

m_s.
x Cartesian coordinate.
x land Location of taper-land transition in m.
y Cartesian coordinate.
z Axial coordinate.
„z Scaled axial coordinate of air film.
zR Axial rotor position in m.
� R Thermal expansion coefficient of the rotor

material in K *1 .

 R Lamé constant of the rotor in N_m2.
�T Temperature difference for thermal bending

example in K .
�T R Temperature difference of the rotor in K .
�v 3 Penetration depth, relative normal displace-

ment of contact partners in m.
�v tan Relative tangential displacement of contact

partners in m.
� R Thermo-elastic constant for rotor deforma-

tions in Pa_K.
� Viscosity of air film in Pa s.
� air Viscosity of air in Pa s.
� RG Viscosity of air in radial gap in Pa s.
� Thermal conductivity of air film in Pa s.
� air Thermal conductivity of air in W_.m K/.
� C;ef f Effective thermal conductivity of flow on

disk backside in W_.m K/.
� R Thermal conductivity of rotor material in

W_.m K/.
� RG Thermal conductivity of air in radial gap in

W_.m K/.

reduces the load capacity of the bearing, which can lead to even higher
temperatures and machine failure (thermal runaway).

The thermal bending effect has been described for hydrodynamic
oil bearings by Robinsonand Cameron[ 19]. They present a three-part
study on the theory and experiments regarding thrust bearing distorti on
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� T Thermal conductivity of top foil material in
W_.m K/.

� Coefficient of friction in contact formula-
tion.

� R Shear modulus of the rotor in N_m2.
� Poisson's ratio in shell equations.
� C Kinematic viscosity of flow on disk backside

in m2_s.
� CT Turbulent kinematic viscosity of flow on

disk backside in m2_s.
� R Poisson's ratio of the rotor material.
� C Density of flow on disk backside in kg_m3.
� R Density of the rotor material in kg_m3.

 Angular velocity of the rotor in rad_s.

Fig. 1. Cut-view of an exemplary rotor-bearing assembly.

lubrication, stating that the thermal bending of the collar (rotor disk)
is a result of the axial temperature gradient.

With regard to foil thrust bearings, it should be stressed that pio-
neering and comprehensive work on the behavior of foil journal and
thrust bearings has been carried out by researchers from NASA and
the Case Western Reserve University in the 2000s and the following
years [20� 28]. Thermal bending of the rotor disk has been highlighted
in Dykaset al. [ 23] and Dykas[ 24]. It is explained that the thermal
modeling of thrust bearings is highly important as the thermal distor -
tions of the runner disk may significantly influence the gas film h eight
inside the bearing.

In [ 24], Dykasalso presents specific recommendations and examples
of alternative runner disk designs, mostly aimed at the improvement
of heat transfer from the disk towards the surrounding. He even men-
tions the possibility of runner disk designs aiming at the reduction
of thermally-induced convexity (thermal bending). The designs state d
there are not usable in a dual-sided bearing as they possess a non-flat
backside.

Several other authors have contributed to the improvement of the
analysis of gas (foil) thrust bearings [ 5,20]. The significance of the
thermal bending effect has been analyzed further by Lehn [ 6] and
recently by Xiong et al. [ 29].

Fig. 2 illustrates the thermal bending which is directed away from
the hot, loaded bearing side.

There is an established way to reduce the thermal bending effect
which consists of an active cooling of the thrust bearing. However,
an active cooling�typically guided underneath the top foil�poses an
additional expenditure in power, the need for cooling channels and
cooling air supply and results in a decrease in machine efficiency.

The main new contributions of this work are:

Fig. 2. Thermal bending of the rotor disk (exaggerated) directed away from the h ot
bearing side resulting from the supported thrust force.

ÖCompensation approaches for the commonly observed thermal
bending phenomenon of the rotor disk in thrust bearings are
presented using passive effects without additional expenditure of
energy.

ÖThe main idea is to make use of centrifugal forces that generate
a bending moment in the rotor disk that causes a deformation
counteracting the thermal bending effect. Different measures can
be considered in order to generate a compensating effect.

� Using asymmetric rotor disk mass distributions causing a
bending moment through centrifugal forces, see Fig. 3. The
resulting centrifugal force does not act along the rotor disk
centerline depicted by the dotted line, therefore causing a
bending moment for the rotor disk.

� Applying recesses or asymmetrically placed radii or notches
at the base of the rotor disk causing a bending moment
through centrifugal forces.

� Implementing isolation layers or cuts to reduce the axial
temperature gradient and reduce thermal bending.

� Utilizing different materials (with different densities or ther -
mal expansion properties) for dual-material rotor disks and
making use of centrifugal and thermal expansion effects.

ÖA fully coupled air foil thrust bearing finite element (FE) model is
presented incorporating a standard rotor disk geometry S as well
as a new proposed optimized design O in order to compensate the
thermal bending of the rotor disk.

ÖDetailed results of the fully coupled thermo-elasto-hydrodynamic
(TEHD) thrust bearing model including pressure distributions,
height functions and rotor temperatures at high rotational speeds
and loads are presented.

ÖA direct comparison is drawn between the standard design S and
different optimized designs. Temperatures, deformations, thrust
loads and power losses are shown in order to evaluate the benefit
of the proposed design changes.

ÖThe impact of changes in single design parameters is investigated
and a second optimization step for maximum load capacity of the
bearing is presented.

While the focus of this work lies on the improvement of gas bearings,
it should be mentioned that oil thrust bearings possess a very similar
design when compared to gas bearings. Researchers report runner disk
distortions in oil bearing applications as well which may influenc e their
performance [30,31]. However, due to the higher viscosity of oil and
the resulting smaller runner disk diameters as well as the differen t heat
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Fig. 3. Comparison of the optimized rotor disk design O (top half) including an
asymmetric mass distribution as well as a combination of a recess and a rounding
at the base of the disk vs. the standard symmetric design S (bottom half).

transfer mechanisms, it is expected that the impact of the proposed
approaches is most significant in air bearing applications.

Moreover, it should be emphasized that the current study is a purely
numerical analysis of the effect of runner disk design changes for thrust
bearing performance. The presented results have not yet been validated
by test rig measurements. The development of the necessary test rig
setup and validation of the results in this paper may be accomplished
in future works. The detailed multiphysical TEHD finite element m odel
presented here has been validated in previous works for different
bearing designs [6,8,9]. Therefore, the presented numerical study with
a modified runner disk design should give a reasonable insight in the
qualitative and quantitative impact of the design changes for t he overall
bearing performance.

This paper is organized as follows: Section 2 gives insight into
the different approaches for compensating the thermal bending effect.
Section 3 presents the detailed TEHD model for the air foil thrust
bearing and the rotor. Section 4 shows results of stationary numerical
analyses of the rotor-bearing system including a comparison of a stan-
dard rotor disk design S and optimized design variants incorporating
the aforementioned compensation approaches. The paper is concluded
in Section 5.

2. Technical solution approach

This article presents straightforward measures for passively com-
pensating thermal bending of the rotor disk in hydrodynamic thrust
bearings [32]. Fig. 4 depicts the different measures that are considered
here. Thermal bending is the result of an axial temperature gradi-
ent in the rotor disk that develops during operation (hot air film
on the loaded bearing side, colder surrounding air on the opposite
side, see Fig. 2). This thermal bending is directed away from the
loaded bearing and reduces load capacity by causing increasing film
heights towards the outer radius, leading to an uneven load distribu-
tion. The design changes of the runner disk that are proposed here
introduce a positive second bending deformation that compensates the
negative and unwanted thermal bending deformation. Fundamentall y,
centrifugal forces caused by the rotation of the runner disk are ex-
ploited to cause disk bending in the direction opposite to the thermal
bending. The following list explains different measures to genera te
centrifugal-induced disk bending as displayed in Fig. 4.

ÖA: The rotor disk possesses an asymmetric design with mass over-
hangs or bulges on a single disk side. The resulting asymmetric
mass distribution leads to an offset between the center of mass of
the disk and the disk centerline. In this configuration, centrifug al
forces cause a bending moment on the disk, resulting in a bending
deformation directed towards the loaded bearing side.

ÖB: When the rotor disk possesses two different radii at its base
at the connection to the rotor shaft or a single notch, the strains
resulting from centrifugal stresses are different on the two disk
sides, resulting in a bending deformation of the rotor disk. This
effect can also be achieved by applying recesses or undercuts.

ÖC: The rotor disk possesses a cut in its center. The resulting gap
is either filled with air or with an additional isolating layer. Thi s
reduces the axial heat flow and favors radial heat flow, leading to
a reduced axial temperature gradient. Consequently, the thermal
bending deformations of the rotor disk are reduced.

ÖD: The rotor disk is designed as a two-part disk with two different
materials. Due to differences in the densities of the materials, the
resulting centrifugal force is again offset from the disk centerlin e.
Alternatively, the different coefficients of thermal expansion of
the two materials can be exploited to cause a favorable bending
deformation when the rotor disk temperature is increased during
operation.

Based on a detailed parametric optimization study with the TEHD
bearing model of Section 3, an optimized new design O has been
developed, comprising a combination of the effects A and B (effects
C and D are not considered further). Fig. 3 (above) displays the pro-
totype design of the optimized disk which is�in Section 4�used for a
comparison with the standard design S. The presented optimized design
O is based on simple manufacturing steps, allowing for fast and cost-
efficient production. The optimized design O features an asymmetri c
mass distribution of the rotor disk that is achieved by applying a cham-
fer to one side of the rotor disk at the outer disk radius. Additionally,
a specific layout of a recess at the base of the disk on one side and
a rounding on the other side is used, see Fig. 6. For comparison,
the standard, traditional rotor disk design S with simple symmetric
roundings, displayed in the bottom half of Fig. 3 is used.

It should be mentioned that the shafts depicted in the sketches are
solid. For weight saving and for multi-part shaft designs, hollow shafts
are also frequently applied. The shaft design (solid or hollow) does not
markedly influence the solution approaches given in this section an d
the optimization results of Section 4. The calculations in Section 4 have
been carried out with hollow shafts, depicted in Fig. 3.

It should be noted that the applicability of the proposed design
changes might be limited:

ÖConcerning the generation of asymmetric mass distributions by
a mass overhang as in approachA, the designer might be limited
by housing or overall machine dimensions. For the slight increase
in outer diameter of the rotor disk, the housing has to possess
additional space. However, the required additional space is only
in the order of millimeters, cf. Section 4.2.

ÖFurthermore, it should be stressed that the shafts in this study
are assumed to be manufactured as a single part. In practice,
multi-part shaft designs are also frequently applied. For multi-
part shafts, the recess feature approach of approachB may not
be applicable in the same way as for single-part shaft designs.

ÖAnother very important aspect of the proposed approaches is the
increase in stresses for the rotor material if approach B is applied
(recess feature). The designer has to include the geometry changes
in the design stage in order to account for stress concentrations in
the rotor, which are mainly caused by the application of recesses
or notches. Please note that the designs shown in this work do
not cause critical stress values.
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Fig. 4. Different technical approaches for compensating thermal bendin g.

Pre-study: Explanation of the basic compensation mechanism

This section is dedicated to the description of the extent of the
thermal bending effect and the proposed compensating design ap-
proaches. For this purpose, three simplified models have been set up
in order to illustrate and quantify thermal bending deformations an d
the compensation mechanism:

1 The first model investigates the thermal bending deformations of
the symmetric rotor disk design S at standstill. This is achieved
by imposing different temperatures to the two sides of the runner
disk. The results are displayed in Fig. 5(a).

2 The second model investigates the bending deformations of the
alternative runner disk designs RD1, RD2, and RD3 with differ-
ent mass overhangs. In this model, no temperature difference is
imposed to the runner disk. The results are displayed in Fig. 5(b).

3 The third model investigates the bending deformations of the
optimized runner disk design O for three different rotational
speeds. Again, no temperature difference is imposed to the run-
ner disk which means that no thermal bending is observed with
this model. The results are displayed in Fig. 5(c).

Fig. 5(a) shows the first test case where the thermo-elastic deformations
caused by an axial temperature gradient of the runner disk are calcu-
lated for a symmetric disk design S at standstill (n = 0 rpm). A high
temperature T1 is imposed to the bottom edge of the runner disk which
is located at the loaded bearing side of the rotor-bearing assembly (red
line). This line represents the interface between the runner di sk and the
hot air film. The top edge refers to the cooler, unloaded bearing side
with the colder temperature T2 (blue line). All remaining boundaries of
the rotor disk are assumed to be adiabatic. The imposed temperature
difference �T = T1 * T2 causes an axial temperature gradient and
consequently thermal bending deformations of the runner disk. Detail s
on the thermo-elastic model of the runner disk are found in Section 3.1.
Note that this model only accounts for thermo-elastic deformations of
the rotor at n = 0 rpm. With the help of this rather simple model, the
disk deformations for various temperature differences can be analyzed.
Fig. 5(a) displays the resulting thermal bending deformations for tem-
perature differences of up to 40 K evaluated at the interface between the
rotor disk and the air film (red line in Fig. 5(a)). The thermal bending
causes the rotor disk to deform away from the loaded bearing side by
up to 25 �m at the outer disk radius for �T = 40 K . It should be stressed

that the axial temperature gradient in a real machine applica tion is
not known a priori so that estimating thermal bending deformations
without a detailed full bearing model is not feasible.

Through the alteration of the classical symmetric rotor disk design
S of Fig. 3 in test case 2, the rotor disk deforms due to centrifugal
effects when it is rotating. In order to illustrate the impact of th e sug-
gested geometry changes,Fig. 5(b) shows the deformation of modified
runner disks for three different mass overhangs (outer radius rD =
31;32;33 mm) which represent different mass overhangs. The resulting
deformation lines can be observed on the right side of Fig. 5(b). Note
that these designs are later called RD1, RD2, and RD3 in Section4.2,
respectively. All calculations were carried out at the maximum rota-
tional speed of n = 120 krpm. The disk deformation is directed towards
the thrust bearing surface with a progressive slope towards the outer
diameter. Of course, the larger mass overhangs produce larger disk
deformations. For an outer radius of rD = 33 mm, the disk deflects up
to 30 �m at the outer radius. It will be explained in the later sections of
this manuscript that�among all proposed design changes�the mass
overhang has the most significant impact for compensating thermal
bending deformations of the runner disk.

As for test case 3, Fig. 5(c) shows the resulting deformation of
the runner disk of the optimized design O at the interface to the air
film for different rotational speeds. For increasing rotational speeds,
the resulting disk deformations increase nonlinearly. The shape of the
deformation lines is again showing increasing slops towards the outer
radius of the runner disk as in Fig. 5(b).

It is easy to imagine that a combination of the unwanted thermal
bending deformations with these opposite centrifugal deformations of
the runner disk may improve the shape of the lubricating gap height
towards a more uniform shape. It should also be mentioned that the
increase of these deformations with speed is rather convenient as the
thermal bending deformations are also increasing with higher temp er-
atures (connected to higher speeds) and are of a very similar�but
opposite�shape. This is the reason why the rotor disk design changes
may be used to compensate thermal bending deformations passively.

However, it is highly important that these countermeasures or
compensation approaches are tailored to the actual bearing application.
It is evident from Figs. 5(b) and 5(c) that the centrifugal deformations
might even exceed thermal bending deformations if the design changes
are not made with caution. An improper use of these design changes
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Fig. 5. Rotor disk bending mechanisms.

might even lead to a significant decrease in bearing as well as overall
machine performance.

In order to adequately, i.e. qualitatively and quantitatively , present
the impact on the performance of a representative bearing, the appli-
cation of the design approaches in an air foil thrust bearing assembly
is considered in this paper. Although the expected rotation-induce d
bending of the rotor disk due to centrifugal effects can be predict ed
with the help of a much more basic model (cf. Fig. 5), the consequences
for the bearing performance can only be quantified with a detail ed
investigation.

3. Numerical model

This section describes the numerical model used to analyze the foil
thrust bearing assembly with the standard (S) and the newly optimized
(O) rotor disk design. Although the proposed design changes of the

runner disk may be analyzed by a simple (thermo)-mechanical model of
the rotor, the significance of these alterations for bearing and ma chine
performance is showcased with the application in a foil thrust bea ring
assembly. A fully coupled, multiphysical finite element model is use d
to investigate the thermo-elastic, hydrodynamic and thermodynamic
behavior of the various bearing components. In typical applicat ions, a
dual-sided bearing guarantees that axial loads in both directions can be
carried, e.g. in shock loading scenarios, cf. Fig. 1. Frequently, turbo-
machines possess one main thrust direction in which loads have to be
supported by the thrust bearing. This means that dual-sided bearings
usually have a highly loaded and less loaded side. For the present
study, the numerical analysis focuses on stationary investigations of
the loaded bearing side in order to compare the plain standard rotor
disk design S with one of the featured optimized designs of this article.
Details on the modeling of the secondary less loaded side of the rotor
disk are given in Section 3.1.
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Subsequently, the individual bearing components and their model-
ing are described here. Section 3.1 describes the thermo-elastic and
thermodynamic behavior of the rotor shaft and the rotor disk which
is the focus of the presented design modification. Section 3.2 de-
scribes the governing shell equations for top and bump foils as well
as the modeling approaches for the foil temperatures and the heat flow
through the foil sandwich. Section 3.3 displays the Reynold's equation
and the energy equation for the calculation of air pressure and air
temperature. Moreover, the boundary conditions and the coupling of
the various bearing components and governing equations is described.
In Section 3.4, important numerical details of the solution process and
the solver strategy are presented.

3.1. Rotor shaft and disk

The thermo-elastic behavior of the rotor shaft and disk is analyzed
by coupled equations for the rotor disk deformations vr and vz and the
rotor temperature TR. Changes of temperature and deformations are
calculated with a rotationally symmetric model [ 6]. Thus, the tempera-
ture and the deformations are a function of the radial coordinate r and
the axial coordinate z only, i.e. TR = TR.r; z/. The radial deformation is
denoted by vr .r; z/ and the axial deformation analogously vz.r; z/.

Deformations are calculated using the Navier-Lamé equations [33,
34]:

� R

�
( 2vr *

vr

r2

�
+ . 
 R + � R/

)
)r

0
1
r

)
)r

.rv r / +
)v z

)z

1

* � R
)�T R

)r
= * � Rr
 2;

� R( 2vz + . 
 R + � R/
)
)z

0
1
r

)
)r

.rv r / +
)v z

)z

1

* � R
)�T R

)r
= 0

(1)

with the density of the rotor material � R = 8200 kg_m3, the angular
velocity 
 = 2�n

60
, and the temperature difference �T R = TR * Tref of the

rotor temperature to a reference temperature Tref = T0 = 20 °C. Eq. (1)
contains the constants
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Herein, ER = 210 GPais Young's modulus, � R = 0:3 is Poisson's ratio
and � R = 13 • 10 *6 K *1 is the thermal expansion coefficient of the rotor
material. The first two constants in Eq. (2) are the Lamé constant
 R and
the shear modulus � R. The third constant � R describes thermo-elastic
stresses.

The only external force in Eq. (1) is the centrifugal force in radial
direction, while gravity and the impact of the fluid pressure as we ll
as shear forces from the air film can be neglected. Fig. 6 depicts the
rotor domain of the optimized design O including the most important
geometrical dimensions and the mechanical boundary conditions. The
depicted design is the result of a parametric optimization study and
possesses an asymmetric mass distribution as well as a combination
of a recess and a rounding at the disk base, see Section2. The
rotors investigated in this paper are hollow (inner radius 2:7 mm).
All boundaries are assumed to be stress-free. The centrifugal force is
implemented as a body force, see Eq.(1). It should be mentioned that
the standard rotor disk design S is symmetric (rD = 30 mm, symmetric
roundings with radius 1:4 mm, seeFig. 11(a)).

For the calculation of the rotor temperature TR, the following heat
conduction equation is solved:
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The thermal conductivity of the rotor material is � R = 12 W_.m K/. The
rotor boundary is subdivided into 8 different sections a�h (see Fig. 7).
The following list describes the corresponding boundary conditions for
these sections:

ÖBoundary a:At this interface, the remaining rotor is cut off. It is
assumed that only a small portion of the heat entering the rotor
shaft passes this interface. Therefore, this boundary is assumed to
be adiabatic.

ÖBoundary b:Due to the low tangential velocities of the rotor on
this boundary and the small size, this boundary is assumed to be
adiabatic, i.e. diffusive and convective heat transfer is neglected.

ÖBoundary c:This boundary represents the interface to the lubricat-
ing air gap. This gap's thickness is in the order of microns when a
thrust load is applied to the rotor (negative z-direction in Fig. 7).
Due to high shear velocities, dissipative heating causes a heat flux
into the surrounding components, one of which being the rotor
disk at the interface boundary c. Details on the calculation of the
air temperature in the lubricating gap can be found in Section 3.3.
The rotor temperature TR is coupled to the lubricating air gap
temperature T via a Dirichlet and a Neumann boundary condi-
tion, meaning that the interface temperatures and heat fluxe s are
equal.

ÖBoundary d:The temperature TRG.r; z/ of the air in the radial gap
between rotor boundary d and the stationary housing is calculated
by the energy equation
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As the properties of air are temperature-dependent [35], the
thermal conductivity � RG is a function of the radial air gap
temperature TRG, i.e. � RG = � air.TRG/ with
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Analogously, the viscosity � RG is defined as � RG = � air.TRG/ with
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Furthermore, rD = 31 mm is the outer disk radius and tRG is the
thickness of the radial gap between the outer disk radius and the
housing. Due to the radial deformation of the rotor disk vr , the
gap height decreases during operation.
The formulation of the energy equation (4) is based on the
assumption that the flow in this air volume is a laminar cir-
cumferential Couette flow with a linear velocity profile over the
gap radius. Dissipative heating in the radial gap is included on
the right-hand side of Eq. (4). It should be mentioned that the
initial radial gap height between the rotor disk and the housing
is 200 �m.
The rotor temperature TR is coupled to the radial gap temperature
TRG with a Dirichlet boundary condition (equal temperature) and
a Neumann boundary condition (equal heat flux).

ÖBoundary e:This boundary represents the unloaded backside of
the disk. Note again that only a single-sided thrust bearing is
used for the numerical analysis. Therefore, a rotation-induced
passive airflow is assumed in the volume adjacent to boundary
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Fig. 6. Rotor domain of the optimized design O with geometric dimensions.

Fig. 7. Thermal boundary conditions of the rotor in the different sections a�h.

e. The airflow is modeled using the boundary layer equations for
a steady incompressible axisymmetric flow, while neglecting the
radial pressure gradient [ 36]. The temperature TC in this volume
is calculated via the axisymmetric energy equation
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It contains heat conduction with the effective thermal conductiv-
ity � C;ef f , convective heat transfer with the density � C and the
heat capacity cP;C as well as dissipative terms with the kinematic
viscosity � C and the turbulent kinematic viscosity � CT, all ac-
cording to Cebeci and Smith [6,36]. The air velocities are uC in
radial direction, vC in circumferential direction and wC in axial
direction.
The airflow temperature TC.r; z/ and the rotor temperature TR are
then coupled via a Dirichlet and a Neumann boundary condition,
meaning that the interface temperature is equal and that the heat
flux leaving the rotor via this boundary enters the airflow volume
adjacent to boundary e.

ÖBoundary f: See boundary b.
ÖBoundary g:See boundary a.
ÖBoundary h:This boundary describes the inside of the hollow shaft

which is assumed to be adiabatic due to the insulating properties
of the air inside the shaft.

3.2. Bearing foils

In this section, the mechanical and thermodynamic models of the
top and bump foils are described. Fig. 8 displays a foil bearing assembly
consisting of a base plate (blue), on which 6 bearing pads are mounted,
each consisting of a corrugated bump foil understructure combined
with a smooth and coated top foil. The bump foil elastically supports
the top foil and also provides a taper-land topology. This is achieved
by embossing the bump foil with ascending bump heights in the tape r-
part of the pad and constant bump heights in the land part of the pad.
The location of the transition between taper-region and land-regi on is
located at x = x land.

For this study, it is assumed that there is no misalignment between
the rotor disk and the foil thrust bearing. This allows for a reliable
comparison of the impact of different rotor disk designs within the
numerical model with acceptable simulation times. Several simplif i-
cations in the modeling of the thrust bearing can be made when no
misalignment is present. Due to symmetry, it is then sufficient t o
analyze a single bearing pad representative for all bearing pads.

The deformations of the top and bump foil are calculated using
a Reissner�Mindlin type shell theory [ 37,38]. Each shell possesses
5 degrees of freedom (DOFs), namely 3 translational DOFsv1.x; y/,
v2.x; y/, and v3.x; y/ in x-, y-, and z-direction, respectively, as well as
2 rotational DOFs denoted by w1.x; y/ and w2.x; y/. Eqs. (8) to (12) are
used for the calculation of the deformations of a cylindrical shell wit h
radius of curvature R along the y-direction under the external loads p1,
p2, and p3 in x-, y-, and z-direction, respectively:
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Fig. 8. (a) Foil thrust bearing with 6 bearing pads with base plate (blue), bum p
foils (yellow), and top foils (orange). (b) Individual bearing pad with ta per-region and
land-region.
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Table 1
Foil parameters.

Parameter Value

Inner top foil radius 15 mm
Outer top foil radius 30 mm
Top foil angle 48°
Number of pads 6
Bump height 500 �m
Number of bump strips 3

Number of bumps Inner strip: 3
Middle strip: 4
Outer strip: 5

Bump radius 2 mm
Bridge length 0:8 mm
Bump slope 2:9 �m mm*1

This formulation contains the stretching stiffness D = Et
1* � 2 , the bending

stiffness B = Et3

12.1* � 2/ and the shear stiffnessGt = Et
2.1+� /

with Young's

modulus E = 210 GPa, Poisson's ratio � = 0:3 and the shell thickness
t = tB = 75 �m for the bump foils and t = tT = 100 �m for the top foils.
In this study, a shear correction factor of kS = 5

6
is used [38]. While

the top foil is considered a flat metal sheet with R ™ Ø , the bump
foil possesses cylindrical bumps (constant radiusR) combined with flat
bridges (R ™ Ø ). The most important geometrical parameters are listed
in Table 1.

The top foil is fixed at the leading edge, while the remaining bound-
aries are stress-free. The bump foil is fixed on the edge corresponding
to the top foil trailing edge. Loads on the top foil stem from the fluid
pressurep (see Section3.3). Therefore, the external load on the top foil
in axial direction can be expressed as

p3
T = *. p * p0/ (13)

with the ambient pressure p0. Note that the pressure acts in nega-
tive z-direction. Furthermore, contacts between the top foil and the
bump foil are considered. The locations of these line-contacts are
depicted in Fig. 8(b). For the normal contact forces Fn, a penalty contact
formulation is used:

Fn = c�v 3: (14)

Herein, c = 1 • 10 11 N m*2 is the penalty stiffness and �v 3 = v3;B * v3;T
is the local penetration depth between the axial top foil deformation
v3;T and the corresponding bump foil deformation v3;B. Tangential
contact forces Ft are formulated with a generalized Coulomb friction
approach [39] with a smoothed step-function step .�v tan/:

Ft = � � step.�v tan/Fn: (15)

�v tan describes the relative tangential displacement of the contact part-
ners and � = 0:1 is the coefficient of friction. The contacts between the
bump foil and the base plate are modeled analogously.

The top foil temperature is denoted by TT.x; y/ and is calculated via
the heat diffusion equation

* � TtT�T T = qT;in + qT;out (16)

with a constant thermal conductivity � T = 12 W_.m K/ for the top foil
material. Eq. (16) is a two-dimensional equation in the top foil plane.
Heat flow in thickness direction is neglected due to the small thick ness
of the foil. On its top surface, the top foil adjoins the thin air film
described in Section 3.3. The hot air temperatures cause an incoming
heat flow qT;in into the top foil which is described in Eq. (22). At the
bottom surface of the top foil, it adjoins the bump foil understructure.
For the present study, it is assumed that there is no cooling airflow
guided between top foil and base plate which is a common practice
for active thrust bearing cooling. Note that the bump height of 500 �m
means that the air gap between base plate and top foil can be seen asan
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Fig. 9. Thermal boundary conditions for the top foil energy equation (16).

insulator. Therefore, only the heat flux passing the bump foil is tak en
into account in the outgoing heat flux qT;out. The heat transfer between
top foil and bump foil, the heat flow through the bumps as well as
the heat transfer between bump foil and the base plate is modeled via
thermal resistances [40]. The resulting thermal resistance Rth for one
half arc is then used to formulate the heat flux from the top foil in to
the base plate,

qT;out = *
2.TT * Tbase/

Rth
; (17)

where Tbase = 20 °C denotes the prescribed base plate temperature.
Fig. 9 depicts the thermal boundary conditions and the incoming and
outgoing heat fluxes. Note that the incoming heat flux qT;in is enforced
over the entire top foil domain while the outgoing heat flux qT;out
is only applied to the contact lines of top and bump foil. As each
of these lines contacts two half arcs of the bump foil, the thermal
resistance Rth in Eq. (17) is halved (heat flux is doubled). For the top
foil boundaries, adiabatic conditions are applied except for the leadi ng
edge. Here, it is assumed that the top foil temperature is equal to
the rotor temperature. This assumption is based on calculations for
the heat transfer between the rotor disk and the air gap between tw o
pads, which are not discussed here. These calculations show that the
air enters each pad with a temperature very close to the rotor disk
temperature, cf. [ 40].

3.3. Air film

The lubricating air film develops between the thrust bearing pa ds
and the rotor disk. For the air film temperature T.x; y; z/, a 3D energy
equation is solved [41]:
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(18)

It should be mentioned that the energy equation (18) is solved on
a scaled air film domain with the new coordinate „z = 1 + 2z

H
[ 6]. This

way, the air film gap domain with the gap height H is transformed
into a constant domain limited by the top surface at „z = 1 representing
the interface to the rotor disk and the bottom surface at „z = *1
representing the interface to the top foil. The transformed domain i s
shown in Fig. 10.

The air density � , the thermal conductivity � of air, and the air
viscosity � are temperature-dependent. While the thermal conductivity
and the viscosity are calculated based on the temperature-dependent
functions in Eqs. (5) and (20), the density is calculated via the ideal
gas law

� = p_.RairT/ (19)

Fig. 10. Scaled air film domain with thermal boundary conditions for the air fil m
temperature T.

with the specific gas constant of air Rair = 287:1 J_.kg K/. The
temperature-dependency of the isochoric heat capacity of air cP is given
as

cP.T/ = cP;air.T/ =
�

2:43 • 10*4
0
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1 2

* 7 :7 • 10 *2
0
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+ 1008

�
[J_.kg K/]:

(20)

The air film velocities u.x; y; „z/ in x-direction and v.x; y; „z/ in y-direction
are defined as in [42]:
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* H 2
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(21)

At the boundaries, the air film is coupled with the adjoining domains.
At its top surface, the air film temperature T is coupled with the
rotor disk temperature TR via a Dirichlet boundary condition (same
temperature) and a Neumann boundary condition (same normal heat
flux). In a similar way, the air film is coupled with the top foil at t he
bottom surface. The heat flux from the air gap into the top foil qT;in in
Eq. (16) reads as follows:

qT;in =
� 2�

H
)T
) „z

� óóóó„z=*1
: (22)

It describes the axial (z- or „z-direction, respectively) heat flux into
the top foil at the interface of air film and top foil. As mentioned i n
Section 3.2, the inlet air temperature is assumed to be equal the rotor
disk temperature TR, cf. Fig. 10.

The generalized compressible Reynolds equation [42] is used for the
calculation of the air film pressure p.x; y/:
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The air density � and the air viscosity � are evaluated at an averaged
fluid temperature Tm.x; y/ [ 5]:

Tm.x; y/ =
1
2 Ê

1

*1
T.x; y; „z/ d „z: (24)
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The variables U and V describe the velocity of the disk in the Cartesian
x- and y-direction:

U = * 
y;

V = 
x:
(25)

The height function H is generally of taper-land-topology, but is influ-
enced by the rotor movement zR, the deformation of the rotor disk vz

and the deformation of the top foil v3;T:

H .x; y/ = H 0 + zR * v3;T.x; y/ + vz.z = 0; r/: (26)

H 0 describes the taper-land-topology that is predetermined by the
different bump heights, cf. Section 3.2.

3.4. Numerical solution strategy

The equations of Sections3.1 to 3.3 are discretized using a finite
element approach. Generally, second order shape functions for all
equations except for the shell equations of Section 3.2 are used. In
order to avoid shear locking, fifth-order shape functions are applied
here [43]. The complete fully coupled nonlinear model has 488708
DOFs. The damped Newton method is used for solving the system of
nonlinear equations (linear direct stationary solver: MUMPS).

The highly nonlinear system of equations requires an advanced so-
lution strategy with regard to the key model parameters, including the
use of parameter sweeps and continuation solvers. The most important
parameters are the angular velocity 
 and a parameter representing
the loading condition of the bearing. The axial rotor position would
be a suitable value indicating the current load acting on the thru st
bearing. However, for better comparability, the minimal gap h eight
of the air film H min is used as a reference value instead of the axial
rotor position. Each simulation is controlled so that the gap height H
reaches a given minimal value H min so that min [H .x; y/] = H min holds.
A small minimal gap height corresponds to a high-load scenario, while
large minimal gap heights refer to a low-load scenario. Moreover, du e
to surface roughness and the onset of mixed lubrication, the minimal
gap height cannot be reduced arbitrarily. In this manuscript, a limit
value of H min = H min;limit = 2 �m is assumed as the transition value
between mixed lubrication (bearing damage and wear) and full fl uid
lubrication (nominal operation). Note that at this minimal gap heig ht
value, the thrust load reaches its maximum.

On a desktop PC (Win 10, 64 GB of RAM, Intel Xeon E5 CPU with
12 cores), each simulation including a run-up from low to maximum
speed (n = 120 krpm) and a sweep for the minimal gap height takes
roughly 4 h.

4. Results

The numerical foil thrust bearing model of Section 3 is used to
compare the bearing performance of a standard rotor disk geometry
S with different optimized rotor disk design variants. As described in
Section 3.4, the minimal gap height H min is considered to define the
different loading scenarios (operating points) for the bearing. In thi s
study, H min varies between a value of 20 �m (low load) down to the
limit gap height of 2 �m (highest load). The rotational speed is kept
constant at n = 120 krpm. In a first step, the standard design S and the
optimized design O of Fig. 3 are compared in detail in Section 4.1. In
the following sections, different parameter studies are presented.

ÖThe mass overhang is varied in Section4.2.
ÖThe influence of the recess depth on the bearing performance is

investigated in Section 4.3.
ÖIn Section 4.4, the impact of the notch depth at the rotor disk

base is described.

With the help of these single-parameter optimizations, Section 4.5
displays a new optimized design O2 with an even higher thrust load
capability compared to the optimized design O according to Fig. 3.

It should be mentioned that the optimization of the rotor disk design
may lead to an increase in mechanical stresses at the connection be-
tween the rotor disk and the shaft if recesses are applied. The optimized
designs presented in this paper do not cause the occurring stresses to
exceed design limits for the given rotor material and rotational spe eds.

4.1. Comparison of the standard (S) and the optimized (O) rotor design

Fig. 11 presents a comparison of the standard design S and the
optimized design O with regard to the rotor temperature, rotor defor-
mations and the global bearing performance parameters, namely thrust
load and power loss.

In Fig. 11(a), the rotor temperature is displayed for both designs
at a thrust load of 95 N. Short remark on the chosen operating point:
The thrust load of 95 N represents the limit thrust load for the standard
design S with H min = H min;limit = 2 �m . In order to achieve a fair
comparison of the two rotor designs, the same thrust force (95 N) is
applied to the bearing with the optimized rotor disk design O. This
means that the minimal gap height H min in the simulation of the
optimized design O is larger than 2 �m . Specifically, for a load of 95 N,
the minimal gap height is H min = 5:3 �m for the optimized design O.

The plot also shows the rotor deformations for the standard rotor
design S with two symmetric roundings on the left and the optimized
rotor design O with a combination of rounding, recess and asymmetric
mass distribution on the right. It is obvious that the rotor temperatur es
for the standard rotor design S are substantially higher than with the
optimized design O. This is the case because�at the same thrust load�
the corresponding power loss is higher for the standard rotor design
S.

The bending deformation of the rotor disk, evaluated at the air film
interface, is shown in Fig. 11(b) for two different operating points,
namely H min = 7 �m and H min = 2 �m . The deformation of the standard
rotor disk S has a progressive slope and reaches a maximum value of
9:3 �m for H min = 7 �m and 18:9 �m for H min = 2 �m . The deformation of
the optimized rotor disk O (blue) is a combination of the thermal bend-
ing deformations with the compensating deformations from centrifuga l
forces, see Section2. For the highest load configuration at H min = 2 �m ,
the maximum rotor deformation vz.z = 0; r = rD/ is reduced by 7 �m .
For the medium load at H min = 7 �m , a large part of the thermal bending
is compensated so that only a maximum deformation of 2:7 �m remains.
It can be concluded that, with the optimized rotor disk design O, the
compensating effect is largest for the caseH min = 7 �m , while thermal
bending deformations are still present for the case H min = 2 �m .

The power loss is plotted over the thrust force for both designs in
Fig. 11(c). For this simulation and also for upcoming simulations that
investigate different load scenarios of the bearing, the minimal g ap
height is varied, taking values of H min = ^2;3;4;5;6;7;8;9;10;12;14;16;
18;20` �m . For a large portion of the range of operation, both graphs
are nearly linear. It is worth mentioning that the evaluated ope rating
points for different values of H min do usually not coincide. However,
the ratio of power loss and thrust load is approximately the same in the
thrust force region up to 80 N. For higher loads (>80 N), the power loss
of the standard design S increases markedly, while the linear behavior
continues up to 100 N for the optimized design O. The reason for the
higher power loss of the standard design S lies in the sub-optimal gap
height function due to significant thermal bending of the rotor disk .
This is also visible in the temperature distribution in Fig. 11(a): the
standard design S possesses a small hot spot, while the optimized rotor
disk O shows a more distributed and extended higher temperature
area on its underside. Consequently, the maximum temperature of the
optimized rotor disk O is reduced markedly.

Fig. 12 displays the gap height distribution for the standard design
S (a) and the optimized design O (b) at the described operating point
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Fig. 11. (a) Rotor disk temperature and deformation for standard (S) and optimized (O) r otor disk configuration, (b) rotor disk deformation on the interface to the ai r film, and
(c) performance map of the two rotor disk designs variants.

with a thrust load of 95 N and a rotational speed of n = 120 krpm. As
mentioned before, the minimal gap height for the standard design S
reaches H min = H min;limit = 2 �m (limit load), while the film height is
larger for the optimized design O ( H min = 5:3 �m ). Additionally, the
height distribution is more even along the radial direction, which is
a direct result from the reduced thermal bending of the rotor disk.
Although the compliant foil bearing can partly adapt to rotor disk
deformations and distortions, the effect is still clearly visible. It i s worth
mentioning that the lowest air film heights are observed at the bum p

contacts. This phenomenon is typical for foil thrust bearings as the top
foil will sag between the bump supports, leaving elevated areas near
the bump contacts (top foil sagging effect). The corresponding pressure
distribution for both designs is depicted in Fig. 13. Note again that
the thrust load, i.e. the integrated pressure distribution, is the sam e
in both cases. While the pressure distribution with the standard design
S possesses high pressure peaks near the trailing edge and a significant
pressure drop towards the outer radius, the pressure distribution for the
optimized design O is more evenly distributed and does not show very
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Fig. 12. Gap height function H .x; y/ at a load of 95 N: standard rotor design S (a) and
optimized rotor design O (b).

Fig. 13. Pressure distribution p* p0 at a thrust load of 95 N: standard rotor disk design
S (a) vs. optimized rotor disk design O (b).

Fig. 14. Thrust load improvement over the minimal gap height H min for the optimized
design O vs. the standard design S.

sharp peaks. The lack of pressure buildup near the outer radius for the
standard rotor design S stems from the increased gap heights towards
the outer radius due to thermal bending, cf. Fig. 12. In both design
variants, high pressure areas are observed near the bump contacts as a
result of the aforementioned top foil sagging effect.

Although the optimized design O improves the film height distribu-
tion and consequently the pressure buildup and the load capacity, the
compensation effect due to centrifugal forces is still not fully bal ancing
the thermal bending deformation at the limit load with H min = 2 �m ,
cf. Fig. 11(b). This conclusion is supported by the following analysis:
Fig. 14 investigates the thrust load improvement of the optimized
design O for different values of the minimal gap height H min. As can
be seen, the highest load improvements are in fact found for a minimal
gap height of H min = 7 �m . For higher and lower values of H min, the
improvement is smaller. For very large gap heights and consequently
very low loads, even a decline of the load capacity is observed (negative
improvement at low loads). It should however be noted that the load

reduction is small in absolute values, as the thrust load is very small
for high gap heights. The only consequence in this operating range is
a very slight increase in power loss for very low loads (less that 3 W at
23 N).

As can be seen inFig. 14, it is obvious that a larger compensation
effect would further benefit the ultimate load capacity of the thrust
bearing. With regard to the diagram in Fig. 14, this would mean
a shift of the improvement maximum towards smaller minimal gap
heights. The potential of a second optimization step O2 is investigated
in Sections 4.3 to 4.5.

4.2. Influence of the mass overhang

This section studies the influence of the mass overhang at the outer
radius of the rotor disk. While the rotor disk of the standard design S
possesses a rectangular cross-section, the optimized design O features a
20° chamfer towards the loaded bearing side, cf. Fig. 6. This chamfer
causes an offset between the center of mass of the rotor disk and the
disk centerline, which in turn leads to a bending moment from the
offset centrifugal force, cf. Fig. 3. In order to study the influence of
different mass distributions in the rotor disk, three different varian ts
of the optimized rotor disk design O are created. These three design
variants are shown in Fig. 15. They only differ from the optimized
design O with respect to the disk shape at the outer radius. For this
parameter analysis, the chamfer angle has been changed from20° to
45°. Secondly, the outer disk radius rD is varied from 31 mm (RD1)
over 32 mm (RD2) to 33 mm (RD3). Fig. 15(d) presents the thrust load
improvements compared against the standard design S that can be
achieved with these different outer disk radii rD. Evidently, a larger
outer radius causes a higher compensating effect due to centrifugal
forces. This means that, for increasing disk radii, the highest improv e-
ment is achieved at higher loads. This is visible in the maximum of
the load improvement curves of the different variants. The maximu m
points shift towards lower minimal gap heights (higher loads) with
increasing outer disk radius. On the other hand, the higher centrifug al
deformations of the design variants with a large outer disk radius also
cause a slight decline in load capacity for larger minimal gap heig hts
H min, which is�of course�not a practical problem.

The improvement can also be observed in the corresponding per-
formance map for the three design variants in Fig. 15(e). While the
low and medium load region (up to 80 N) is very similar among all
designs, a larger outer disk radius can increase the load capacity of the
thrust bearing markedly. For an outer radius of rD = 33 mm (design
RD3), the load capacity reaches129 N (for H min = H min;limit = 2 �m ). It
should again be mentioned that this advantage comes at the small cost
of slightly increased power losses at low and medium thrust loads.

4.3. Influence of the recess depth

In a similar manner to Section 4.2, this section describes the impact
of a deeper recess on the disk backside. For this purpose, the optimized
design O of Fig. 6 is again taken as the reference. In two small steps
of 0:1 mm, the recess depth is increased to0:2 mm in the design R1
and to 0:3 mm in the design R2. Due to the centrifugal force, the
local strains near the recess are increased. They cause a favorable
bending deformation of the disk, which can enhance the compensation
of the thermal bending deformation. Fig. 16 displays the three different
recess depths that are investigated here.Fig. 16(a) corresponds to the
optimized design O of Fig. 6, Fig. 16(b) possesses a deeper recesses
with a depth of 0:2 mm, and Fig. 16(c) with a recess depth of 0:3 mm.
For larger recess depths, the load capacity is markedly improved when
compared against the optimized design O. With a recess depth of
0:3 mm, the optimal compensation effect is achieved at a minimal gap
height of H min = 5 �m , seeFig. 16(d). This means that the investigated
recess depths did not outperform the effect of the mass overhangs in
Section 4.2. The deepest recess that has been considered here has a
similar impact as the medium rotor disk radius of rD = 32 mm. The
performance map in Fig. 16(e) also reveals the improvement in thrust
load capacity.
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Fig. 15. (a�c) Mass overhang variants with different outer radii rD, (d) thrust load improvement over the minimal gap height H min for the three designs, and (e) performance
map of the design variants with different mass overhangs.

4.4. Influence of the notch depth

Another approach of achieving the beneficial compensation of ther-
mal bending deformations lies in the application of different notch
depths at the rotor disk base. This effect has been studied with the three
design variants depicted in Figs. 17(a) to 17(c). The first design with
a notch depth of 0:2 mm again corresponds to the optimized design O
of Fig. 6. In the other two variants, the notch depth is increased to
0:3 mm (N1) and 0:4 mm (N2), respectively. As can be seen inFig. 17(d)
(load improvement curves) and Fig. 17(e) (performance map), the
effect of this design parameter is rather small. There is only a slight
improvement when compared to the optimized design O.

4.5. Second optimization step

From the previous single-parameter investigations (Sections 4.2 to
4.4) it is obvious that the highest effect can be achieved by applyin g
a mass overhang to the rotor disk. Additionally, a deeper recess also
markedly improves the bearing performance. On the other hand, a
deeper notch into the rotor disk at the disk base does not show sub-
stantial effects. In order to combine these effects and find a design that
yields further improvements near the ultimate thrust load (at H min =
H min;limit = 2 �m ), this section presents a second optimized design O2,
combining the findings of the previous sections. Fig. 18 displays the
simulation results for this design. In Fig. 18(a), the second optimized
geometry O2 is shown which combines a large mass overhang (RD =
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Fig. 16. (a) Optimized design O, (b-c) recess depth variants R1 and R2, (d) thrust load improvement over the minimal gap height H min for the three designs vs. the standard
design S, and (e) performance map of the design variants.

33 mm) with a deep recess (0:26 mm) and the standard notch depth
(0:2 mm). With this design, a very high load capacity of approximately
136 N can be achieved, which is equal to a 43% increase compared to
the standard rotor disk design S. The corresponding load improvement
curve in Fig. 18(b) has its maximum very close to the limit gap height
of H min = H min;limit = 2 �m , meaning that the compensating effect of the
asymmetric rotor disk design is optimal near the limit load.

The performance map of Fig. 18(c) also shows a marked improve-
ment in load capacity when comparing the second optimized design O2
with the previous optimized design O of Fig. 6 and with the standard
design S. While the second optimized design O2 ofFig. 18(a) reveals a
very little increase in power loss for low loads, a significant increase of

the load capacity by 24 N in comparison to the optimized design O of
Fig. 6 and 41 N with regard to the standard design S is achieved.

5. Conclusions

In this paper, a simple and cost-efficient method for the performan ce
improvement of hydrodynamic thrust bearings has been presented.
Thermal bending of the rotor disk is a result of an axial temperature
gradient that is caused by dissipation in the fluid film. This bendin g
deformation diminishes the film thickness distribution and reduces th e
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Fig. 17. (a) Optimized design O, (b-c) notch depth variants N1 and N2, (d) thrust load improvement over the minimal gap height H min for the three designs vs. the standard
design S, and (e) performance map of the design variants.

load capacity. The distorted disk causes increased gap heights near
the outer radius of the bearing. This reduces the pressure buildup and
the thrust load. The thermal bending phenomenon is very prominent
in air thrust bearings and thus critical for safe bearing and mac hine
operation. Therefore, the focus of this study has been the analysis of
an air foil thrust bearing with optimized rotor disk geometries.

By small changes in the rotor disk design, centrifugal forces can
be exploited to cause a second kind of bending deformation that
counteracts and compensate the unwanted thermal bending. These
design changes comprise asymmetric mass distributions as well as

small roundings and recesses at the disk base which are inexpensive
modifications that are easy to apply.

With the help of a detailed multiphysical TEHD thrust bearing
model, an optimized rotor disk design has been identified. The opti-
mization parameters were mainly focused on the mass overhang at the
outer disk radius and the recess at the disk base. The final optimized
design shows a marked improve in load capacity of up to 40%. With the
help of an elaborate and complex multi-parameter optimization, f urther
improvements may be achieved. The compensating effect is of course
only influencing a single bearing side. Therefore, this improvem ent can
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Fig. 18. (a) Second optimized design O2, (b) thrust load improvement over the minim al gap height H min, and (c) performance map of the standard (S), the optimized (O, cf.
Fig. 6) and the second optimized design (O2).

be applied in machine designs with a main thrust direction. For thrust
bearings that have to support similar loads in both axial directions, t he
proposed design adaptations are unsuitable.

Additionally, it should be mentioned that the proposed design
changes are limited by the admissible stresses of the rotor material
or the available space in a machine housing. Especially the mentioned

recess features may cause a stress concentration near the shoulder of
the runner disk.

The presented modifications of the rotor disk show a promising be-
havior for an improved bearing performance. While this study focuse s
on the application in air foil thrust bearings, the method can also be
applied to oil thrust bearings with the same proposed measures.



�7�U�L�E�R�O�R�J�\ �,�Q�W�H�U�Q�D�W�L�R�Q�D�O ������ ������������ ������������

����

M. Eickhoff et al.

CRediT authorship contribution statement

Markus Eickhoff: Investigation, Methodology, Project administra-
tion, Resources, Software, Supervision, Validation, Visualization, Writ -
ing � original draft, Writing � review & editing, Conceptualiza tion,
Data curation, Formal analysis. Johannis Triebwasser: Conceptualiza-
tion, Data curation, Investigation, Software. Andre Theile: Conceptu-
alization, Data curation, Investigation, Software. Bernhard Schweizer:
Conceptualization, Investigation, Methodology, Project administration,
Supervision, Writing � original draft, Writing � review & editing.

Declaration of competing interest

The authors declare that they have no known competing finan-
cial interests or personal relationships that could have appeared to
influence the work reported in this paper.

Data availability

The authors are unable or have chosen not to specify which data
has been used.

References

[1] Conboy T. Real-gas effects in foil thrust bearings operating in the turbulent
regime. J Tribol 2013;135(3).

[2] Qin K, Jahn IH, Jacobs PA. Effect of operating conditions on the elastohydro-
dynamic performance of foil thrust bearings for supercritical CO2 cyc les. J Eng
Gas Turbines Power 2017;139(4):042505.

[3] Agrawal GL. Foil air/gas bearing technology�an overview. Turbo Exp o: Power
Land Sea Air 1997;78682:V001T04A006.

[4] Iordanoff I. Analysis of an aerodynamic compliant foil thrust bearing: Me thod
for a rapid design. J Tribol 1999;121(4). 816�822.

[5] Lee D, Kim D. Three-dimensional thermohydrodynamic analyses of Rayleigh step
air foil thrust bearing with radially arranged bump foils. Tribol T rans 2011;54(3).
432�448.

[6] Lehn A. Air foil thrust bearings: A thermo-elasto-hydrodynamic anal ysis (Ph.D.
thesis), Technische Universität Darmstadt; 2017.

[7] LaTray NT, Kim D. A high speed test rig capable of running at 190,000
rpm to characterize gas foil thrust bearings. Turbo Expo: Power Land Sea Air
2018;51142:V07BT34A043.

[8] Eickhoff M, Theile A, Mayer M, Schweizer B. Analysis of air foil thrust bea rings
with annular top foil including wear prediction, part I: Modeling and si mulation.
Tribol Int 2023;181:108174.

[9] Theile A, Eickhoff M, Foerster F, Schweizer B. Analysis of air foil thrust
bearings with annular top foil including wear prediction, part II: Ex perimental
investigations. Tribol Int 2023;188:108742.

[10] Yue Y, Stolarski T. Numerical prediction of the performance of gas-lubri cated
spiral groove thrust bearings. Proc Inst Mech Eng J 1997;211(2). 117�128.

[11] Wong CW, Zhang X, Jacobson SA, Epstein AH. A self-acting gas thrust bearing
for high-speed microrotors. J Microelectromech Syst 2004;13(2). 158�164.

[12] Schiffmann J, Favrat D. Integrated design and optimization of gas bearing
supported rotors. J Mech Des 2010;132(5):051007.

[13] San Andrés L, Phillips S, Childs D. A water-lubricated hybrid thru st bearing:
measurements and predictions of static load performance. J Eng Gas Turbines
Power 2017;139(2):022506.

[14] Lin X, Jiang S, Zhang C, Liu X. Thermohydrodynamic analysis of high speed
water-lubricated spiral groove thrust bearing considering effect s of cavitation,
inertia and turbulence. Tribol Int 2018;119. 645�658.

[15] Frene J, Nicolas D, Degueurce B, Berthe D, Godet M. Hydrodynamic lubrication:
bearings and thrust bearings. Elsevier; 1997.

[16] Glavatskih SB, Fillon M, Larsson R. The significance of oil thermal properties on
the performance of a tilting-pad thrust bearing. J Tribol 2002;124(2). 377�385.

[17] Zhou J, Blair B, Argires J, Pitsch D. Experimental performance study of a high
speed oil lubricated polymer thrust bearing. Lubricants 2015;3(1). 3�13.

[18] Chambers WS, Mikula AM. Operational data for a large vertical thrust be aring
in a pumped storage application. STLE Trans 1988;31(1). 61�65.

[19] Robinson C, Cameron A. Studies in hydrodynamic thrust bearings I. Theory
considering thermal and elastic distortions. Philos Trans R Soc Lond Ser A Math
Phys Eng Sci 1975;278(1283). 351�366.

[20] Bruckner RJ. Simulation and modeling of the hydrodynamic, thermal, and
structural behavior of foil thrust bearings. Case Western Reserve University;
2004.

[21] Bauman S. An oil-free thrust foil bearing facility design, calibra tion, and
operation. In: 58th annual meeting, no. NASA/TM-2005-213568. 2005.

[22] Bruckner RJ, DellaCorte C, Prahl JM. Analytic modeling of the hydrodynami c,
thermal, and structural behavior of foil thrust bearings. In: 2005 ann ual meet-
ing and exhibition, 60th society of tribologists and lubrication engi neers, no.
NASA/TM-2005-213811. 2005.

[23] Dykas B, Prahl J, DellaCorte C, Bruckner R. Thermal management phenomena
in foil gas thrust bearings. In: Turbo expo: power for land, sea, and air, vol.
42401, 2006, 1417�1423.

[24] Dykas BD. Factors influencing the performance of foil gas thrust bearings for oil-
free turbomachinery applications (Ph.D. thesis), Case Western ReserveUniversity;
2006.

[25] DellaCorte C, Radil KC, Bruckner RJ, Howard SA. Design, fabrication, and
performance of open source generation I and II compliant hydrodynamic g as
foil bearings. Tribol Trans 2008;51(3). 254�264.

[26] Dykas B, Bruckner R, DellaCorte C, Edmonds B, Prahl J. Design, fabrication, and
performance of foil gas thrust bearings for microturbomachinery ap plications. J
Eng Gas Turbines Power 2009;131(1).

[27] Dickman JR. An investigation of gas foil thrust bearing performance and its
influencing factors (Ph.D. thesis), Case Western Reserve University;2010.

[28] Bruckner RJ. Performance of simple gas foil thrust bearings in air. In:
Supercritical CO2 power cycle symposium, no. E-18016. 2012.

[29] Xiong C, Xu B, Yu H, Huang Z, Chen Z. A thermo-elastic-hydrodynamic model for
air foil thrust bearings considering thermal seizure and failure analyses. Tribol
Int 2023;183:108373.

[30] Ahmed S, Fillon M, Maspeyrot P. Influence of pad and runner mechanical
deformations on the performance of a hydrodynamic fixed geometry thrust
bearing. Proc Inst Mech Eng J 2010;224(4). 305�315.

[31] Karadere G. The effects of the total bearing deformation on the performance of
hydrodynamic thrust bearings. Ind Lubr Tribol 2010;62(4). 207�213.

[32] Theile A, Eickhoff M, Triebwasser J. Rotor mit Rotorscheibe, Strömungsmaschine
mit Rotor sowie Verfahren zum Betreiben einer Strömungsmaschine. Patent DE10
2022 120 067.1 2024.

[33] Noda N, Hetnarski RB, Tanigawa Y. Thermal stresses. Taylor & Francis; 2003.
[34] Sadd MH. Elasticity: Theory, applications, and numerics. Elsevier; 2005.
[35] Baehr HD, Stephan K. Heat and mass transfer. Heidelberg: Springer Berlin; 2011.
[36] Cebeci T, Smith A. Analysis of turbulent boundary layers. New York: Academic

Press; 1974.
[37] Reissner E. The effect of transverse shear deformation on the bending of elastic

plates. J Appl Mech 1945;12. 69�77.
[38] Ba³ar Y, Krätzig WB. Mechanik der Flächentragwerke: Theorie, Berech-

nungsmethoden, Anwendungsbeispiele, 1st ed.. Grundlagen der Ingenieurwis-
senschaften, Wiesbaden: Vieweg+Teubner Verlag; 1985.

[39] Wriggers P. Computational contact mechanics. 2nd ed.. Berlin: Springer; 2006.
[40] Lehn A, Mahner M, Schweizer B. A contribution to the thermal modeling of

bump type air foil bearings: Analysis of the thermal resistance of bu mp foils. J
Tribol 2017;139(6).

[41] Lee D, Kim D. Thermohydrodynamic analyses of bump air foil bearings with
detailed thermal model of foil structures and rotor. J Tribol 2010;132(2).

[42] Dowson D. A generalized Reynolds equation for fluid-film lubrication. Int J Mech
Sci 1962;4(2). 159�170.

[43] Zienkiewicz OC, Taylor RL, Zhu JZ. The finite element method: its basis and
fundamentals. Elsevier; 2005.


	Preface
	Kurzfassung
	Abstract
	Acknowledgments
	Contents
	Abbildungsverzeichnis
	Publications
	Author's contributions
	Nomenclature
	Introduction
	Fundamentals of Air Foil Thrust Bearing Analysis
	Objectives and Structure of the Thesis
	Outline of Paper 1
	Outline of Paper 2
	Outline of Paper 3
	Outline of Paper 4


	Results
	Optimization results for AFTBs
	Analysis of single-foil bearings including wear prediction
	Influence of misalignment on the bearing performance

	Conclusions
	Bibliography
	Paper 1
	Paper 2
	Paper 3

