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Zusammenfassung

In dieser Arbeit wird ein Simulationsmodell fiir Axialfolienlager, die zur Klasse der hydrodynamischen
Gleitlager mit elastischer Lagerflache gehoren, validiert und erweitert. Das Modell ist in der Lage, inte-
grale GroRen wie die Tragfdhigkeit und die Verlustleistung des Lagers zu bestimmen. Dariiber hinaus
konnen Druck- und Temperaturverteilungen sowie Verformungen der einzelnen Komponenten ermittelt
werden. Ein validiertes Simulationsmodell ist entscheidend fiir die Auslegung und das Verstdndnis der
Wirkzusammenhinge der Axiallagerung.

Um die Validitédt der Simulation bestimmen zu konnen, werden deren Giiltigkeitsbereich und die Aussa-
gekraft der Ergebnisse analysiert. Dazu werden zunéchst die wichtigsten Einflussparameter identifiziert.
Diese werden in vier Kenngrof3en zusammengefasst, die das Lager bestmdglich beschreiben sollen. Sie
umfassen die Leistung des Lagers in Bezug auf Tragkraft und Verlustleistung, das thermische Zusammen-
spiel der einzelnen Komponenten, die Steifigkeit des Lagers und die Schmierfilmverteilung.

Darauf aufbauend werden verschiedene Messgerite in Betrieb genommen. Die integralen Groen wie
Tragféahigkeit und Verlustleistung werden in einem Hochgeschwindigkeits-Priifstand gemessen. Zur
Validierung des thermischen Zustands werden in einem separaten Versuchsaufbau thermische Wider-
stande bestimmt und Temperaturverteilungen gemessen. Auch die mechanischen Eigenschaften wie
Verschleild, mechanische Reibungskoeffizienten und Steifigkeiten des Lagers werden mit einer Vielzahl
von Versuchsaufbauten und geeigneten Messungen untersucht.

Weiterhin wird das Simulationsmodell analysiert und an den entsprechenden Stellen erweitert. Zu diesem
Zweck werden CFD-Simulationen der Rotorumgebung durchgefiithrt und Warmeiibergangskoeffizienten
am Rotor in das Simulationsmodell des Lagers implementiert. Weiterhin werden basierend auf der Analyse
des Einlaufverhaltens des Lagers ein Verschleifmodell in der Simulation abgebildet. Aul’erdem wird der
thermische Widerstand des Lagers erweitert.

Auf Basis der gemessenen Eingabeparameter des Simulationsmodells konnen Simulationsunsicherheiten
dargestellt werden. Diese sind im Zusammenspiel mit den experimentellen Unsicherheiten entscheidend
fiir die erfolgreiche Validierung des Simulationsmodells.

Der abschlieBende Validierungsprozess zeigt gute Ubereinstimmung des Simulationsmodells mit den
experimentellen Ergebnissen in Bezug auf die Kenngrol3en des Axiallagers, einschlief3lich Verlustleistung,
VerschleilBmuster und thermisches Verhalten. Allerdings ergeben sich Herausforderungen bei der genauen
Darstellung der Steifigkeit des Lagers aufgrund des Ausrichtungsprozesses der Bump-Folien.

Diese Forschungsarbeit tragt wesentlich zum Verstdndnis des Verhaltens und der Komplexitit von axialen
Folienlagern bei. Die Einfiihrung eines neuartigen Verschlei3algorithmus erhoht die Genauigkeit und
den Realismus des Modells. Um eine genaue simulative Darstellung des Verhaltens in der realen Welt zu
gewahrleisten, unterstreichen die Ergebnisse dieser Arbeit die Bedeutung der Modellverfeinerung und
insbesondere die genaue Bestimmung der Eingabeparameter.




Abstract

This work validates and extends a simulation model for an air foil thrust bearing, which belong to the class
of hydrodynamic bearings with elastic bearing surfaces. The model can determine integral quantities
such as load-carrying capacity and power loss of the bearing. Additionally, it can calculate pressure
and temperature distributions as well as deformations of individual components. A validated simulation
model is crucial for the design and understanding of the cause effect mechanisms in thrust bearings.
To assess the validity of the simulation, the range of its applicability and the significance of the results
are analyzed. Initially, the key influencing parameters are identified and consolidated into four key
characteristics aimed at providing the most comprehensive description of the bearing. These metrics
encompass the performance of the bearing in terms of load-carrying capacity and power loss, the thermal
interaction of individual components, bearing stiffness, and the lubricant film distribution.

Building on this foundation, various measurement devices are put into operation. Integral quantities
such as load-carrying capacity and power loss are measured in the newly designed high-speed test rig.
To validate the thermal behavior, thermal resistances are determined, and temperature distributions are
measured in a separate experimental setup. Mechanical properties such as wear, mechanical friction coef-
ficients, and bearing stiffness are investigated through a variety of test setups and suitable measurements.
Furthermore, the simulation model is analyzed and extended in relevant areas. For this purpose, CFD
simulations of the rotor environment are conducted, in order to implement heat transfer coefficients at
the rotor. Furthermore, a simple wear model is incorporated into the simulation based on the analysis of
the bearing’s running-in behavior. Additionally, the formulation of the thermal resistance of the bearing
is enhanced.

Simulation uncertainties can be represented based on the measured input parameters of the simulation
model. These uncertainties are crucial in cooperation with experimental uncertainties for the successful
validation of the simulation model.

The validation process demonstrates good agreement between the simulation model and experimental
results regarding the key characteristics of the axial bearing, including power loss, wear patterns, and
thermal behavior. However, challenges arise in accurately representing the stiffness of the bearing due to
the alignment process of the bump foils.

This research significantly contributes to the understanding of the behavior and complexity of air foil
thrust bearings. The introduction of a novel wear algorithm enhances the accuracy and realism of the
model. The results emphasize the importance of refining and incorporating precisely determined input
parameter into the model to ensure an accurate representation of real-world behavior.
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1. Introduction

In recent years, the demand for CO2-neutral technologies has increased significantly due to growing
concerns about climate change and the urgent need to reduce greenhouse gas emissions. This heightened
demand is particularly evident in the field of powertrain solutions. One of the promising technologies
in this regard is the fuel cell, which offers clean and efficient energy conversion. To ensure the optimal
performance of fuel cells, an efficient and environmentally friendly air supply system is crucial. Qil-free
turbomachinery can be utilized for this purpose. Fig. 1.1 depicts a schematic representation of the
rotor-bearing system in an air supply unit for a fuel cell.

The air supply unit consists of an electrically driven machine with a permanent magnet embedded within
the rotor. It is equipped with a compressor wheel at one end of the rotor to supply air to the fuel cell.
Additionally, a turbine wheel is positioned at the other end to enhance the system’s efficiency. The rotor
is supported by two journal bearings, which guide the rotor and provide radial support against vibrations
and external loads. A two-sided thrust bearings, surrounding the runner disk, support the thrust load.
These bearings experience variable loads originating from the compressor and turbine wheels, which can
change direction. The desired pressure ratio and mass flow requirements dictate rotational speeds of up
to 120,000 revolutions per minute (rpm).

In addition to high speeds, achieving oil-free operation is beneficial to ensure an uncontaminated air
supply. Gas foil bearings have emerged as a viable option that meet these requirements while also offering
cost-effectiveness and robustness. However, due to their complex working principle involving coupled
fluid mechanics, thermal dynamics, and tribological interactions, the development of validated predictive
tools for gas foil bearings presents a considerable challenge. While detailed numerical investigations
are essential, experimental studies play a decisive role in validating simulation models. Hence, this
research focuses on experimental investigations and extends simulation models for an air foil thrust
bearing (AFTB).
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Figure 1.1.: Sketch of the rotor-bearing system of an electric air compressor.
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Figure 1.2.: Different bearing concepts from Bisson et. al. [7].

1.1. Motivation

Air bearings are based on the principle of lubrication between two surfaces, which was first theoretically
investigated by Reynolds and Tower in the 1880s. Reynolds subsequently developed the differential
equation, commonly known as the Reynolds equation, in 1886, providing a foundation for understanding
thin fluid films [86, 87, 66]. This principle allows rotating machine parts to generate a pressure within
small gaps. When the gap has a convergent shape, pressure is developed to satisfy the conservation of
mass and momentum, thereby supporting the rotating shaft. These bearings are known as self-acting
fluid film bearings. Fig. 1.2 illustrates various bearing concepts, as presented by Bisson et al. [7]. While
solid bearings possess high load capacities, they require high manufacturing precision to account for
misalignment, which limits their practicality. Consequently, alternative concepts have been developed.
Foil bearings first appeared in the 1950s and are based on similar principles as those shown in Fig. 1.2.
Blok et al. introduced a concept that utilized a cellophane foil and oil to support a rotor; however, this
concept was never employed in a machine [8]. Stahler and Huckabay conducted a feasibility study
in 1966, presenting similar concepts, which were further investigated by Licht [82, 55]. Nevertheless,
these concepts failed to establish rotor support applications. Concurrently, Garett AiResearch developed
a different type of foil bearing, which was successfully implemented in air turbines for aircraft air
conditioning systems, marking the first serial production of foil bearings [1]. Their design incorporates a
bump foil with spring properties to compensate for misalignment and a top foil that shapes the air film to
generate pressure. Air foil bearings have become the preferred choice for air conditioning turbines in
aircraft and are also employed by companies such as Capstone Turbine Corp in gas turbines and heat
engines [43]. In the field of turbomachinery, foil bearings have been explored in various concepts, as
documented in patents by Larure [45] and Lubell [56], and discussed in publications by Heshmat [34]
and Bonello [9]. Most foil bearings are based on the original concept developed by Garett AiResearch
and have undergone further refinements to meet new requirements.

Air bearings offer several advantages over roller bearings or oil-lubricated bearings. Firstly, other concepts
necessitate oil lubrication, which must be sealed off from other parts of the machinery. Moreover, the
higher viscosity of oil leads to increased friction losses between moving parts, limiting their operational
speeds. Air bearings, on the other hand, can operate at higher velocities. Specific advantages of air
foil bearings include their low cost compared to rigid air bearings and their ability to compensate for




misalignment and manufacturing inaccuracies. The friction forces between the bump and top foils, as
well as between the bump foil and the base plate, contribute to effective damping behavior [40, 48, 71,
44]. Despite these strengths, air foil bearings also have some drawbacks. The aerodynamic film that
separates the rotor from the top foil only forms once a certain lift-off speed is achieved, which limits the
operating range. Additionally, air foil bearings are more susceptible to wear during start-stop operations.
To mitigate these issues, top foils are often coated with low-friction materials like Teflon [10, 15, 16]. Air
foil bearings exhibit higher thermal resistance compared to solid bearings and typically require additional
air cooling [79, 69, 19].

When considering journal and thrust bearings, air foil bearings face different challenges. For journal
bearings, dynamic properties play a crucial role. While dynamical problems can also arise in thrust
bearings and have gained attention in scientific literature [62, 3, 26, 60] the high velocities of the rotor
disk, shear stress losses, and resulting thermal behavior pose greater challenges for thrust bearings. High
temperatures can lead to bearing failures, necessitating cooling measures that reduce overall machine
efficiency.

Hence, validated simulation models for thrust bearings play a significant role in the design process of the
machine. Once the model is validated, a deep understanding of the causes and effect mechanisms can be
created and optimization studies can help to improve the efficiency of the whole machine.

1.2. Objective

The main objective of this work is to validate a simulation model for an air foil thrust bearing using
experimental results. The validation process focuses on four crucial characteristics of the bearing: load
power loss ration (performance), thermal behavior, stiffness of the bearing system, and film height
distribution. To achieve this objective, the subsequent steps are carried out:

* Sensitivity Analysis: Conduct a sensitivity analysis to identify the most influential parameters within
the simulation model.

* Test Rig Development: Construct dedicated test rigs specifically designed to measure the key bearing
characteristics.

* Measurement Capability Assessment: Determine the measurement capability of the test rigs,
including quantifying the uncertainties associated with the measurements.

* Parameter Quantification: Utilize the testing facilities to measure the input parameters required for
the simulation model.

* Uncertainty Assessment: Assess the uncertainties associated with the measured input parameters.

* Model Adaptation: Modify the simulation model based on indications and insights gained from the
experimental data.

* Validation: Perform the validation process by comparing the simulation results with the experimental
measurements, taking into account the associated uncertainties.

By following these steps, this research aims to establish the validity of the simulation model by successfully
correlating its predictions with the experimental data. The validated simulation model will contribute
to a deeper understanding of the air foil thrust bearing’s behavior and enable optimization studies for
improved bearing performance in practical applications.




1.3. Structure

In order to carry out the validation, this thesis is divided into the following chapters:

Chapter 2 provides the necessary background on air foil thrust bearings. It begins with an expla-
nation of the design of a typical bearing. A comprehensive overview of the existing literature on air foil
bearings is then presented. This chapter also includes an introduction to the basic equations used in the
simulation model. Additionally, it introduces the concept of tribological systems. The chapter concludes
with an overview of the model validation process tailored specifically to this research topic, including the
introduction of output quantities for the sensitivity analysis.

Chapter 3 focuses on the validation test rigs and measurement tools employed in the research. It
discusses the measurement capability of the systems and the achievable accuracy of the measurements.
The main test rigs presented are the newly developed high-speed test rig for bearing performance mea-
surements up to 120,000 rpm and 100 N, as well as the newly developed thermal resistance test rig for
measuring the bump foil’s thermal resistance. Existing test beds for assessing the mechanical properties of
the bearing are also discussed. Additionally, measurement tools for topography and wear measurements
are presented.

Chapter 4 comprises the modeling and adjustment of the air foil thrust bearing model. This chapter is
divided into sections focusing on the major components of the bearing: the rotor and its surroundings,
bump foils, and the top foil. Each section begins with a sensitivity analysis of the dominant parameters.
Geometric properties of the components are then obtained from measurements and thoroughly discussed.
Furthermore, the chapter presents model extensions, such as a wear algorithm capable of simulating the
running-in process of the foil bearing’s coating layer. The chapter concludes with an estimation of the
model uncertainties resulting from variations in input variables.

Chapter 5 consolidates all the previous aspects and successfully validates the various parts of the
bearing model. It includes a study on bump foil stiffness, followed by the validation of wear simulations
using detailed white light interferometric wear measurements. The core of this chapter focuses on the
validation of bearing performance through high-speed test rig measurements and a thorough discussion
of the simulation model results. Additionally, a validation of the thermal behavior of the bearing system
is presented, complementing the chapter.




2. Background
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Figure 2.1.: Sketch of different thrust bearing types from literature [19, 20, 46].

This chapter provides an overview of air foil thrust bearings, comprising their historical development
in both simulation and experimental investigations. The governing equations for the bearing system,
obtained from previous work by Lehn and Rieken [52, 67], are also presented. Additionally, a brief
introduction to tribological systems is provided. The final section of the chapter discusses the principles
of model validation and the associated challenges.

2.1. Air Foil Thrust Bearings

Air foil thrust bearings typically consist of two main parts: a bump foil and a top foil. The top foil’s primary
function is to build up fluid film pressure through a convergent gap, thereby counteracting the axial force
exerted by the rotor. The bump foil supports the top foil by providing the necessary geometric and design
parameters to facilitate the creation of pressure and compensation for misalignment. Consequently,
different bearing designs have emerged over the years of development. Fig. 2.1 illustrates three such
designs [19, 20, 46]. The first design, known as the type-one air foil bearing, features six individual pads
welded onto a base plate, with the underlying bump foil providing support only to a portion of each pad.
This arrangement leads to a taper-like air gap when the bearing is unloaded, and the pressure-induced
bending of the top foil results in a taper-land configuration when pressure is built up. The second design
incorporates six pads mounted into a slit in the base plate, while the underlying bump foils are composed
of connected bump arcs separated into four bump strips. The third design, proposed by LaTray et al.,
arranges the bumps radially, with the top foil consisting of six individual pads connected to an outer ring.
Numerous other designs are conceivable, including variations such as the use of metal mesh instead of a
bump foil [11]. In the following, a brief historical overview of the research conducted on foil bearings,
with a particular focus on air foil thrust bearings, is provided. The theoretical and experimental work is
discussed separately.

2.1.1. Simulations of Air Foil Thrust Bearings (AFTBs)

Numerical analysis of air foil bearings can be categorized into two branches: elastohydrodynamic analysis
and thermohydrodynamic analysis. Elastohydrodynamic analysis focuses on studying the elastohy-
drodynamics of the bearing, while thermohydrodynamic analysis examines the thermal behavior. In




recent years, there has been an emergence of combined thermo-elasto-hydrodynamic simulations, which
integrate both aspects.

Elastohydrodynamic

The first numerical investigation of air foil thrust bearings was conducted by Heshmat and Gray in
1981-1983 [29, 33]. Their work featured an analytical investigation of the elastohydrodynamics, solving
the Reynolds equation for the fluid film and considering a uniform stiffness distribution with a constant
value for the bump and top foil. The study aimed to find an optimal geometry for a taper land concept
(see Fig. 1.2). The optimal configuration was found to have an r, to r; ratio of 2, a pad angle of 45°, and
a half-taper region. This approach is still used in recent research due to its simplicity [42, 30].

Related to the performance investigations discussed above, Iordanoff published an article in 1998 that
compared the load capacity of taper and taper-land configurations for gas lubricated thrust bearings
[38]. The study found that the load capacity was better for a taper-land configuration.

In 2004, Peng et al. performed performance investigations on journal bearings, considering compressible
air flow and compliance of the bearing surface [61]. They compared their numerical results with
experimental data from Dellacorte et. al. [14] and achieved good alignment between the two for load
capacity in relation to speed.

Park et. al. performed theoretical considerations of static and dynamic characteristics on an air foil thrust
bearing in 2008, including tilt and slip flow [60]. They performed finite element analysis on the bump
foil, considering friction forces between the top and bump foils as well as the base plate. The results
from the finite element analysis were integrated into their foil bearing model, enabling comprehensive
analysis. The study found that the bearing produced more load and torque under tilting conditions.
The first coupled bump and top foil elastohydrodynamic analysis was performed in 2009 by San Andres
[73]. In this model, the elastic deformations of the 1D beam-like top foil were coupled with the bump
deflections and the gas film hydrodynamics.

Hryniewicz went one step further in 2009 and built a two-dimensional model with a detailed bump foil
geometry and considered the interaction between bumps [37]. The model was verified through finite
element analysis studies.

Feng performed an analytical investigation in 2010, taking into account the friction and interaction forces
between the bump and top foils [22]. In this model, each bump was simplified by two rigid links and a
horizontally spaced spring. The local deflection of the top foil was calculated using a finite-element shell
model. The deflection was then considered in the local film thickness within the Reynolds equation.
Gad and Koneko introduced a new structural stiffness model in 2014 and 2015, which accounted for the
separation of the foils during operation [26, 27, 28]. They coupled this model with the 2D compressible
Reynolds equation and solved the fluid-structure interaction iteratively. The simulation results showed
good agreement with experimental data from Dickmann [17].

In 2016, Qin et al. developed a 3D flow and structural fully coupled model with a moving mesh to predict
the performance of foil thrust bearings for supercritical CO2 cycles [64]. While the Reynolds equation
was found to be sufficient for airflow, it was inadequate for supercritical CO2. Therefore, the CFD code
EILMER was used to handle the specific fluid properties.

It is worth noting that the previous work primarily focused on the stationary properties of air foil thrust
bearings. However, in recent years, researchers have also considered the dynamic interaction between
thrust and journal bearings [62].




Thermohydrodynamic

The thermohydrodynamic branch of air foil bearing simulations began approximately 20 years after
the elastohydrodynamic branch. In 2001, Salehi et al. presented an investigation on compliant air foil
bearings, specifically focusing on their thermal features [72]. They solved a Couette approximation to
the energy equation coupled with the compressible Reynolds equation, incorporating thermal properties
in the fluid model. The comparison with parallel experimental studies showed an overprediction of 8-19
percent.

In 2010, San Andres presented a thermohydrodynamic model for predicting the performance of gas foil
bearings [74]. The model considered the thermal energy transport into the air gap with a cooling gas
stream. It also took into account material properties, disk centrifugal effects, and thermal growth. The
predictions of the model were compared to published measurements of housing temperatures of an air
foil journal bearing.

Lee et al. presented a thermohydrodynamic model for bump air foil journal bearings in 2010 [49]. The
model solved the 3D energy equation and Reynolds equation along with temperature distributions in the
surroundings. Additionally, it considered the thermal growth of the rotor. The model was extended with
measured thermal resistance variables between the top foil and bearing sleeve and was verified through
benchmarking against experimental results, showing good agreement.

In 2011, Lee et al. presented the first thermohydrodynamic analysis on air foil thrust bearings [50]. The
analysis involved an air foil thrust bearing with radially arranged bumps and a Rayleigh stepped top
foil. The temperature distribution in the air foil was computed using the 3D energy equation along with
the non-isothermal Reynolds equation. Furthermore, the cooling air flow through the bump foil cooling
channels was considered.

Sim et al. published a thermohydrodynamic analysis of bump-type gas foil journal bearings with bump
thermal contact and an inlet flow mixing model in 2012 [80]. The analysis took into account energy
transport in the air film, heat conduction into the disk, and the thermal resistance of the bump foil. The
thermal contact was considered using an analytical model. The simulation results were benchmarked
against experimental test data, and the study highlighted the importance of considering the thermal
resistance of the bump foils for accurate prediction of bearing performance.

In 2015, Gad et al. adopted the model of Salehi [72] for air foil thrust bearings, including the effects of
centrifugal forces on the disk [25].

Thermo-Elastohydrodynamic

Bruckner presented the first thermo-elastohydrodynamic model for bump foil thrust bearings, coupling
the hydrodynamic pressure field with the heat generated in the thin film and the elastic deformation of
the top and bump film structure [10]. The dissertation also included short test data for an eight-pad
generation one thrust bearing. The model simplified heat transfer in the film and adjacent solids by
considering constant temperature and constant lubricant properties throughout the film thickness, along
with a simple approximation for heat transfer to the adjacent solids.

Lehn developed a fully coupled thermo-elastohydrodynamic model for a thrust foil bearing from 2016 to
2018. The model solved the deformation of the bump and top foils using Reisner-Midlin-Shell theory,
incorporating Coulomb friction forces. For the fluid film, the compressible Reynolds equation was solved
with the averaged viscosity obtained from a 3D energy equation. The model considered convection and
conduction for energy conservation and accounted for the thermal growth and centrifugal deformation of
the rotor disk. On the runner’s backside, a 2D turbulent flow was solved to handle heat transfer over the
disk’s backside. Heat transfer from the top foil through the bumps was solved using an analytical thermal
resistance model [54, 52, 53].




In 2017, Qin published a thermo-elastohydrodynamic model for air foil thrust bearings operating with
supercritical CO2 [63]. To handle this type of fluid, the model considered inertia forces and turbulent flow,
which were solved using an in-house tool. A separate finite difference solver for structural deformation
solved the Kirchhoff plate equation, coupled by a mapping algorithm.

Overall, these simulation studies and developed models have significantly contributed to the understanding
of the behavior and performance of air foil thrust bearings. They have investigated a wide range of factors,
including geometric parameters, thermal effects, material properties, and dynamic interactions.

2.1.2. Experimental Studies

First experimental analyses on foil bearings were conducted by NASA researchers in 1977 and 1978 on
foil journal bearings [88, 68]. In 1977, Nemeth published a technical paper for NASA that described the
first thrust bearing test rig [59]. The test rig utilized an impulse air turbine to drive the rotor, which
could reach speeds up to 9 krpm. Thrust loads of up to 80 N were applied through a pressure chamber,
while the radial support for the shaft was provided by gas journal bearings.

In 1982, Heshmat et. al. presented a test rig which was able to run up to 80 krpm; externally pressurized
journal bearings have been used to mount the shaft in the housing [32]. While the usage of aerostatic
journal bearings will basically allow the performance of highly accurate measurements, the running
speed of the test rig, which was driven by an impulse turbine, was rather limited.

Iordanoff presented a similar test rig in 1999 [39]. The rotor in this rig was supported by two high-
precision ball bearings, and a loading piston supported by aerostatic journal bearings was used to measure
the torque. The load was applied through a pressure chamber, allowing for thrust loads up to 900 N and
rotor speeds between 20 and 50 krpm. Although this test rig enabled the application of very high loads,
the maximum rotor speed was relatively low.

Hryniewicz et al. presented two test rigs for thrust bearings in 2003, featuring a complete oil-free design
[36]. With these test rigs, thrust bearings up to a diameter of 102 mm have been analyzed for operating
speeds up to 80 krpm and thrust loads up to 1300 N [36]. The rotor shaft was radially supported by two
hydrodynamic foil journal bearings, while the rotor was accelerated by an air-driven turbine wheel. The
load was applied through an air piston supported by a hydrostatic bearing. This unique design allowed
for torque measurements via a torque arm on a calibrated flexure [6]. This test rig has been designed
and used to examine rather large bearings at medium rotor speeds. Due to usage of aerostatic bearings
for the support of the base plate, very accurate measurements could be carried out.

Dykas also utilized one of the test rigs presented by Hryniewicz et al. for different experimental stud-
ies, particularly focusing on cooling conditions [19]. Additionally, Dickman used the same test rig to
determine static load deflection curves and for torque measurements at rotor speeds ranging from 5 to
40krpm [17]. In 2011, Lee presented a test rig capable of running up to 52 krpm [51]. The load was
applied through a hand-loading system that pushed the thrust bearing against the rotor disk. The rotor
was driven by a 50 kW electric motor, and all moving parts were supported by ball bearings. This test rig
investigated thrust bearings with diameters up to 110 mm and thrust loads up to 50 kPa. However, due
to the use of ball bearings to support the thrust bearing base plate, the accuracy of the measured friction
torque of the foil bearing might be limited.

Balducchi and Arghir conducted experimental analyses on start-up torque in 2013 using a test rig with
rotational speeds up to 35 krpm and thrust loads up to 60N [4]. The test rig was driven by an electric
spindle, and the rotor was supported by ceramic ball bearings. The non-rotating part containing the
thrust bearing under investigation was radially supported by an aerostatic bearing. The static load was
applied by adding weights to the non-rotating component, and the torque was measured using a load
cell. Essentially, the test rig may allow the performance of highly accurate measurements. However, the




rotor speed is rather limited due to the spindle drive.

In 2015, San Andres compared his simulated data with the experimental data of Dickmann [75] and
found good agreement for drag torque versus shaft speed up to 40 krpm for an applied load of 40 N.

In 2018, LaTray and Kim [47, 46] published a test rig with a Pelton driven rotor, which can run up
to 190 krpm. Thrust bearings with an outer diameter of 38 mm have been investigated. The rotor is
supported by high-speed angular contact ball bearings. Up to 75N thrust load can be applied by a
pneumatic actuator; the force is measured with a load cell. The base plate of the test bearing is supported
by ball bearings; the bearing torque is measured with a load cell. While this test rig allowed for high-speed
testing of bearings with moderate loads, the usage of ball bearings may limit the precision of the measured
friction torque of the foil thrust bearing.

In 2022, Chen et. al. introduced a test-rig for air foil thrust bearings under dynamic disturbance [12].
The rotor is driven by an electrical motor; rotor speeds up to 25 krpm are considered. The thrust bearing
disk has an outer diameter of 30 mm. Loads up to 42 N were applied. The main focus of the work was
not on investigating bearing performance but studying the influence of dynamic effects. The rotor disk
exhibited a relatively large runner runout error of approximately 12 um. The usage of ball bearings to
support the bearing base plate might limit the accuracy of the measured friction torque.

In 2023, Xu et. al. presented a test rig, which was able to run up to 80 krpm (outer radius of the disk:
35.5mm; loads up to 120N) [91, 92]. The rotor is driven by an electric motor; the test bearing is
supported aerostatically. The thrust load is applied pneumatically by a cylinder. Due to the aerostatic
support of the thrust bearing, the friction torque may be measured with high accuracy. Due to the electric
motor, the maximum speed is, however, limited.

In summary, various test rig concepts for air foil thrust bearings have been discussed in the litera-
ture. To conduct precise friction torque measurements, reducing friction effects in the support of the
thrust bearing base plate is necessary, making aerostatic bearings a suitable choice. Air impulse turbines
are a favorable option for achieving high rotor speeds. Another important consideration for high-precision
measurements is the reduction of misalignment effects, as misalignment between the runner disk and
the foil thrust bearing can significantly influence the friction torque of the bearing. Finally, EP journal
bearings proved suitable as well.

Top Foi
Bump Foil

L1771 0771177717771 77717771717177

Figure 2.2.: Rotor bearing system of an air foil thrust bearing.




2.2. Governing Equations for the Simulation Model

In this section the equations for the utilized simulation model are presented. These equations are based
on the work of Lehn [52] and Rieken [67] and have been adapted in Chapter 4 for the specific type of air
foil thrust bearings considered here.

Fig. 2.2 depicts a typical rotor bearing system for an air foil thrust bearing. The rotor and its rotor
disk rotate while the bearing remains fixed. The relative movement between the rotor disk and the
fixed bearing leads to the formation of an air film between them. The bearing consists mainly of two
parts: the bump foil and the top foil. The top foil is positioned on top of the bump foils and can have
a pre-deformed shape to facilitate the buildup of pressure in the bearing gap. The bump foil provides
spring-like properties to the bearing, allowing it to withstand misalignment and support the top foil
at specific locations to restrict its deformation. The bump foil is placed on a base plate. All parts are
addressed separately in the following sections.

The following sections address each component separately and provide the corresponding governing
equations. The material properties associated with these components can be found in appendix in
Tab. A.1.

2.2.1. Rotor

Thermal Deformation Centrifugal Deformation

Undeformed

K

Figure 2.3.: Sketch of the rotor deformation due to centrifugal forces and thermal deflection.

A rotor in a turbomachine consists of a disk and a shaft, as illustrated in Fig. 2.3 on the left side. In
the case of the thrust bearing, the rotor disk is of particular interest because the bearing supports the
thrust load of the turbomachine on the disk. Due to the high rotational speed w, the deformation and
temperature distribution in the rotor disk can be effectively modeled using an axisymmetric approach.
The two deformation modes of the rotor disk are shown in the figure on the right side. In the following
equations, all variables related to the rotor are denoted with the subscript RD for rotor disk.

The resulting thermoelastic axisymmetric deformations of the rotor disk, denoted as vrp ; in the radial
direction and vrp, in the axial direction, are calculated using the Navier-Lamé equations, which take
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into account centrifugal forces and thermal stresses, as described in Ref. [70]:

RD <v2URD’r B Uig,r> + (Crp + MRD)Zfr <7{887~(7’1)RDJ) + 3”;;3,Z> o GRD({)A;;RD
= —PRDTw2, o
ROV *URD,, + (CRD> + TRD)(;Z (i;’(rvRD,z) + 8U§: ) B €RDaAa:QRD
= 0.
In these equations, (rp = ngﬁ% represents the Lamé constant and Tgp = % denotes the

shear modulus. Here, Erp is the elastic modulus and vgp is the Poisson’s ratio of the rotor material. The
constant erp is defined as egp = %ﬁ;?’ where agp is the thermal expansion coefficient of the rotor
material. The term ATrp = Trp — Tp represents the temperature difference of the disk with respect
to a reference temperature 7y. This term couples the temperature field to the deformation of the rotor.
The centrifugal deformation is taken into account through the inertia force on the right-hand side of the
equation, which depends on the rotor’s material properties (density p) and the rotational speed w.

The temperature field of the rotor disk, denoted as Trp(r, z), is obtained by solving the axisymmetric
heat diffusion equation:

0 [ 8TRD] 0 OTRD] ~0 2.2)

+ & |:)\RDT az

with A\gp representing the thermal conductivity of the rotor material. The boundary and coupling
conditions of the rotor disk, as well as its interactions with other components, are discussed in Section 4.1.

2.2.2. AirFilm

3D Energy Equation o 2D Reynolds Equation
Disk Side
< Leading Edge
. T h(z,y)

y \T/v
x w
\/T Trailing Edge

Top Foil Side

Figure 2.4.: Air film sector of an air foil thrust bearing in 3D for energy equation and 2D for Reynolds equation.

The air film is treated as a 2D field for solving fluid motion and conservation in the x and y directions.
For energy conservation, a 3D field is used, where the z coordinate represents the air film height s. Both
fields are illustrated in Fig. 2.4. Given the high aspect ratios between typical extensions in lateral (z and
y) and film height h direction in z (i.e., h/x < 1000), the pressure can be assumed to be constant in z
direction. Consequently, the air film pressure p is calculated using the generalized Reynolds equation, as
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Top Foil Heat Fluxes Bump Foil Thermal Model

Trr
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qTF,out

TBase

Figure 2.5.: Thermal model of top and bump foil.

described in references such as Dowson et al. [18] and Hamrock et al. [31]. The equation takes into
account the averaged fluid temperature T,,,(x, y) to determine the density p, and viscosity 7 of the air
film (depicted in the Appendix in Eq. A.1-A.3), as reported in previous works by Lee [51] and Mahner
[57]:

0 [p(p,Tm)hg’@p} aay [p(p,Tm)h?’@p]

oz | 120(T) Oz 120(Tw) Oy (2.3)
0 [p(p, T)Uh n 9 [pp,Tm)V R .
o 2 Tl 2 |

The velocities U and V represent the disk velocity in the x and y directions, respectively. The temperature
field T'(z,y, z) is obtained by solving the energy equation, which can be expressed as follows in thin film

flow approximation:
oT  OT] _ 0 (0T
Per 1o U@y - 0z 0z

op dp ou\ > ov\?
+lus—+v— |+l 5| + |5 .
0z 0z

ox y

The first term represents convective heat transfer, taking into account the heat capacity cp (depicted in
the Appendix in Eq. A.3) of air. The second term corresponds to diffusive heat transfer, also known as
conduction, considering the thermoconductivity A of air. In the case of air foil thrust bearings (AFTBs),
the conductive heat transfer in the axial (z) direction is dominant compared to convective heat transfer.
This is due to the small dimensions of the air gap, which are on the order of micrometers or tens of
micrometers [52]. Additionally, planar heat diffusion in the lubricating gap can be neglected. The third
term in the energy equation accounts for the power of pressure forces, while the last term describes
dissipation resulting from shear forces. Since the film height and the air film domain change when the
rotational speed or load is varied, a coordinate transformation is performed for the energy equation
domain. This transformation converts the range of the gap height from 0 to —h to z = —1 to 1, as
presented in [52].

2.4)

2.2.3. Thermodynamics of Top and Bump Foils

The temperature profile Trp(x, y) of the top foil can be determined using the 2D heat diffusion equation:

—ATrtTEV ITF = ¢TF,in + 4TFout> (2.5)
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where Arr is the constant heat conductivity and ¢y is the thickness of the top foil. The top foil, along
with the incoming and outgoing heat fluxes, is illustrated in Fig. 2.5 on the left side. The incoming heat
flux can be treated as ¢rpin = (%%—Z) ’z=71’ coupling the 3D energy equation with the top foil. The
outgoing heat flux ¢ty oyt is represented by the heat going through the bump foils into the base plate,
depicted by a thermal resistance Ry, presented in Fig. 2.5 on the right side. The thermal resistance Ry,

can be expressed as a series circuit:

Ry, = R1F BFair + BBF + RBF Base,air> (2.6)

where Ry Br .ir is the thermal resistance of the air gap between the top foil and the bump foil, Ry is
the thermal resistance of the bump arc, and Rpr Basc,air is the thermal resistance of the air gap between
the bump foil and the base plate. To calculate the individual thermal resistances, certain parameters
of the foil bearing geometry and material properties are required. These include the radius of the arc
Rgpa, its nominal angle fpp, the thickness ¢gp of the bump foil, the length of the contact lines L, and
the thermal conductivity Agr of the bump foil. Additionally, the length dimension zTr Br Or ZBF Base iS
needed, which indicates the extent to which the diffusive heat flux is assumed. This is defined as:

TTF,BF = TBF,Base = 2 - IBF- 2.7)

Furthermore, the thermal conductivity of air A is given. The roughness value ypr Base OF YTF BF iS
considered at the contact points to account for surface roughness. It is calculated as the sum of the
roughness values of the individual surfaces. As a result, the thermal resistance between the top foil and
the bump foil can be obtained.

1
R1p BF, air = \/ ZTE’BF . . (2.8)
BA /\airLBF atan ( ITF BF )

Vv 27TF,BFRBA

The thermal resistance of a bump foil arc reads:

RpAbpr

Rpp = ———, (2.9)
BT Lortsrsr
and the thermal resistance between bump foil and base plate:
RBF,Base,air = L (210)

LyrappAair

Using the analytical thermal resistance quantities, the heat transfer from the top foil to the base plate can
be described [52]. These thermal resistances capture the resistance to heat flow at different interfaces,
including the air gaps and contact points between the top foil, bump foil, and base plate. By considering
these thermal resistances in a series circuit, the overall resistance to heat transfer from the top foil to the
base plate can be determined. This provides a quantitative description of the heat transfer process in the
foil bearing system.

2.2.4. Mechanics of Top and Bump Foils

The deformations of the top and bump foils are calculated using the Reissner-Mindlin shell theory [5].
This theory allows for three translational degrees of freedom (v;) and two independent rotational degrees
of freedom (w,,) for the foils. The equations governing the deformations depend on the metrical and
curvature properties of the shell’s middle surface.
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Top foil

Rounding

Figure 2.6.: Sketch of the bump mechanics from Lehn [52].

In the case of the top foil, it can be approximated as a planar (flat) shell, and its deformations are governed
by the equations for a flat shell. On the other hand, the bump foil is divided into different segments:
the bridges between the bumps are modeled as planar shells, while the bumps and their transitions are
modeled as cylindrical shells. The deformations of the cylindrical shell segments are governed by a set of
five equations [21].
These governing equations describe the deformations of the cylindrical shell without external load, taking
into account its radius of curvature R, with the centerline along the y-axis. The specific form of these
equations depends on the geometry and properties of the shell, and they are derived based on the
principles of the Reissner-Mindlin shell theory.
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= Gtkg <w2 + 1)3) ,
Jy
where D = £L; is the stretching stiffness, B = ﬁ‘ig) is the bending stiffness, and Gt = 2(5:”) is the

shear stiffness. With regard to the Cartesian coordinate system, the 1-, 2-, and 3-direction correspond to
the z-,y-, and z-direction, respectively. The underlying constitutive equations for the transverse shear
stress ¢ is expressed as:

" = Gt - a7y - ks, (2.16)
the moment tensor m®” as:
m™? = BHYP (Fap — bSPuo) » (2.17)
and the stress resultant tensor n®? as:
n®® = DH*Prpy, — bimer. (2.18)

The kinematic relations for the strain variables ¢,3, ko3, and 7, are:

Pap = Vgla — V3bag, (2.19)
1

Kag = 5 (wa|6 + wma) ) (2.20)

Ya = Wo T V3, + 'U)\bé- (2.21D)

Finally, the equilibrium equations have the form:

—p? =n®f|, - ¢° 3, (2.22)
- no"gbag + %o, (2.23)
0= mo‘5|a - qﬁ. (2.24)

The contact forces between the top foil and bump foil, as well as between the bump foil and the base
plate, are incorporated as external loads on the respective components. In the model, the contacts are
approximated as line contacts at the top line of the bump and the corresponding lines on the top foil, as
shown in Fig. 2.6.

The normal contact forces, denoted as Fy, are modeled using a penalty stiffness approach. They are
proportional to the penetration depth Avs and can be calculated as Fy = cAwvs, where c is the penalty
stiffness coefficient. This formulation allows for only small penetration depths, ensuring that the contact
forces act to separate the contacting surfaces. The tangential contact forces, denoted as Fry, are formulated
using a generalized Coulomb friction approach [90]. The friction force is given by u - step(Av, ) FN,
where p is the coefficient of friction and Aw, represents the relative tangential displacement between
the contacting surfaces. The step function ensures that the friction force only acts when there is relative
motion between the surfaces.

This approach captures the contact interactions between the top foil and bump foil, as well as between
the bump foil and the base plate, taking into account both normal and tangential forces. It allows for the
modeling of contact mechanics and the simulation of the mechanical behavior of the components under
contact conditions.
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Figure 2.7.: Heat paths in an air foil thrust bearing and its surrounding.

2.2.5. Heat Paths

Heat paths in an air foil thrust bearing and its surroundings play a crucial role in the design and thermal
management of the bearing. Fig. 2.7 illustrates the major heat paths involved. The primary heat source
is the air film between the top foil and the disk, which generates heat due to shear forces in the fluid.
This heat can be distributed through five main paths:

]Dloss = QTF + QRD + Qair,in + Qair,out + Qpad (225)

* Heat conducted into the rotor disk (Qrp): Some of the heat generated in the air film is conducted
into the rotor disk, resulting in an increase of its temperature.

* Heat conducted into the top foil (Qrr): Heat can also be conducted into the top foil, leading to an
increase in its temperature.

* Heat carried away by air inflow (Qairin): Fresh air flowing over the inner radius of the air gap
absorbs heat from the bearing, helping in the dissipation of thermal energy.

* Heat carried away by air outflow (Qairout): Air flowing over the outer radius of the air gap carries
away heat from the bearing, contributing to heat dissipation.

* Heat exchanged between the pads (Q.q): Heat can be exchanged between the pads of the bearing,
which affects the overall thermal behavior of the system.

Heat conducted into the top foil can be further distributed through different paths. It can be carried
away by cooling flow or conducted into the bump foils. The bump foil can then conduct heat into the
base plate (QBase), Which is often equipped with a water cooling system. Additionally, air cooling can be
implemented beneath the top foil, flowing from the inner radius to the outer radius (Qcool,in /out)-

On the other side of the air film, heat conducted into the disk also has various distribution paths. Part
of the heat flows throughout the rotor (Qrr) and can be dissipated through convection on the rotating
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rotor or conduction in smaller gaps, such as the journal bearings. Heat fluxes towards the periphery
can be distributed into radial (Qaq,p) and axial (Q.x,p) components. The amount of heat flowing into
the periphery and its effect depend on the surrounding geometry. In some cases, the radial periphery
represents a small gap that contributes to additional heat generation in addition to the air film in the
bearing. Furthermore, machines often require two axial bearings for each thrust force direction, which
means the backside of the disk can also generate additional heat within this second bearing.

2.3. Tribological Systems

In energy-converting machines, tribological contacts between solid bodies, liquids, or gases play a crucial
role. These contacts involve the interaction between surfaces and are governed by physical and chemical
mechanisms. The field of tribology focuses on studying lubrication, friction, and wear in these contact
systems. In the case of aerodynamic thrust bearings, the contact partners are mainly the rotor disk, the
bearing surface (represented by the top foil’s coating layer), and the air film between them.

One important concept in tribology is the Stribeck curve, which describes the friction behavior of lubricated
contacts as a function of the sliding speed [83]. The Stribeck curve, depicted in Fig. 2.8, shows the
friction force plotted against the sliding velocity u. Stribeck identified three distinct operating ranges
based on the sliding speed:

* Hydrodynamic lubrication: At higher sliding speeds, the lubrication film between the surfaces is
thick enough to fully support all normal forces, preventing direct contact between the surfaces. In
this range, the friction force increases linearly with the sliding speed due to shear stresses in the
lubrication film.

* Mixed lubrication: In the intermediate speed range, the hydrodynamic pressure is not sufficient to
fully support the normal load on the contact. As a result, a portion of the normal load is carried by
direct contact between solid asperities, leading to the possibility of wear.

* Boundary lubrication: At very low sliding speeds, the normal forces are no longer sustained by the
lubrication film, and solid-state friction occurs. In this range, a large portion of the surface area of
the two solids is in direct contact with each other.

Solid State Friction Mixed Lubrication Hydrodynamic Lubrication
x Fx x
l U l u l u
— — —
= 03<A<3
- A>3
o
= | A<o03
8]
g - —
~
=

Sliding Velocity u

Figure 2.8.: Stribeck curve.
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The Stribeck curve is based on the lubricant film thickness parameter A, which is defined as the ratio of
the gap height h to the combined standard deviation of the surface roughness o.

Al (2.26)

g

This parameter serves as an indicator of the proportion of solid body contact. For instance, if A = 3 (as in
the transition from mixed lubrication to hydrodynamic lubrication), only 1 % of the surface area of the
solids are in contact. On the other hand, if A = 0.3, 99 % of the surfaces are in contact. It is important to
note that real surface roughness profiles can deviate from a normal distribution, leading to variations in
the lubricant film thickness parameter for different operating ranges [31].
In the context of foil bearings, the Stribeck curve can be applied to analyze the tribological system. The
normal force in this system is exerted by the reaction force of the compressor wheel and is applied to the
rotor disk. The rotor disk rotates with a velocity u, while the top foil remains static. Interpreting the
Stribeck curve in this context suggests that for a given normal force, there exists a critical rotor velocity
at which hydrodynamic lubrication becomes possible. This critical velocity depends on the roughness of
the top foil and rotor surfaces, as indicated by the lubricant film thickness parameter A and the Reynolds
equation. The Reynolds equation calculates the pressure distribution based on the film height, and by
adjusting the applied axial force iteratively, the film height and pressure distribution can be obtained.
If the velocity is not high enough to establish a lubrication film with sufficient pressure to counteract
the normal force, wear can occur. By using a simulation model and known roughness parameters of the
contacting surfaces, it is possible to predict this critical point when the local film height & falls below a
threshold value, such as A = 3.

2.4. Model Validation

Model validation is an essential step in the development of a simulation model. It involves assessing the
accuracy and reliability of the model by comparing its predictions with real-world data. In this section,
the concept of model validation, the uncertainty quantification method used for validation, and the
concept of sensitivity analysis are discussed.

According to Sargent [76], the concept of model validation and verification can be understood by referring
to Fig. 2.9. This figure illustrates the relationships and dependencies between the real world and models.
Models should be capable of simulating the physical interrelationships of the real world that correspond
to the defined task. In this case, the model is intended to support the design process and facilitate
optimization with respect to various output variables. Therefore, the validation and verification process
of the model is described in accordance with this task.

The conceptual model in this case represents a logical representation of the system, as depicted in Fig. 2.2.
It consists of the bearing itself, its surroundings, and the interactions among all the components. The
simulation model is the conceptual model implemented on a computer, incorporating the relevant physical
equations and their boundary conditions. To ensure the accuracy of the model, validation and verification
processes are applied between these areas.

Model verification is commonly defined as ensuring the correct implementation of the simulation model,
while validation involves confirming that the simulation model achieves a satisfactory level of accuracy
consistent with its intended application (refer to Schlesinger [77]). Model verification, in our case, has
been performed in prior work by Lehn and Rieken [52, 67], confirming that the implementation of the
conceptual model aligns with the model specifications. On the other hand, conceptual model validation
ensures that the theories and assumptions of the conceptual model are consistent with the system theories
of the real world. In this case, the Navier-Stokes equation serves as the system theory for the fluid film in
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Figure 2.9.: Verification and validation based on Sargent [76].

the bearing, while the conceptual model specifies simplifications leading to the Reynolds equation.
Operational validity guarantees that the behavior of the model’s output quantities remains within a
defined level of accuracy, accurately representing various conditions of the real world. For instance, if a
geometric parameter is changed in both the real world and the simulation, the experiment and simulation
results should exhibit the same performance changes. Experimentation is carried out in the real world
and can involve multiple levels of abstraction.

Czichos [13] defines six levels of abstraction for the system, ranging from operational trials at level
one to abstract model testing at level six. These abstraction levels are necessary for certain studies to
identify and exclude parasitic influences. In order to obtain the operational model validation through
experimentation, the concept of uncertainty quantification is obtained in this work and described below.

2.4.1. Uncertainty Quantification

The concept of uncertainty quantification is illustrated within the validation process in Fig. 2.10. In order
to validate the output of the simulation model, experiments need to be designed and conducted. The
results obtained from these experiments can then be compared with the simulation output. Throughout
this process, several sources of uncertainty can be identified. First, the experiments themselves are
subject to uncertainties, which can be categorized as follows:

* Systematic errors: Are predictable and typically constant or proportional to the true value. If the
cause of the systematic error can be identified, then it usually can be eliminated, e.g., through
calibration and zeroing.

* Random errors: Arise from unpredictable fluctuations in the measured output. They manifest as
different results for repeated measurements of the same quantity. These errors can be estimated by
comparing multiple measurements and can be reduced by averaging them.

In addition to experimental errors, simulation results also encounter uncertainties, which can be classified
as follows:

* Model uncertainties: These uncertainties arise from the approximations made in modeling the
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Figure 2.10.: Model validation concept based on Fricke [24].

underlying physical processes. For example, the Reynolds equation is an approximation derived
from the Navier-Stokes equation.

* Numeric errors and uncertainties: Result from the discretization of the simulation model, leading
to rounding or approximation errors. Bugs or coding errors can also lead to numeric errors.

* Input uncertainties: All simulation models rely on parameters that must be specified for their use.
Differential equations also require initial and boundary conditions to be defined. The process of
estimating model inputs based on measured data is often referred to as model calibration, which
also faces the measurement uncertainties mentioned above.

Thus, the uncertainty in the simulation can be characterized by considering input uncertainties, model
uncertainties, and numeric uncertainties [81].

The goal of the validation in this work is to ensure that model uncertainties are sufficiently small for
the simulation to accurately predict the behavior of a real bearing. Since numeric uncertainties can be
minimized through the use of fine mesh and high convergence criteria, they can be neglected when
considering simulation uncertainties. If all other uncertainties are known, the upper and lower bounds of
the uncertainties in both the simulation and the experimental results can be specified. To illustrate the
validation process with simple examples, Fig. 2.11 can be consulted. In the figure, three diagrams are
presented. In each diagram, a variable denoted as "Quantity 2" is plotted as a function of variable "Quantity
1". Both simulation and experimental results are displayed along with their respective uncertainties.

In case (a) of the figure, all measured quantities fall within the uncertainty range of the simulation results.
Both the trend and absolute values closely match. The uncertainty range can be stated as rather small
in this case. Thus, it can be concluded that the model uncertainties are smaller than the uncertainties
stemming from the simulation inputs. Consequently, the model can be considered validated within the
specified parameter space.

Moving on to diagram (b) in the figure, the trend of the experimental results diverges from that of the
simulation. This discrepancy suggests that the conceptual model cannot accurately capture the real-world
behavior and requires adjustments to achieve a validatable model.

In diagram (c) of the figure, the measured quantities fall within the range of simulation uncertainties,
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but the uncertainty range is notably wide. In such cases, achieving a comprehensive validation becomes
challenging. Differences in trends cannot be definitively attributed to either inaccuracies in the conceptual
model or complex input parameter behavior.

In an additional scenario—not depicted in the figure—experimental uncertainties might be excessively
large. In such instances, it is advisable to reconsider the experimental setup and potentially opt for a
different level of abstraction to mitigate external factors, as discussed by Czichos [13].

Complex simulation models often depend on numerous input parameters. To identify the most influential

parameters, a sensitivity analysis can be applied. This concept will be introduced and applied to the
model in the subsequent section.

2.4.2. Sensitivity Analysis

100
—— Output 1
—— Qutput 2
< 50 —— Output 3
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\ \
—100 =50 0 50 100

Input variation in %

Figure 2.12.: Sensitivity analysis example.

A sensitivity analysis allows us to quantify the relative contributions of individual parameters or inputs
to the output of a model. It provides insights into the robustness of the model with respect to different
parameters and helps identify insensitive parameters, simplifying the model. Additionally, a sensitivity
analysis can guide experimental setups by determining which measurements have a significant impact
on the response sensitivity [81]. Fig. 2.12 provides an example of such an evaluation, where the impact
of input variations on four evaluation key figures is depicted. On the horizontal axis one example input
variation is depicted from -100 to 100 %. The vertical axis shows the input variations impact on four
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example evaluation key figures. In this example, the variation of a specific input has no influence on
Output 1, but affects the other characteristics in different ways.

To validate the model, output values must be defined, which can also serve as benchmarks for the
sensitivity analysis. Since the model is intended to predict the bearing behavior, the selected quantities
should be relevant to this purpose.

In this work, four new bearing characteristics are defined and introduced in this section. The first
characteristic to be considered is the bearing’s performance in terms of load capacity and the power loss.
In addition, the design of the bearing depends on how the produced heat is dissipated. Furthermore,
the specific bearing load is important to ensure the longevity of the bearing. Moreover, the bearing is
dependent on another important design parameter: its stiffness. These four characteristics need to be
quantified with respect to simulation and experimental output.

The simulation model provides several output variables, and in this case, the most important ones
are interconnected to predict the bearing’s performance. These variables include the pressure p(zx,y),
temperature 7'(z, y, z), film height h(z,y), and shear momentum dM of the air film. The deformation of
the bump and top foil can be combined to determine the resulting top foil deformation v3r at the bump
intersection lines. Moreover, the top foil temperature 77 and the rotor disk temperature Tgp are of
special interest. Most of these variables can be used to calculate integral quantities, such as the bearing’s
load capacity given by

W = /A (p — po)dA, (2.27)

pad

and the power loss

Ploss = W / dM dA. (2.28)
A

pad

Calculated temperature gradients are proportional to the heat fluxes going from the air film into the
rotor disk Qrp and into the top foil Q1.

The first characteristic, ®r s, quantifies the amount of friction loss generated for a required load in a
specific bearing. It is defined as the ratio of power loss Pj.ss to load capacity W':

Poss
(I)Loss = II/V . (229)

For example, if a bearing produces 300 W of friction losses at 100 N, &, would be 3 W/N, indicating
that every Newton of load produces 3 W of heat in the bearing’s fluid film. In most cases, the relationship
between power loss and load capacity is nearly linear for a given spinning speed, making this factor an
indicator of the bearing’s loss behavior and performance.

The generated friction losses dissipate into the air film and are carried away to the surrounding com-
ponents of the bearing. Understanding how the heat is transported within the system is crucial for the
understanding of the bearing. The second bearing characteristic,

_ Q1r

= 2.
PIOSS ’ ( 30)

Py,
calculates the ratio between the bearing’s power loss and the heat carried into the top foil. It provides a
measure of the thermal balance, indicating how much of the dissipated heat goes into the top foil. 1y

ranges between 0 and 1, with a value of 1 indicating that all the dissipated heat is transferred to the top
foil. It is generally beneficial to aim for higher values of this characteristic because lower values indicate

22



that heat needs to be transferred over the rotor, which is more demanding than transferring heat over
the static parts of the bearing system. Therefore, transferring heat over the top foil is preferred.

Due to misalignment in high spinning machinery, the stiffness of the bearing system is important to
compensate tilt. The stiffness is also an important design feature for dynamic properties of the rotor
bearing system. The stiffness characteristic ®g; is introduced as

By = w (2.31)
URD
With W defined as the load capacity and vgrp as its corresponding mean of the rotor disk’s displacement.
It is therefore a global bearing stiffness characteristic and does not take the gradual changes of the local
stiffness into account. The order of magnitude for this characteristic is around 1 N/pm.
The last characteristic, ®gjy, is determined as the ratio of the minimum film height min(h) to the
averaged film height h:
in(h
Dy = ") (2.32)
h
It describes the local load distribution within the bearing, with a value of 1 indicating even loading
across the entire bearing area, which is practically unachievable due to the need for a converging gap to
generate pressure. Smaller values imply that certain parts of the bearing experience higher loads than
others, which could lead to wear if the local film height falls below the mixed lubrication limit H ,jxeq.
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3. Validation Test Rigs and Measurement Tools

To successfully validate the simulation model of the thrust bearing, some preliminary considerations
need to be made. The output quantities introduced in the sensitivity analysis (Sec. 2.4.2) form the basis
for validating the bearing. The performance of the bearing, described by @, in terms of load capacity
and generated power loss, can only be measured during real operation with a rotating rotor. Therefore, a
test rig must be set up to run at 120,000 rpm and apply thrust loads up to 100N on the bearing. These
speed and thrust load values correspond to the maximum values occurring in the real machine.

The thermal characteristic, 1y, can also be determined in this test rig by measuring temperatures and
corresponding power losses generated in the bearing. As Lehn [52] focused on the thermal resistance of
the bump foils, it is important to investigate this aspect more closely. Measuring the thermal resistance
requires determining the temperature gradient and power loss. Due to the influence of various parameters
in a rotating test rig, a separate test rig dedicated to this purpose is presented in this chapter. It enables
the measurement of thermal resistance of the foil package without other influencing effects.

The stiffness characteristic, s, can be straightforwardly determined using standard test beds designed
for force-displacement characteristics, also without a spinning rotor.

Measuring the fourth characteristic, ®gyy,, directly is challenging. It requires measuring the local film
height distribution in an operating bearing, which is a complex task. Alternatively, this question can be
addressed indirectly by examining the wear pattern on the coating layer of the top foil. The wear pattern
provides insights into the local load distribution within the bearing gap, which is indicative of the local
film height. Therefore, this work addresses this bearing characteristic indirectly.

To address these questions, this chapter will present the measurement setups for validating an air foil
thrust bearing. First, a new high-speed thrust bearing test rig will be introduced and described in detail.
Special attention will be given to the measurement capabilities of non-contact temperature measurements,
torque, and axial force measurements, as well as a special gimbal suspension for the base plate in order
to provide measurements under aligned conditions. Their functionality will be demonstrated through
established measurement setups and simulations. Finally, the test rig’s measurability will be evaluated,
and the resulting measurement uncertainty will be specified.

Secondly, a thermal resistance test rig will be presented for determining the bump foil’s thermal resis-
tance. The design and functionality of the test rig will be discussed, followed by the presentation of its
measurement equipment and capabilities.

The subsequent section will focus on the test beds utilized for mechanical property measurements. It will
be divided into subsections covering the measurement of mechanical friction coefficients and bump foil
stiffness. The friction coefficients will be determined using a test setup in a tribometer where deformation
is applied and the reaction force is measured. The bump foil stiffness will be measured using a press with
a setup designed for measuring the spring characteristic, where deformation is applied and the reaction
force is measured.

Finally, the equipment used for topography and wear measurements in this work will be presented.

3.1. High-Speed Thrust Bearing Test Rig

The high-speed thrust bearing test rig is designed to minimize interfering parameters (such as runner
oscillations, soiling, thermal influences, friction in peripheral components, and misalignment) and
facilitate precise measurements of the thrust bearing’s performance. The basic setup of the test rig is
displayed in a simplified sketch in Fig. 3.1. The test rig is divided into two parts so that the thrust bearing
can very easily be examined and replaced. The first part—containing the drive and the pressure chamber
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Figure 3.1.: Sketch and basic components of the thrust bearing test rig.

for applying the thrust load—is in the following called the Load Side; it can be run autonomously without
the test thrust bearing. An image of the load side is displayed in Fig. 3.2 (right side). The second part of
the test rig is called the Bearing Side and mainly contains the thrust bearing and the gimbal suspension
of the base plate on the torque head, see Fig. 3.2 (left side). Both parts can be moved apart and together
via a dovetail rail.

The centerpiece of the Load Side is the rotor. The rotor—consisting of the Pelton drive, the rotor shaft and
the rotor disk—is a single part made of a grinded high-strength steel. This allows very low radial run-out
and flatness tolerances of the rotor disk in order to obtain measurements with high-precision. This design,
therefore, distinguishes itself from most rotor designs in the literature. The rotor shaft is mounted in two
aerostatic, externally pressurized rigid air bearings (EP bearings), which have a supply pressure of 14 bar.
As shown in Fig. 3.1, the journal bearing cartridge is cooled by two water cooling channels. Note that at
the back side of the rotor disk, an additional aerostatic thrust bearing is used to support possible reverse
thrust loads, which may occur if the test rig is used in an inclined position. Hence, the rotor can also be
run without the test foil bearing. The two EP bearings for supporting the rotor shaft have small radial
clearances (below 10 um) so that the rotor can run very smoothly with small radial oscillations below
1um in amplitude. As a consequence, rotor misalignment effects are kept very small. These benefits,
along with the ability to support the rotor even at high speeds, are the main reasons EP journal bearings
are preferred for this test rig over other bearing concepts in the literature, such as roller bearings or air
foil journal bearings. Another important point of the rotor is the drive. Here, an air drive via a Pelton
turbine is used to allow high speeds of up to 120 krpm. The shovels of the turbine are milled into the
rotor and the air is supplied by six Pelton nozzles. In order to apply an axial force on the rotor, a pressure
chamber at the front side of the rotor is used. The chamber is sealed by a labyrinth seal.

The Bearing Side of the test rig contains the foil thrust bearing to be investigated as well as several
measurement capabilities. The thrust bearing is mounted on a water-cooled base plate. As reported
in the literature, misalignment between the rotor disk and the base plate often leads to inaccurate
measurements. Therefore, in this design, the base plate is mounted on a special gimbal suspension, which
is described in more detail below. The gimbal suspension is connected with the torque head, which is
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Figure 3.2.: High-speed test rig image.

used to measure the friction torque of the thrust bearing during operation. The torque head is mounted
in the housing with the help of two EP bearings; an axial EP bearing and a radial EP bearing. It should
be mentioned that the aerostatic thrust bearing is preloaded by magnets at the back side of the test rig.
This concept is selected over a base plate support with ball bearings, a design frequently found in the
literature. This choice is driven by the fact that an EP-supported base plate can be moved relative to the
torque head with nearly zero friction, enabling precise torque measurements.

3.1.1. Measurement and Drive Equipment

In this section, the measurement techniques and the positioning of different sensors are described, as
illustrated in the exploded drawing shown in Fig. 3.3.

A pressure chamber located at the right front face of the rotor applies the thrust load directly to the test
thrust bearing. The pressure is regulated using an AIRCOM PQ2EE-04 pressure regulator, offering a
control range from 0 to 4 bar. To achieve this pressure, the volume flow booster AIRCOM R450 supplies
the required air, which is monitored and controlled by the pressure sensor AIRCOM DAV-04H. The
pressure can be precisely adjusted within the range of 0 to 4 bar with an accuracy of 0.1 % at 4 bar. A
pressure of 4 bar results in a thrust load of 100 N. It should be noted that pressure adjustments may not
result in exactly the same pressure in the chamber due to losses in pipes and valves. However, a specific
configured pressure will consistently yield the same pressure in the chamber with a consistent offset.
The rotational speed of the rotor is determined using an optical fiber sensor system consisting of an
amplifier (KEYENCE FS-N11CP) and fiber optics (KEYENCE FU-87K). This system utilizes a trigger
measurement that points at a mark located at the middle of the rotor. The rotational speed is adjusted by
a software PI-control loop that regulates the volume flow of the Pelton nozzle based on the measured
spinning speed. The volume flow of the Pelton turbine is controlled by an electric proportional valve
(FESTO MPYE). The Pelton drive system is designed to provide up to 3 kW of engine power at a spinning
speed of 120 krpm.

For monitoring the dynamics of the rotor in the radial direction, two eddy current distance sensors
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Figure 3.3.: Rendered image of the high-speed test rig and detailed explosion sketch.
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(MICRO EPSILON ES04) are employed, strategically positioned near the aerostatic EP journal bearings.
Additionally, another eddy current distance sensor (MICRO EPSILON ES08) is placed at the back side
of the rotor disk at a diameter of 36 mm to measure the axial displacement of the rotor. These three
distance sensors are connected via MICRO EPSILON DT3300 controllers.

To measure the rotor disk temperature without contact, two ADVANCED ENERGY IMPAC IGA 320
pyrometer sensors are used. The first temperature sensor is located at the back side of the rotor disk at a
radius of 18.5 mm, providing the measured temperature 7Ty 1. The second pyrometer sensor focuses on
the outer perimeter of the rotor disk, offering the measured temperature Ty;q 2, as depicted in Fig. 3.3.
Additionally, in the housing close to the journal bearings and in the base plate, ELECTRONIC SENSO
DTE 02 type K thermocouples are used to determine the surrounding temperature.

To determine the power loss of the thrust bearing, the friction torque generated in the thrust bearing is
measured. The torque head, which transfers the forces and torques acting on the thrust bearing into the
housing, is mounted almost frictionless in EP bearings (one radial and one axial EP bearing). The friction
torque generated in the test thrust bearing is transferred into the housing by a torque arm. Between the
torque arm and the housing, a load cell (BURSTER TYPE 8411) is inserted; the measured force allows
the calculation of the bearing torque of the test bearing.

The following sections describe the main features of the test rig in more detail.

Disk Temperature
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(a) Pyrometer sensor calibration setup. (b) Pyrometer sensor calibration measurements.

Figure 3.4.: Calibration setup and measurements for the non-contact pyrometer disk temperature measurements.

Two non-contact pyrometers are used to measure the rotor disk temperature at two positions (Tg;sx 1
and Ty 2, see Fig. 3.3). The controller of the temperature sensor emits infrared light through a 1 mm
thick fiber optics to the desired measurement position in order to enable precise local temperature
measurements. The fiber optics are glued into a 3 mm metal tube in order to protect the sensor from
disturbing environmental influences (ambient light). Due to the metal tube and due to the distance of
the sensors to the measurement object, the sensors need to be calibrated.

The calibration setup for the temperature sensors is depicted in Fig. 3.4a. It consists of an electric heater
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in a heating cartridge, a square-shaped metal part (of rotor disk material) equipped with a Type K
reference temperature sensor Tr¢ close to the measurement point and the pyrometer, which is placed in
a specified distance from the measurement point. During the calibration measurements, the heater is
warmed up until the reference temperature sensor shows a temperature of 250 °C. The heater is then
switched off and the temperature curve detected by the reference sensor is recorded. Simultaneously, the
electrical current provided by the pyrometer is measured and recorded. The current is then converted into
a voltage signal (upyro,1,2). The result of the calibration measurements for both pyrometers are shown
in Fig. 3.4b. The output signals of both sensors exhibit a linear behavior with respect to the reference
temperature. Note that the rotor disk material (steel) has a rather low emissivity. Therefore, and because
of the small sensor dimensions, there exists a limit temperature that can be measured with the sensors
applied here. Temperatures below the limit temperature cannot be detected with the pyrometers used
here. As can be seen in Fig. 3.4b, the limit temperature for the axial temperature sensor (Zyisx 1) is 94°C;
for the radial temperature sensor (Tg;sk,2) it is 102 °C. The slopes of the two curves are slightly different,
which can be traced back to the gluing process of the fiber optics into the metal tube. Carrying out a
linear regression, the subsequent relationships are obtained

Thisr = 24.883K/V - tpyro1 + 40.12K and 3.1)
Tdisk,2 = 26.71 K/V * Upyro,2 T 41.89K, (3.2)

where upyro,1 and upyro 2 denote measured output voltages of the pyrometers. The accuracy of the
measurements is approximately +1 K with a repeatability error of + 1 %.

Concluding comment: the calibration of the pyrometers has been carried out with a stationary target.
The pyrometers are, however, used to measure the temperature of the rotating rotor disk. Therefore, the
question may arise, how rotation of the thrust disk may affect the reading of the sensor. According to the
manufacturer, rotation of the thrust disk will only affect the reading of the sensor, if the distance between
the pyrometer and the target is larger than approx. 500 mm. In our test rig, the distance between the
rotor disk and the pyrometers is, however, smaller than 5 mm. Hence, the influence of disk rotation on
the measured temperatures may be considered of minor importance.
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(a) Calibration measurement pressure chamber setup. (b) Pressure chamber calibration measurement.

Figure 3.5.: Pressure chamber functionality and calibration test.
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Pressure Chamber

As mentioned above, the axial load on the rotor is applied by a pressure chamber at the front face of the
rotor. The load system is checked for functionality and calibrated with the help of a load cell (BURSTER
8416). The setup for this functionality test is shown in Fig. 3.5a. The load applied on the rotor via the
pressure chamber (at the drive side of the rotor) is supported at the left front face of the rotor (disk side
of the rotor) by a screw (inertial system). Between the screw and the front face of the rotor, a calibration
load cell is inserted. Hence, the axial force generated in the pressure chamber is transferred via the load
cell and the screw into the inertial system (note that the beam segment in Fig. 3.5a is fixed in the inertial
system). By increasing the pressure p.;, in the pressure chamber, the corresponding reaction force in the
load cell can be measured and compared with the resulting measured pressure force, which is given by

Fthrust = Pch * AROtOI‘,FI‘OHt7 (33)

where ARqtor Front 1S the area of the rotor front face. The result of this calibration measurement is depicted
in Fig. 3.5b, where the measured force Fiy,. in the pressure chamber is plotted as a function of the
force F . detected in the calibrated load cell. As can be seen, an almost linear relationship is identified
in the force range from 1 to 100 N with a maximum error of 4+ 0.3 N (the repeatability error is 0.1 %).
These calibration measurements can only be performed with a non-spinning rotor. To estimate the
influence of the spinning rotor, CFD analyses are obtained in ANSYS CFX. The simulation setup, as
illustrated in Fig. 3.6, consists mainly of a chamber with a height of 25 mm and a diameter of 20 mm.
The geometry of the chamber is simplified, and for this analysis, there is no additional hole for the
pressure sensor, only a simplified inlet (p,pplied) is considered. At the bottom of the chamber, the rotor
is spinning, and moving wall boundary conditions are applied. The touchless sealing is also simplified,
represented by a small gap with a height of 50 pm. One side of this channel has a fixed wall boundary
condition, representing the housing, while the other side, which is the moving rotor face, has a moving
wall boundary condition with v, = w1 as the velocity component in the circumferential direction. The
length of this channel is set to 20 mm according to the sealing in the high-speed test rig. At the end of
the channel, outlet boundary conditions with atmospheric pressure pg of 1 bar are applied.
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\—il l H l l— —_— Fixed Wall
N —— Moving Wall with wr
10 mm
30 mm Sealed Channel Meshing
_______________ : i
\ _:_ -------------------------------------
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Figure 3.6.: CFD simulation setup for the high-speed test rig’s pressure chamber.

The results of the simulations for three applied pressures and two spinning speeds are listed in Tab. 3.1.
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Table 3.1.: CFD results for high-speed test rig pressure chamber with a spinning rotor.

Pressure papplica  Force rotor face Fiotor, front  Inlet Force Fiotor,inlet ~ Drag Force Rotor Frotor, drag

1 bar 2000 Hz 25.43N 24.43N 0.18N
2bar 2000 Hz 50.87N 50.89N 0.27N
4 bar 2000 Hz 101.88N 101.78 N 0.42N
4 bar 1000 Hz 101.92N 101.78 N 041N

The reaction force on the rotor is evaluated for a given inlet pressure using the following formula:

F, rotor, front = Protor, front Arotor, front (34)

where A,otor, front, drive F€presents the area of the rotor’s front face in contact with the chamber. This force
can be compared with a virtual force generated by the applied inlet pressure, defined as:

Frotor, inlet = Papplied * Arotor,front- (35)

The comparison indicates that these two forces are almost equal for the investigated operational states.
Furthermore, the drag force Fiotor drag ON the rotor inside the channel due to Poiseuille flow is evaluated.
The drag force on the rotor is weakly dependent on the spinning speed but more influenced by the
pressure in the chamber. In general, its influence is smaller than 1%. Therefore, it can be concluded that
the pressure chamber is capable of building up pressure on the rotor’s end face and applying a reaction
force towards the thrust bearing both at downtime and with a spinning rotor, without significant errors
and losses.

Torque Measurements
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Figure 3.7.: High-speed test rig torque measurement system.

The measurement system for torque measurements is displayed in Fig. 3.7. On the left side, a sectional
side view is shown. On the right side, a front view is shown to get a better understanding of the torque
measurement system. The test bearing is assembled on a frictionless mounted bushing. This is realized
by an axial and radial externally pressurized (EP) aerostatic bearing. The axial bearing is preloaded in
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negative z direction by magnets that hold the torque head in place. The applied torque from the test
bearing is supported by a load cell which pushes against a fixed arm. Between the load cell and this
arm, another EP-bearing guarantees that no friction forces are transferred into the load cell due to axial
movements of the measurement system to avoid disturbance on the measured force. The load cell is
preloaded by a spring with around F; = 1 N to hold the torque bearing in place.
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Figure 3.8.: Torque system functionality and calibration setup and measurements.

To calibrate this load cell, an external force is applied at the base plate with the help of ring-shaped
weights, which are connected with the base plate using a screw fixed at the base plate, see Fig. 3.8a. The
magnitude of the weights (gravitational force F,) and the corresponding lever arm define the applied
torque, which presents the friction torque. For the calibration of the load cell, different weights are fixed
at the screw. The result of the calibration tests is depicted in Fig. 3.8b, where the measured force F}. in
the load cell is displayed as a function of the applied weight load F,. The load cell is preloaded with a
spring force of F;1 N. In addition to the preload generated by the spring, the connected wires and cooling
channels as well as the tilting of the gimbal may add a further preload to the measured force Fi.. All
preload effects are zeroed before each calibration measurement. The calibration tests are repeated five
times. As can be seen in Fig. 3.8b, the relationship between the Fj. and Fj is almost linear. Hence, the
power loss can be simply determined by multiplying the measured force in the load cell by the lever arm
I3 and the angular frequency w of the rotor, i.e.,

Ploss = Fic - 2 - w. (3.6)

The calibration measurements show a maximum error of 4.5 - 10~ N, which is subsequently converted
into a power loss value using Eq. 3.6. This conversion results in a range of +5W at 120 krpm (the
repeatability error is + 3 %).

An important aspect, which has to be considered in connection with the measurement of the friction
torque at the base plate, is the air flow outside the bearing gap induced by the spinning rotor. Due to
the fact that the rotor is spinning with high angular velocities, the air at the rotating surfaces is set into
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motion, also in regions with comparatively large air gaps. Of special importance is the rotation-induced
air flow in the regions of the base plate outside the bearing foils (i.e., outside the bearing gap). Note that
Fi. measures the resultant friction torque due to shear stresses acting at the complete base plate, i.e., not
only the torque resulting from the shear stresses in the bearing gap. Hence, the resultant force Fj. can be
decomposed into two parts according to

F = Fshear,bearing + Fshear,periphery- (3.7)

Fihear bearing denotes the force due to the friction forces in the bearing gap; Fincar,periphery T€presents the
force due to friction forces acting at the base plate outside the bearing gap. Measuring only Fi,car periphery
without a bearing in the test rig is challenging because the rotor lacks a defined position without bearing
support from both sides. Additionally, even without a bearing, shear losses would occur between the
rotating rotor and the empty bearing area on the base plate.

To quantify the amount of those losses, a CFD analysis is therefore performed in ANSYS CFX. The
simulation has two objectives. First, the side losses of the test rig rotor are to be quantified, and second,
the simulation serves for the subsequent determination of heat transfer coefficients for the AFTB-simulation
model. The latter aspect is discussed in more detail in Sec. 4.1.3. In the following, the simulation setup
of the CFD analysis is shown and the evaluation focuses on the peripheral side losses. The total friction

30
Stream Lines = » CFD I
R= 71 ==~ Regression S
> 4
=20
= K4
A A
E R4
Z A
& 10 P
A = .’
Q Phe
— b
0 B T L R R R
0 20 40 60 80 100 120
Rotational Speed n in krpm
(a) High-speed test rig rotor disk sketch of side losses due to (b) Simulated peripheral losses for the high-speed test rigs rotor

peripheral fluid set in motion. disk.

Figure 3.9.: Peripheral side losses of the rotor disk on the bearing’s base plate.

torque results from the shear stresses acting in the fluid film gap (region II, see Fig. 3.10a) and from the
shear stresses acting at the remaining part of the base plate. The remaining part can be subdivided into

e the region below the air gap (region I), i.e. the region between the rotor nose and the inner radial
surface of the base plate and

e the region above the air gap (region III).

To characterize and determine the friction losses of the thrust bearing, the losses resulting from the fluid
gap are of main interest, since the other losses generated in region I and region III usually depend on the
current design of the rotor. Hence, the question arises as to how large the proportion of the individual
friction losses to the total friction loss is. Since it is difficult to measure the friction losses separately in
the three regions, a CFD analysis is carried out in order to answer this question.

The shear forces increase at least quadratically with respect to the fluid velocity. In turbulent boundary
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layers, for instance, usually higher-order dependencies exist (see e.g. [65], where different windage
power loss models are compared). The fluid velocity is, however, increasing linearly with respect to the
radial distance from the rotor axes. The radius of the inner radial surface of the base plate at the rotor
nose is 8 mm, whereas the outer radius of the rotor disk is 27 mm. It can therefore be assumed that the
resulting shear forces and friction losses below the air gap at the rotor nose in region I are an order of
magnitude smaller than the losses in region III above the air gap. The shear forces acting in region III can
generally not be neglected. Note that the air in region III is mainly set into motion by the outer radial
surface of the rotor disk with velocities up to w - = 27 - 2000 Hz - 27 - 1073 m ~ 340m/s. These high
velocities result in drag coefficients, which are approximately one order of magnitude larger than the
corresponding drag coefficients resulting from the air flow in region L

Hence, the main task is to determine the shear forces and corresponding friction torque on the base plate
generated in region III, which is here accomplished with the help of a detailed CFD model of region III.
With the total friction torque obtained by the measurement and with the help of the simulated friction
torque in region III resulting from the CFD analysis, it is then possible to validate the multi-physical
model with respect to the predicted friction losses of the bearing. Therefore, the simulated friction torque
in region III is subtracted from the measured total friction torque. This difference can then directly be
compared with the simulated friction torque in the air gap resulting from the multi-physical model.

To determine the friction forces in region III, a detailed CFD model is used (ANSYS CFX). Therefore,
the air flow in the area marked in red is considered, see Fig. 3.10a. Since rotational symmetry can be
assumed, a 2D-approach is sufficient. The mesh is illustrated in Fig. 3.10b. It should be mentioned that
cell heights of 0.5 um are used at all boundaries to achieve values for y+ below 1 (y+ represents the
dimensionless wall coordinate, see [78]). The cell growth rate has been set to a maximum value of
1.2. Air is modeled as a compressible fluid with a SST turbulence approach. Values for y+ below 1 in
combination with a SST turbulence may provide rather accurate simulation results near the fixed walls
[58].

The boundary conditions are illustrated in Fig. 3.10c. At the interface of the rotor disk, the fluid velocity is
assumed to be known, namely the corresponding velocity of the rotor disk (no-slip moving wall boundary
condition), i.e., the velocity in circumferential direction is prescribed by v, = w - r. The outer boundary
is an opening, which is modeled as an entrainment boundary condition under the assumption of ambient
pressure (pg = 1bar). At the back side of the rotor disk at the inner radius there is also an opening. Here,
ambient pressure can be assumed, since there are ventilation holes for the EP bearing, which are not
shown in the sketch. This second opening is represented by an entrainment boundary condition. All
other boundaries are fixed walls, where zero slip boundary conditions are applied. Fig. 3.10c shows the
absolute value U = vu? 4+ v? 4+ w? of the fluid velocity, calculated for a rotor speed of n = 2000 Hz. As
can be seen, the fluid is set into motion by the rotor disk and tossed into the regions at the base plate
with velocities larger than 100 m/s. These high fluid velocities are forced to become zero at the base
plate due to the no-slip boundary condition so that large shear stresses are produced. With the shear
stresses acting at the base plate in region III, the peripherical losses Pipear periphery €an be calculated.
Fig. 3.10d depicts the absolute value of the velocity gradient V U. As can be seen, rather steep velocity
gradients exist in region III, which produce an appreciable friction torque at the base plate.

The resulting shear losses that are evaluated at all fixed walls belonging to the bearing’s base plate
are shown in Fig. 3.9b on the vertical axis as a function of the spinning speed n of the disk on the
horizontal axis. At 120 krpm they amount to 26 W and are therefore significant for further evaluation
of the measured power losses of the test rig. A regression can be placed through the evaluated points
with a dependency on the spinning speed of c¢q w?*®, which is reasonable compared to literature results
on windage power losses. Raymond et. al. compared several windage power loss empirical models,
presented by White et. al. [89], and all had exponents between 2.5 and 3 of the spinning speed w [65].
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Vrnacik showed similar results in a NASA research paper with a correlation of P ~ cqw?® and cgq ~ ﬁ,
and hence a similar exponent [41]. The simulated c4-value is 9 - 10!, Therefore, the shear losses at the
periphery can be addressed by

Pshear, periphery =~ 9- 10711 UJ2'8~ (3.8)

Combining the measured resultant force in the load cell F}. with the rotational speed n in order to get
the resulting measured power loss with the shear losses of the periphery yields

Pross = Ficlow — Pshear,periphery> with w =27 n. (3.9

Pelton System and Rotational Speed

Nozzels Sensor

Shovels

Laser Mark

Figure 3.11.: High-speed test rig control loop for rotational speed.

The adjustment of the rotational speed of the high-speed test rig is achieved through a software PI-control
loop that regulates the Pelton nozzle volume flow based on the measured spinning speed. The system
is illustrated in Fig. 3.11, where six nozzles direct air jets at the rotor shovels, propelling the rotor.
The Pelton system is designed to deliver up to 3 kW of engine power at a spinning speed of 120 krpm,
operating with a supply pressure of 5 bar and a total nozzle cross-section of 50 mm?, resulting in a mass
flow rate of approximately mpeiton = 60 g/s.

The controllability of the spinning speed is quite sensitive due to the almost continuously adjustable
opening position of the valve. Consequently, the accuracy achieved is below 100 rpm, which corresponds
to about 0.1 % of the spinning speed at 120 krpm. To verify this level of accuracy, the velocity signal
derived from the laser marks to the main frequency oscillation of the rotating rotor, specifically the
unbalance-excited oscillation at the first order of rotational frequency, as recorded by the distance sensors
in the two journal bearings are compared. Notably, the measured rotational speed determined via the
laser mark trigger measurement perfectly correlates with the unbalance-excited oscillation. Therefore,
the laser mark trigger measurement is well-suited for accurately quantifying the rotor’s rotational speed
n.
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Figure 3.12.: Test bearing gimbal suspension in the high speed test rig.

The gimbal suspension is a critical feature of the high-speed test rig, designed to enable the bearing to
align itself with the rotor disk or apply defined tilt. In an actual turbomachine, the bearing is typically
tilted towards the rotor disk due to tolerances, and the amount of misalignment is often unknown. To
validate a one-pad simulation model, the rotor disk and the bearing must be aligned, as only tilt-free
conditions can be simulated. On the other hand, to validate a full bearing model with tilt conditions, the
amount of tilt must be known.

The concept behind the gimbal suspension is that it aligns itself as the axial force increases, ensuring that
the axial bearing remains free of misalignment at higher loads. The cardanic gimbal suspension of the
base plate, where the foils of the thrust bearing are mounted, is displayed in Fig. 3.12. The upper part of
the figure shows a photo of the gimbal in the test rig. Below the photo, the front view is depicted on the
left side. On the right side, the back view of the gimbal suspension is presented. The gimbal consists of
two rings: the inner ring, which is connected with the base plate of the thrust bearing and the outer ring,
which is rigidly fixed to the torque head. At the top and bottom of the inner ring, two brass bushings
(B1 and B2) are rigidly fixed. The pins of the two bushings are connected with the base plate. Hence,
the base plate can rotate around the vertical B1-B2 axis relative to the inner gimbal ring. Also at the
left and right side of the outer ring, two brass bushings (B3 and B4) are rigidly fixed. The pins of these
two bushings are connected with the inner ring so that the inner ring may rotate around the horizontal
B3-B4 axis relative to the outer ring. Altogether, the base plate has two rotational degrees of freedom
with respect to the torque head. Hence, the base plate will always be aligned with the rotor disk during
the operation, even if the rotor and torque head are misaligned with respect to the space-fixed system.
Note that a distance sensor is used to measure the tilting of the base plate with respect to the inner ring,
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Figure 3.13.: Gimbal movement of rotation axis B1-B2 - functionality measurement.

see Fig. 3.12.
Test measurements were conducted to verify the functionality of this relative movement concerning the

applied load on the base plate, assembled in the high-speed test rig (Fig. 3.13). At 100 N, the relative
distance sgimbal Of the sensor with respect to the base plate is set to 0 pm. It is evident that for loads
below 40N, the relative distance increases with decreasing load, reaching over 80 pym at 10 N and even
higher tilts for lower loads. However, above 30 N, the changes are below 6 pm. Repeated measurements
of six test runs conducted within the load range of 40 to 100 N exhibit a consistent behavior, which is
depicted in Fig. 3.13 on the right-hand side. The measured relative distance, and consequently, the
gimbal’s displacement under load, remains below 3pum. As a result, the bearing performance (load
capacity, power loss, temperatures) can be measured with high precision, with only small misalignment
between the thrust bearing and the rotor disk for thrust forces exceeding 30 N. It should be mentioned
that the gimbal cannot guarantee tilt-free measurements due to many influencing parameters such as
bearing manufacturing inaccuracies, disk misalignment, and base plate tilt. The gimbal will always align
with the averaged height of the bearing pads, which does not necessarily mean it is tilt-free.

To further assess the proper functionality of the gimbal suspension, the wear of the complete top foil can
be analyzed. If the gimbal suspension effectively reduces misalignment effects, the wear marks observed
on the six pad segments of the top foil should be similar. Fig. 3.14 shows a microscopic image of the same
top foil after the running-in process. The wear pattern of a single pad segment of this top foil has been
analyzed in detail in Sec. 5.2.1. The analysis will show that three characteristic wear areas exist, namely
wear area I (located at the inner radius r; in the center of the pad segment), wear area II (located at the
inner radius at the trailing edge), and wear area III (located at the outer diameter in the center of the
pad segment). As can be seen in Fig. 3.14, all six bearing pad segments show the three characteristic
wear areas. For a detailed description of the quantitative amount of wear in the three wear areas, refer to
the measurement results presented in Sec. 5.2.1.

38



e EEEEEE s ——————

N

P LTS

e

Figure 3.14.: Microscopic image of all six pad segments of the top foil used during experiments. Zoom images for the three

wear areas for each pad segment.

39



3.1.2. Measuring Ability

In this section, the measuring ability of the high-speed test rig is summarized, and the resulting measure-
ment uncertainty is provided.

The test rig can accurately determine the thrust load Fi,,.st and power loss P as critical thrust bearing
performance parameters. The thrust load is determined and regulated by the pressure chamber, which
exhibits good linearity and is calibrated for the non-spinning rotor. A Computational Fluid Dynamics
(CFD) analysis of the pressure chamber shows that the influence of the spinning rotor on this measurement
system is less than 1%. Hence, the pressure measurement in the chamber is a suitable quantity for
accurately determining the thrust load. The torque, measured by a load cell supported by a spring and the
shear stress on the bearing, is also found to precisely measure the bearing’s power loss. When considering
peripheral losses Pshear, periphery Of the rotor disk through Computational Heat Transfer (CHT) analysis,
the measurement system fully describes the power loss P}, of the bearing.

The thermal behavior can also be evaluated by the test rig. Two contactless pyrometers measure the
temperatures on the rotor disk, namely Tqiqx 1 and Tyisk, 2, as well as the base plate’s temperature Trrc p.
These pyrometers are calibrated with a separate setup using a heating cartridge. Both sensors exhibit a
linear behavior with different slopes and have a starting range of around 100 °C.

One essential capability of the test rig is the ability to measure thrust bearing performance under aligned
conditions. Calibration measurements show that this condition can only be achieved with thrust loads
exceeding 30 N. Therefore, measurements with higher loads can be compared with a one-pad simulation
model.

Resulting Measurement Uncertainty

230 & 128 & 150
= * = £ .
Ik : i 1% ’ i
< 1 & 148 -
% 220 ) “’ [J) ’.0 *
e} . 5 - = . -
— ., 5 124 + B s ]
o 215+ * & o
s . g 9 146
L » g g
210 T T T \ & 122 T T T \ & T T T \
63.3 63.35 63.4 63.45 63.5 63.3 63.35 63.4 63.45 63.5 63.3 63.35 63.4 63.45 63.5
Axial Load Finrust in N Axial Load Finrust in N Axial Load Finrust in N
(@) Power loss (b) Disk temperature axial position (c) Disk temperature radial position

srunup -without change # -with torque zero #-rig opend #-foils dismounted

Figure 3.15.: Repeatability through different top foils at the same operating point.

The resulting measurement uncertainty of the high-speed test rig is a combination of sensor accuracy
and a repeatability error of the test rig (compare Sec. 2.4.1). To determine this repeatability error,
measurements are repeatedly performed with the same top foil or different top foils under various
conditions.

For each case, a run-up is conducted from a standstill to the desired spinning speed and load condition.
This involves zeroing the preload on the torque sensor at standstill, setting the spinning speed to 120 krpm,
and gradually increasing the load in 5N steps until approximately 60N is reached. After reaching a
thermal steady point, an average over 1 s of all values is saved. This specific operating point is chosen to
minimize the influence of running-in wear and other performance-critical factors of the bearing (refer to
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later evaluations in Sec. 5.2.2), despite the top foils being previously run-in in other experiments.

Four cases are examined with the same top foil. In the first case, five run-ups, as described above, are
performed without zeroing the torque sensor between run-ups, i.e., zeroing it only once at the beginning
of this test. In the second case, the torque sensor is zeroed between the five run-ups. Case number 3
describes three run-ups with the test rig opened between the measurements, moving the torque head
away from the drive side over the dovetail. The torque sensor was zeroed in this test case between
each run-up. This case is chosen to determine the influence of the cooling flow pipes and sensor cables
hanging at the backside of the base plate, which can affect the torque sensor’s preload. The fourth case
describes three run-ups with the same foil package dismounted and remounted between each run-up.
The measured power loss, disk temperature (axial and radial positions), and axial load for these four
cases are shown in Fig. 3.15. In Fig. 3.15a the measured power loss, and in Fig. 3.15b and Fig. 3.15c the
measured disk temperature are shown as a function of the axial load.

For the first case, the measured power loss ranges from 222 to 225 W. With zeroing the torque sensor
between the run-ups in the second case, the range reduces further to 214 to 216 W. The third case, involv-
ing opening the test rig, results in a range of 211 to 215 W, indicating an influence on repeatability. The
largest influence on the repeatability error is observed in the fourth case, where the foils are dismounted
and mounted again, resulting in a range of 215 to 229 W. Across all four cases, the measured load falls
between 63.39 and 63.45 N, which is much less than 1% and well within the sensor’s accuracy. This
applies to all subsequent evaluations. The measured axial force is not considered in greater detail in
other repeat measurements. It can be concluded that the power loss measurement repeatability error for
one top foil is +4 % (two standard deviations from the mean value).

A similar analysis is performed for the measured temperatures. The repeatability error is estimated to be
+0.5% for the axial position and + 0.4 % for the radial position, resulting in a smaller repetition error
than the power loss measurement.

Additionally, five top foils from the same batch are evaluated at the same operating point described above
— after run-up. The measured power loss and pyrometer’s temperature concerning load are displayed
in Fig. 3.16. The range of the measured power loss is between 223-231 W, which corresponds to a
deviation of + 1.8 %. For the axial position, the measured range is between 122.3 and 128.8 K, indicating
a deviation of + 2.5 %. The radial position exhibits a range of 147.6 to 156.8 K, representing a deviation
of +3%.

Upon closer inspection, there seems to be no correlation between the measured power loss and tem-
perature. For example, for TF1, the highest power loss is measured, but not the highest temperatures.
Therefore, it can be concluded that the deviation does not stem from different top foils or running-in
conditions but rather from a repeatability error. This shows that the repeatability error for power loss
measurement is not increased by considering multiple comparable top foils. However, the measured
temperature range increases with multiple top foils.

In summary, the repeatability error for power loss measurements can be given as +4 %, and for tem-
perature measurements as + 3 %. The axial load repeatability error is taken into account with +0.1 %.
The housing temperatures Trc g and Trrc i also have comparable small repeatability errors of +0.1 %.
These errors can be added to the sensor inaccuracies or the inaccuracies of the calibration sensors. The
derived inaccuracies will serve as measurement uncertainties for the high-speed test rig measurement
evaluation in Chapter 5. The resulting uncertainty is presented in Tab. 3.2. Note that all repeatability
errors are given for two standard deviations from the mean value.
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Figure 3.16.: Repeatability through different top foils at the same operating point.

Table 3.2.: High speed test rig resulting measurement uncertainties for individual measurement systems.

Quantity Value

Power Loss Plogs +4% +£5W
Load Fiprust +0.1% +0.3N
Pyrometers Tyisk 1 and Tyisk, 2 £3% £1K
TypeKTTC,B and TTC,H :|:O.1%:|:2K

3.2. Thermal Resistance Test Rig

The fluid film within the bearing gap generates heat due to friction losses. This heat follows two main
paths (see Sec. 2.2.5). The first path leads into the rotor disk, while the second path traverses through the
foil package. The latter path, concerning the foil package, is described by an analytical thermal resistance
model in Sec. 2.2.3. Results obtained from this resistance model, applied to the current foil bearing
design, indicate that only a minimal amount of heat is transferred through the foil package (< 30%).
To validate these findings and the underlying approach, a new test rig has been designed, capable of
determining thermal resistance without a rotating rotor.

3.2.1. Design and Functionality

The test rig is illustrated in Fig. 3.17. On the left side of the figure, a rendered picture of the assembly
is presented, while the right side shows an exploded sketch highlighting all essential components. The
test rig is mounted on a steel plate, supported by four feet to allow accessibility from below. To ensure
safety, the exterior is enclosed within an acrylic glass box. Unlike typical setups where heat is generated
within an air film, this test rig employs an electric heater ring, eliminating the need for rotating parts.
The electric heat intensity can be adjusted using a DC power source. The heater is situated in a movable
isolation block, which can be vertically adjusted to apply axial loads on the bearing package. The applied
load can be fine-tuned using a micrometer screw and is measured with a load cell connected in series
between the micrometer screw and the movable heat block. The axial force on the base of the test rig
is supported by three fixation rods, allowing a bearing load of up to 200 N. The foil bearing package is
positioned on the base plate, which is also insulated. The internal structure is depicted in a cross-section
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Figure 3.17.: Thermal resistance test rig assembly rendering image on the left side and on the right side with an explosion
view (without temperature sensors).

sketch in Fig. 3.18. To facilitate steady-state conditions at the base plate, the heat is dissipated using
cooling fins and an air blower. The test rig is equipped with three main temperature measurement layers:
T1,1 located 1 mm below the heater, 71, above the test bearing, at the bottom of the steel block, and 77,3
beneath the test bearing within the base plate. This setup enables the determination of temperature
gradients between these layers. An energy balance of the test rig yields the heat energy conducted into
the bearing:

QHeater = QBlock + QDis- (310)

In Eq. 3.10, Qpis represents the sum of all dissipative heat fluxes over the insulation.

The surrounding insulation is made of a duroplastic material called Doglas 250G, designed to withstand
temperatures up to 250°C. This material has a thermal conductivity of Aisulation = 0.23 W/m/K, as
stated in the material sheet. On the other hand, the base plate and the steel block possess a thermal
conductivity of Agjex =15 W/m/K, also as indicated in the material sheet. The steel block serves to
homogenize the temperature from the heater and to quantify the heat flux into the test bearing, using
the relation:

ATii12

R 5 with RBlock = ABlock )\Block- (3 1 1)
Block

QBlock, L1L2 =

Here, R denotes the thermal resistance, and Agjoq = 7(r2 — r?) is the cross-sectional area of the lower

face of the block connected with the bearing. The heat conducted through the test bearing can be
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Figure 3.18.: Thermal resistance cross section of the movable heat block and the base.

determined as follows:

ATi13

. (3.12)
RBearing

QBearing =
It is assumed that the heat in the block in the L1-L2 direction is transferred into the bearing without
significant losses. Therefore:

QBlock, L11.2 = QBearing- (3.13)

By combining the above equations, the unknown thermal resistance of the bearing Rpcaring can be
calculated using the measured temperature gradients in the test rig:

ATi13

———" RBlock- (3.19)
AT 10 Block

RBearing =

This calculated value can be directly compared with the thermal resistance obtained from the empirical
thermal resistance model (see Sec. 2.2.3). In the following section, the measurement equipment and the
measuring capabilities are discussed.

3.2.2. Measurement Equipment and Measuring Abilities

The test rig is equipped with nine temperature sensor positions within the test environment and seven
positions outside to determine dissipative thermal fluxes. All temperature sensors are ELECTRONIC-
SENSOR class 1 Typ-K sheath thermocouples with an accuracy of + 2K, calibrated in a boiling water
bath. The load cell is calibrated with a calibrated load cell in a bench vise, offering an accuracy of +1 N.

Linearity and Repeatability Error

Since the thermal resistance determined by Eq. 3.14 is independent of the injected heat, there should be
linearity between the input power and the measured temperatures. To confirm this, tests with different
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Figure 3.19.: Thermal resistance test rig and repeatability error measurements.

input powers Queater from the electric heater were conducted. As shown in Fig. 3.19a for one sensor
(second layer, second sensor 77,2 2), and for two repetitions, it is evident that the test rig exhibits a linear
behavior between these two quantities. Therefore, it is sufficient to evaluate tests with only one input
power.

Additionally, repeatability measurements were performed. Fig. 3.19b presents the measured temperature
as a function of the repeatability tests for one sensor 71,2 ». The first test accounts for the error in the test rig
due to assembling and disassembling, showing a maximum deviation of 1.25K. The second test is carried
out without any changes to the test rig but by cooling down and heating up again 15 times with the same
input power. This leads to a maximum deviation of 0.48 K. Based on these measurements, a repeatability
error of two times the standard deviation can be concluded, amounting to + 1.5 % concerning the average
measured temperature.

Calibration Test Object

To verify the capability of the test rig in determining thermal resistance, a calibration test object with a
known thermal resistance is employed. The test object is a PTFE disk with a thickness of 1 mm and a
thermal conductivity of 0.24 W /m /K. With its cross-section of Aptrg = 0.0017 m?, a thermal resistance of
2.21 K/W can be calculated. The resistance of the block is 0.91 K/W. During a stationary operation point
with an input power of 30 W, temperature gradients for the layers can be measured: ATis13 = 15.5K
for the gradient within the steel block and A7t 12 = 36.4K over the test object. By inserting these
measured quantities into Eq. 3.14, a resistance of the test object of 2.14 K/W is obtained. Compared
to the 2.21 K/W calculated with the given material’s properties, this demonstrates the capability of the
test rig to determine the thermal resistance of a test object within a deviation of 3.5 %. It is reasonable
that the resistance determined from the measurements is slightly smaller than the actual one because
the calculation in Eq. 3.14 assumes that all heat from the block goes into the bearing without any heat
losses through the insulation, which is a simplified steady-state condition. However, it is evident that this
approximation leads to only a small inaccuracy, and dissipative thermal fluxes can be safely neglected.

3.3. Test Beds for Mechanical Properties

This section describes two test beds used for measuring the mechanical properties of the foil bearings. Both
test beds are based on standard industrial testing facilities. The first test bed measures the mechanical
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friction coefficients between the top foil and bump foil, as well as between the bump foil and base
plate, using a BRUCKER UMT TriboLab. The second test bed determines the stiffness of the bump foils,
employing a ZWICK ROLL Multipress Proline.

3.3.1. Mechanical Friction Coefficients

Plunger
Bump Arc Top Foil

Base Plate

x, z Force Sensor

Holder

Figure 3.20.: Test setup to determine friction coefficients between the bump foil and the base plate on the right side and on
the left side to determine the friction coefficient between top and bump foil.

As described in Sec. 2.2.4, the friction coefficient between bump foil and base plate, and bump foil and
top foil are essential input parameters for the simulation model to calculate Coulomb friction forces. To
measure these coefficients, a test setup is constructed within a BRUCKER UMT TriboLab. The TriboLab is
capable of precise movement of a carrier with a resolution of 0.5 pm, and reaction forces can be measured
using a precise ATI-Nano43 6-axes load cell. The load cell is calibrated with another calibrated load cell
specifically for this test setup. Two distinct friction coefficients are determined: prr, representing the
friction coefficient between the top foil and the bump foil, and upp, representing the friction coefficient
between the bump foil and the base plate (see Fig. 2.6).

The dominant movement of the bump foil with respect to the base plate is due to the normal force Frry
acting on the bump arc. Therefore, the bump arc enlarges and a tangential reaction force—mainly Fp;
will occur. The second orthogonal part of the tangential force Fpi, is negligible in this case. In case of top
foil movement relative to the bump foil, also x;-directed movement is the dominant one. Pressure forces
on the top foil—especially between two neighboring bumps—will pull the top foil down in x3 direction.
This leads to normal force Frry and to a movement in x; direction relative to the bump foil; this causes a
tangential reaction force Fr;.

For the test involving the friction coefficient upr (left side in Fig. 3.20), the holder and the base plate
have the same height, and the left side of a bump foil arc is fixed to the holder. The right side of the
bump arc can move horizontally in the x-direction on the base plate. The base plate is supported by the
force sensor to measure the normal force Fiy and the tangential force F'r. The plunger is connected to
the Tribolab’s carrier and can apply a displacement s, in the z-direction on the bump strip.

For the friction coefficient between the top and bump foil, denoted as urr, the top foil is glued to the
carrier, and the bump foil is fixed on the base plate in all directions. A displacement in the z-direction is
applied to put a normal force Fi on the bump foil over the top foil. The top foil is then moved horizontally
by a small amount of 2 pm in the z-direction. The reaction tangential force Fr is measured by the sensor.
The friction coefficient can be determined for both cases by dividing the tangential force by the normal
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force:

p L (3.15)

3.3.2. stiffness of the Bump Foils

Displacement Sensor
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Base Plate
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Figure 3.21.: Bump foil stiffness measurement setup.

The integral stiffness ®g; of the bump foil is the quotient of its integral deformation and the integral
force acting on it. It can be determined through force-displacement measurements. For this purpose, a
test setup is integrated into a ZWICK Multipress Proline (Fig. 3.21). This setup is originally designed
for stiffness measurements of springs. It consists of three stable support rods on which a plate can
be lowered onto the test object to ensure high test rig stiffness compared to the measured stiffness.
The z-displacement of the upper plate is measured with an additional displacement sensor, while the
reaction force is measured by a calibrated force sensor under the test object. Prior to testing, the setup’s
deformation is calibrated and accounted for in the measurements. The measurement results and their
comparison with the simulated stiffness of the bump foils are discussed in Sec. 5.1.

3.4. Topography and Wear Measurements

This section introduces the measurement equipment used for analyzing topography and wear, with a
special emphasis on the evaluation of white light interferometric (WLI) top foil measurements. For all
other devices, a concise description along with a brief use-case scenario is provided.

White light interferometric measurements

Later evaluations, such as the ones concerning the top foil modeling parameters in Sec. 4.3.2, reveal
the significant influence of these parameters on the bearing’s performance (compare Sec. 4.3.1). Thus,
topography measurements are essential to determine the top foils’ pre-deformations and other topographic
details. For this purpose, a ZYGO Nexview NX2 white light interferometer (WLI) is utilized, equipped with
a 200x200 mm lateral measurement table and magnification options ranging from 1x to 100x. To strike a
balance between accuracy and evaluation time, a lateral resolution of 17 um is chosen, resulting in 3500
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Figure 3.22.: Visualization of measured top foil data of WLI measurements.

data points in both = and y directions, thus providing 12 million data points for each measurement. To
facilitate proper comparison between individual measurements, the measured data needs to be aligned
using an evaluation algorithm, owing to the complex geometry. The alignment process involves the
following steps:

* Determination of the center point of the top foil: The center point of the top foil is geometrically
determined by estimating a center point. Based on this estimated point, the inner radius of the top
foil is located by randomly exploring points up or down and left or right from this estimated point.
Three points found on the inner radius are then connected with lines, and a perpendicular line is
drawn from the center of each line. The intersection of these perpendicular lines yields the center
P, of the inner circle of the top foil. This process is repeated eight times, and the resulting points
are averaged.

* Delete and fill measurement errors: Gradient barriers are employed to identify and rectify
measurement errors. The barriers are determined based on a factor of the standard deviation.

* Alignment of measurement data: To align the measured data, the steps of the top foil are searched
on a circumferential profile on the middle radius. This profile is depicted in Fig. 3.23, where the
circumferential height profile Hrr on the middle radius ry, is presented in the upper graph with
respect to the circumferential angle . The lower graph illustrates the gradient of the height profile.
Whenever a step occurs, the gradient exhibits significant changes, surpassing the 3 times standard
deviation barrier. By detecting these steps, the entire measurement data can be rotated using a
rotation matrix based on the center point, thereby aligning it with other measurements.

* Form corrections: The data can be further aligned based on the circumferential profiles. To
visualize this evaluation process, an example top foil is shown in Fig. 3.22, with both raw and
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corrected data.

With the aforementioned evaluation procedure, the complete top foil can be scanned before and after
experiments. Additionally, the backside of a top foil, denoted as WLIy,,., can be scanned to obtain
additional information. Thanks to the alignment process, the backside measurements can be subtracted
from the top WLI,,, side measurements, enabling a clearer depiction of coating layer information. The
results and conclusions drawn from these evaluations are discussed in Sec. 4.3.2.

r = 20.5mm
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Figure 3.23.: Determination of the rotation matrix in order to align top foil measurements. Based on gradient barrier.

Confocal Microscope Measurements

Due to the coarse z, y resolution of the WLI measurements described above, higher-resolution measure-
ments are necessary to determine surface roughnesses accurately. For this purpose, a NANOFOCUS psurf
Custom equipped with the MountainsMap software is employed. Smaller areas (below 1 mm?) of the
examined parts are evaluated to obtain surface roughness information. The used 50x optic provides x, y
resolution of 0.25 um and a z-resolution of 0.0267 nm.

Microscopic Measurements

In this work two different kinds of microscopic measurements are utilized:

Cross section measurements

In order to microscopically determine the coating thickness or other geometrical properties in a cross-
section, the cross-section must first be exposed and prepared. For this purpose, a specimen is taken from
the component to be examined using a precision cut-off grinder, embedded in an investment material,
ground, and finally polished. Microscopic pictures of these cross-section probes are taken with a LEICA
DMI5000, which is capable of automatically stitching multiple pictures to create an overview image.
Reflected-light microscope
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In addition to the cross-section measurements, basic top-view microscopic images are required in this
work. A LEICA M205C microscope with a 10x optic is employed for this application.

3.5. Summary and Conclusion

In this chapter, various test stands and measuring equipment used in the thesis are introduced. A new
high-speed test rig capable of loading thrust bearings with diameters of up to 55 mm and rotating at
120 krpm, with the ability to apply up to 100 N thrust load, was presented. The rig allows for automatic
alignment of the thrust bearing with the rotor disk through a gimbal suspension. Emphasis was placed
on the measurement capability, explaining the calibrations of load application and torque measurement,
along with the non-contact temperature measurement. A CHT simulation in Ansys CFX was performed to
analyze the torque measurement system, identifying peripheral losses that can be considered in further
analyses. The repeatability of power loss determination was found to be within + 3 %, while the thrust
load determination exhibited a repeatability error of + 0.1 %.

Furthermore, an additional test rig was introduced, designed to measure the thermal resistance of the
bump foils. This setup allows for the application of a heat flux to the thrust bearing without rotating
parts using a heating element and enables the imposition of various axial loads. The functionality of the
rig was verified through a test object with known thermal resistance, demonstrating good accuracy.
Additionally, two test setups for mechanical properties were presented. The first setup is employed to
determine friction values between the foils, while the second setup is used to measure the stiffness of the
bump foils.

Lastly, the devices used for determining the topographical properties of the components and conducting
wear measurements were discussed. Primarily, white light interferometric (WLI) measurements were
considered, and their complex evaluation method was explained.

In conclusion, the extensive array of measuring instruments allows for a thorough analysis of the physical
relationships in the thrust bearing. The high accuracy of power loss measurement in the high-speed test
rig enables a precise analysis of the bearing’s performance. These measurement capabilities contribute
significantly to the comprehensive understanding of the thrust bearing and its behavior under various
operating conditions.
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4. Modeling and Model Adjustments

Top Foil
Bump Foil

Holding Ring Runner Disk

Undeformed

Holding Arm
Top Foil Holding Arm
Bumps

Figure 4.1.: Sketch of the foil bearing assembly. Consisting of stationary surface as base plate, bump foil, top foil, and disk.

To validate the simulation model, a validation bearing design is required. The bearing design for this
work is depicted in Fig. 4.1, illustrating its main components. It comprises a stationary base plate on
which the bump and top foils are mounted, and a rotating runner disk. The bump foil consists of six
individual pads made from a single stamped annular foil. Positioned above the bump foil is the top foil,
also composed of an annular foil with six stamped steps that separate the pads.

On the right side of Fig. 4.1, a circumferential cut through the bearing system of one pad at the middle
radius ry, is displayed. In its undeformed state, the top foil maintains a constant slope from one step to
another. The step is characterized by a step height Sy, and a step width Sy,. When the rotor disk begins
to spin, the convergent gap generates pressure, resulting in the rotor lifting off when a certain lift-off
speed is achieved. The applied load Fij,.s on the disk reduces the gap height Ay, leading to a higher
pressure buildup within the fluid flow, corresponding to the force exerted on the disk. As a consequence
of this pressure buildup, the top foil can deform over the bumps to create a taper land region, and the
bumps themselves deform under the pressure exerted by the top foil.

Accurately modeling the interaction of these components is essential for minimizing uncertainties in
the model (see Sec. 2.4). Hence, this chapter discusses all relevant parameters, primarily focusing on
geometric properties, and divides them into three main sections: one for the rotor and the bearing
system’s surroundings, another for the bump foil, and the last one for the top foil. These parameters are
presented and analyzed based on sensitivity analysis for each parameter.

Based on the results of the sensitivity analysis and the behavior of the measured quantities, simulation
model adjustments are presented in this chapter. These adjustments encompass modifications to the
air foil bearing’s geometry and its periphery, as well as extensions of the current model. Ultimately, the
chapter concludes by evaluating the uncertainties arising from inaccuracies in the input parameters.
These evaluations form the foundation for the validation process in the subsequent chapter.
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Figure 4.2.: Sensitivity analysis on disk properties.

4.1. Rotor and Surroundings

In this section, the rotor and its surroundings are discussed based on a sensitivity analysis. Afterward,
the modeling is described with an extension of the film thickness as well as rotor boundary conditions
based on the high-speed test rig’s properties. Special attention is paid to a CHT simulation, which is used
to describe the heat transfer coefficients of the side of the disk facing away from the bearing.

4.1.1. Sensitivity Analysis of Rotor and Environmental Parameters

The sensitivity analysis is based on the four evaluation quantities introduced in 2.4.2. The simulation is
performed with a spinning speed n of 120 krpm and a thrust load Fip,.st = 100N, serving as the baseline
for the following investigations.

Three significant disk properties are analyzed in this section and displayed in Fig. 4.2. The parameter
variation shown in the first plot in Fig. 4.2a is a surface property of the disk. It introduces a disturbing
term in the film height i of the Reynolds equation, virtually bending the disk towards or away from the

Ry

parameter variation leads to a strong non-linearity in the film height quantity ®gy,,, and significantly
affects the loss quantity. The conclusion drawn from this observation is that surface properties of the disk,
as long as they are in the same dimension as the fluid film height, can influence the bearing’s behavior in
terms of performance and wear patterns. Changes in the disk deformation directly impact the film height,
resulting in a different bearing load distribution. Thus, accurate knowledge about the actual properties
of the disk surface is crucial for correct modeling.

The second parameter analyzed in Fig. 4.2b involves varying the amount of heat carried away from
the backside of the disk. Increasing this heat removal effectively reduces the thermal quantity ®y,
indicating that more heat is conducted into the disk and less into the top foil. It also decreases the
film quantity ®gy,,, by a similar amount. This can be attributed to a reduced temperature gradient over
the disk, resulting in a smaller thermal deflection (compare Fig. 2.3), which, in turn, reduces the loss
quantity ®r . and improves performance. However, the influence of this parameter is not as strong
as the disk pre-bending mentioned earlier. Nevertheless, it has a significant impact on the bearing’s
behavior, especially concerning the thermal aspects. Consequently, a Computational Heat Transfer (CHT)

thrust bearing by hcone(%,y) = Hpend (1 — m) — Hypeng, With Hyepq varying from —4 to +4 pm. This
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Figure 4.3.: Sketch of disk dimensions of the high-speed test rig modeled in the TEHD model.

simulation of the disk surroundings is set up for further investigations and to establish accurate boundary
conditions.

The third parameter analyzed, displayed in Fig. 4.2c, pertains to the disk’s thermal conductivity. It
describes the thermal behavior of the disk itself and provides insights into the importance of other
boundary conditions of the disk, aside from the cooling flow on the backside. Notably, an increase in
thermal conductivity leads to a decrease in the thermal quantity ®y,, similar to the parameter in Fig. 4.2b.
However, it also results in an increase in the film quantity and subsequently leads to an increase in the
loss quantity. This observation highlights the importance of carefully setting up boundary conditions to
accurately model the bearing’s behavior and to establish the correct material properties.

4.1.2. Modeling Based on Measured Input

Fig. 4.3 illustrates the test rig’s rotor and its surroundings. The disk has a thickness tgrp of 4 mm and an
outer radius rrp, of 27.5mm. The left end of the rotor has a diameter of 6.5 mm, and the edge of the
disk features roundings to better withstand centrifugal tensions. On the right side of the disk, the radius
gradually increases to 9 mm. The rotor shaft radius remains at 9 mm till the end of the rotor. The first
journal bearing gap is located 10 mm away from the disk, and between both journal bearings, there is a
14 mm segment with a larger gap. After the second bearing, the Pelton turbine shovels follow, although
in the simulation model, this part is not fully respected for.

The thermal conductivity is set to A\gp = 16 W/m/K, and the thermal expansion coefficient is arp =
10.9 - 1075 1/K, based on the material sheet of the rotor. These macroscopic parameters play a crucial
role in heat transfer and correct centrifugal deformation of the disk. The rotor is modeled using the
Navier-Lameé equation presented in Sec. 2.2.1. Alongside macroscopic dimensions, the microscopic
properties are of special interest as they can influence the local film height in the bearing gap. These
microscopic properties are described in the following.
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Figure 4.4.: Rotor disk surface measurements of waviness, parallelism and roughness.

Surface Properties of the Disk

The surface properties of the disk are taken into account for film height investigation. The sensitivity
analysis indicates that the pre-deformation of the disk significantly affects the bearing performance,
particularly concerning film height behavior. To take this into account, the film height is extended with a
field variable hrp pre(z,y). It consists of two components based on the run-out and flatness tolerances of
the disk, denoted as hyave and heone, defined as follows:

1 1
hwave(Z,y) = B sin(n ¢)Heat + 5 sin <n :) Hyax 4.1
[l
hcone(x7 y) = Hbend <1 - r > - Hbend‘ (42)

Here, Hy,; represents the maximum waviness height, and H}e,q represents the maximum pre-bending
of the disk towards or away from the bearing. Consequently, the pre-deformation of the rotor disk can be
expressed as:

hRD,pre (.CL‘, y) = hwave + hcone- (43)

Analyses for the waviness show a negligible small influence on the bearing performance and are therefore
not considered in more detail in the following. However, thermal bending plays a significant role in the
bearing performance and has been found to range from 0 pm to 8 pm with respect to the outer radius of
the disk, as reported by Rieken et al. [67]. This range is similar to the pre-bending arising from grinding
errors, and the tolerance for this pre-bending in the test rig’s rotor is set to +2 pm. The direction of the
actual pre-bending of the test rig’s disk is of particular interest since it can either compensate for or
support thermal bending, significantly influencing the bearing performance, as observed in the sensitivity
analysis in Fig. 4.2a. The actual values can be derived from measurements, and Fig. 4.4 helps to illustrate
this process. Based on two reference cylinders measured along the journal bearing positions on three
different circles, a middle line is drawn. A plane with the middle line as a normal vector is then placed
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on the disk. The heights of three different radii (r1, 72, r3) with respect to the plane are measured and
shown in the sketch on the left side. These measurements indicate a cone-like behavior with a maximum
height at 3 = 2.4 pm. The waviness, representing the deviation of each line from its mean value, is below
1 pm for all lines, in accordance with expectations from the manufacturing process. Therefore, it can be
concluded that the actual pre-deformation of the rotor disk compensates for the thermal bending by a
maximum amount of 2.4 pm, thus improving the bearing performance by approximately 2 %.
Additionally, surface roughness is important for later wear simulations and can be derived from confocal
surface measurements. The test window is also shown in Fig. 4.4. The measurements reveal roughness
peaks next to some straight grooves, with a maximum height of 1 um, resulting from the grinding process
of the disk. The root mean square surface value is .S, = 0.19 for the disk.

4.1.3. Analysis of Rotor Surroundings
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Figure 4.5.: Simulation configuration of the rotor disks peripheral flow.

il

Based on the sensitivity analysis of the rotor parameters, it is evident that peripheral heat transfer plays
a crucial role in determining the thermal behavior of the rotor-bearing system. In the dissertation by
Lehn [52], a heat transfer turbulent model is described for a one-sided axial bearing case. However, the
given model differs from the test rigs setup in the following aspects:

* The original model has included free flow on the backside of the disk. Whereas here, the height of
the flow in the test rig surrounding of the rotor disk is given as 1 mm and bounded by a solid wall,
and therefore 0 velocity at z = 1 mm in all directions (see Fig. 4.6).

* The externally pressurized thrust bearing induces cooling at the upper wall.

* Due to the bounding walls, the flow exhibits pipe flow-like behavior pulling air from the inside to
the outside, with no connection to the atmosphere except for the two openings at the inner radius
and the outer periphery (see Fig. 3.10).

* The original model offers two individual approaches for the radial and for the axial periphery. In
the given test rig configuration, the radial periphery is connected to the axial periphery.
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As a consequence, the given model does not accurately represent the rotor environment. Another drawback
is the computational effort required to calculate the runner environment velocities and temperatures.
One possible approach to address these issues and improve the model would be to explore existing Nusselt
correlations. An overview of such correlations is provided in an article by Fénot [23]. However, due to high
spinning speeds and the geometry of the disk, no known correlation seems to be suitable. Alternatively,
setting up the environment in a commercial CFD solver and obtaining heat transfer coefficients from it
could be more effective. This approach would involve a one-time computational effort, and subsequently,
the bearing simulation could benefit from reduced computation time. One drawback of this approach is
that it only represents the test rig rotor environment. When the configuration changes, such as in the real
machine environment, a new model needs to be set up. However, for this work, this drawback is of minor
relevance since it only requires validation of the test rig measurements. Thus, a conjugate heat transfer
simulation is performed in ANSYS CFX. The model is set up to derive heat transfer coefficients for the
TEHD bearing simulation. The same model as described in Sec. 3.1, which accounts for the measured
side losses of the test rig, is used for this purpose. In this section, the CHT configuration is presented,
along with a description of the heat transfer boundary conditions.

The 3D simulation configuration is depicted in Fig. 3.10. Furthermore, the CHT setup is presented in
Fig. 4.5. The geometry aims to closely resemble the test rig setup while keeping the computational cost
manageable. The configuration mainly consists of two parts: the rotor and the surrounding fluid. Each
part is modeled with the following properties:

* The rotor is treated as a solid with heat diffusion and the following boundary conditions:

- The shaft and the lower end are adiabatic, as heat transfer over these faces is expected to be
lower due to their smaller radius r.

— An air film interface @), is implemented to allow inward heat flux, representing the thrust
bearing connection to the rotor.

— Fluid-solid interfaces are applied along the interfering boundaries to the fluid domain.

— The temperature boundary condition at the shaft’s upper end is set to the fixed surrounding
temperature Ty to represent the Pelton turbine.

— The rotor is modeled with a 30° sector and is periodic in the circumferential direction.

* In the fluid region, the total energy equation and a shear stress transport (SST) turbulent compress-
ible air modeling are solved, along with the following boundary conditions:

Moving walls with v, = wr are applied at all fluid-solid interfaces to account for the velocity
and heat transfer to the rotor, representing the interaction with the rotor and the surrounding
air.

Two openings with entrainment boundary conditions at atmospheric pressure pg are included.

One inlet is modeled to simulate the fluid flow of the aerostatic support thrust bearing with
MEp = 1 g/ S.

The remaining boundaries are assumed to be fixed walls with a fixed surrounding temperature
To.

The solid part is automatically meshed within Ansys ICEM using free tetrahedral elements, while the
fluid part is manually meshed. Refinement is applied to all walls, both movable and fixed, with a first
layer of 3 um thickness and a growth rate of 1.2 to ensure adequate y+ values. This results in 8 million
elements in the fluid region. The height of the fluid region above the disk is set to 1 mm, which is an
average value for medium to high thrust bearing loads. In such cases, the support thrust bearing at this
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side of the rotor has no load-carrying capacity anymore, but its airflow is considered for cooling purposes
using the inlet mgp. The incoming heat flux from the air film interface is approximated by the equation:

77"‘)2 r2

Qin = I dA. 4.4)

This equation is valid for power loss estimation for flow between parallel plates, where one is spinning
with w and the other one is fixed with a distance of 4 = 10 pum and a fixed viscosity  at 7' = 370K (see
Eq. A.1). This equation grants a good distribution of applied heat dependent on the radius. The loss
factor k) serves as a parameter to adjust the amount of heat that goes into the disk as a fraction of the
total power loss generated in such a gap.

The simulations are performed for four different spinning speeds: 90, 100, 110, and 120 krpm. For each
spinning speed, three different loss factors ks (1,1.5,2) of Eq. 4.1.3 are considered to simulate various
load situations in the thrust bearing gap. It is important to note that the thrust bearing itself is not

explicitly simulated, but approximate shear losses are applied on the disk. This results in a total of 16
different scenarios. Fig. 4.6 shows the resulting temperature distribution and velocity for the operating
point at the maximum speed of 120 krpm with an applied loss of 220 W in the disk (with ki = 1). The
temperature distribution in the disk exhibits a radial increase from approximately 100 °C at the inner
radius to 204 °C at the outer radius. The temperature gradient over the shaft is smaller, reaching around
20°C at the Pelton interface. The fluid temperature follows the velocity streamlines, indicating dominant
convection. The velocity profile shows a maximum velocity of 340 m/s at the outer disk interface. The
velocity is forced to become zero at all fixed walls, such as the upper wall above the disk and the base
plate. Due to centrifugal forces, the fluid is pulled outwards over the disk, leading to a pipe-like flow
from the inner to the outer diameter of the disk. To maintain mass conservation, fluid is pulled through
the inner opening and then ejected at the outer opening. A vortex is visible at the radial periphery, similar
to Taylor vortices described in literature for incompressible flow [35].
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Figure 4.6.: CHT results of the rotor disk and its environment. Fluid velocity and temperature evaluation.

An energy balance evaluation can be performed to analyze the results for all heat fluxes at the rotor’s
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boundaries, which are based on Fig. 2.7. The heat fluxes are composed as follows:

QrD = Qaxp + Qraap + Qrr = 15TW + 44 W + 1T W. (4.5)

This indicates that around 70 % of the applied loss is carried away by the surrounding fluid in the axial
periphery, while 20 % is carried away over the radial periphery. Qrgr can be further divided into 13 W
(6 %) flowing over the Dirichlet boundary condition at the rotor’s end, and the remaining 4 W (2 %)
flowing over the rotor at the small fluid region below the first journal bearing. Additionally, the simulated
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Figure 4.7.: CHT results of a-values.

heat transfer coefficients are analyzed. Fig. 4.7 displays three scenarios to examine the heat transfer
coefficients more closely. On the left side (Fig. 4.7a), the heat transfer coefficient is plotted over the
radius r of the disk at the axial periphery. It can be observed that higher applied losses result in more
heat being carried away in this area, which is reasonable since temperature gradients are higher for
higher applied losses. The heat transfer coefficient fluctuates along the radius r primarily because of the
highly turbulent flow induced by the EP-inlet mass flow of the EP thrust bearing (refer to Fig. 4.5). On
the right side (Fig. 4.7b), the heat transfer coefficient at the radial periphery is plotted over the disk
height coordinate z. The dependencies appear to be clearer than for the axial one. The alpha values
increase with higher power loss conducted into the disk, and a linear dependency on the z-coordinate
is evident. This section aims to determine simple heat transfer coefficients and reduce complexity of
modeling the heat exchange of the rotor. At this point, the heat transfer coefficients seem to be dependent
on power loss and the geometry coordinate. The first simplification is to calculate average heat transfer
coefficient for both axial and radial periphery. These average values are taken into account instead of
both linear functions. The relationship between the heat transfer coefficient and power loss is discussed
further below. However, the dependency on the power loss is more complicated, as it is a result of the
complex gap function, spinning speed, and fluid temperatures. In order evaluate these dependencies, the
applied loss can be plotted as a function of the resulting temperature Trp qisk in Fig. 4.8 for all simulated
scenarios (spinning speed n = 90...120krpm, ki = 1...2). The temperature is evaluated at the same
position where the radial pyrometer is located in the high-speed test rig (compare Sec. 3.1.1). The plot
reveals an almost perfect linear correlation between the radial temperature Trp qisk and the applied heat
Qrp- The speed seems to have a negligible influence on the temperature; for example, the two points at
150 W produce almost the same temperature, despite a speed difference of 20 krpm between them.
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Figure 4.8.: Induced power loss into the rotor disk over radial mean disk temperature.

Next, mean values (Qax, raq) Of aax(r) and ay.q(2) are calculated for each operating point, resulting in
the following plot in Fig. 4.9, where the mean «-values for the axial and radial periphery are plotted as a
function of the radial disk temperature Trp qisk- The simulated average heat transfer coefficients behave
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Figure 4.9.: CHT Resulting heat transfer coefficient as a function of the simulated radial disk temperature.

almost linearly with increasing simulated temperature. Therefore, a linear regression can be applied for

both positions:

Orad,reg (TRD,disk) = 1.07W/m?/K? - Trp gisk + 178 W/m? /K
Orad reg (TRD disk) = 0.78 W/m?/K? - Trp gisk + 314 W/m? /K.

(4.6)
4.7)

Thus, the heat transfer from the disk into the surrounding periphery depends only on the disk temperature,
which, in turn, is proportional to the conducted heat from the thrust bearing gap.
Based on this CHT analysis, it can be concluded that a proper heat transfer model is crucial for correct
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disk modeling, as almost 90 % of the thrust bearing’s power loss carried into the disk is dissipated through
convection at the axial and radial periphery surfaces. Consequently, both derived heat transfer coefficients
serve as input for the rotor boundary conditions in the adapted AFTB-TEHD-simulation model.

4.1.4. Derived Rotor Boundary Conditions

As demonstrated in the sensitivity analysis in Fig. 4.2¢, accurately modeling the runner environment is
crucial for achieving an accurate thermal analysis. In this section, adjustments are made to the runner
modeling to better represent the test rig design. The modeled disk with its interfaces is shown in Fig. 4.10,
where seven different boundaries are labeled. The interface boundary conditions are set as follows:

A\ I

L

VI
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v 2
n_ |
I —
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Figure 4.10.: Labels for rotor TEHD simulation boundary conditions.

I and V: Zero Flux

Based on the CHT analysis, it can be concluded that the heat fluxes over these boundaries are negligibly
small. Therefore, these boundaries are set as adiabatic (zero flux).

Il: Thrust Bearing Air Film Interface

The thrust bearing air film interface is defined by taking the mean heat flux over the circumference of
the energy equation at its upper boundary:

Ppad 2 A1 QT
—nly = “pad / d
0

Sppad T Ed@ (48)

It is assumed that the high spinning speed of the disk leads to temperature averaging effects over the
circumference, allowing the rotor geometry to be considered as 2D rotationally symmetric [52].

lll and IV: Periphery CHT

The runner periphery is treated with Neumann heat transfer coefficient interface values obtained from
CHT calculations. Based on the investigations in Sec. 4.1.3, the boundary conditions are set to:

—nlad,p = radp (T — 1) (4.9)
—nlaxp = daxp (Trp — T0) - (4.10)

These correlations are only valid for this specific rotor, its surroundings, and spinning speed over 90
krpm, as they are solely dependent on the temperature and not the spinning speed.
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VI: Aerostatic Journal Bearings

The two EP journal bearings are supported by a constant flow of fresh air and also experience dissipation
heat flux due to shear stresses in the small gap. It is assumed that the fresh air flow compensates for the
dissipated fluxes. Consequently, the journal bearings can be modeled as having a conductive heat flux
over a small gap. The gap height of the test rig’s journal bearing is determined from the manufacturing
measurement sheet and set to a constant value of ¢B za;, = 12 1m for the used rotor housing combination.
The applied Neumann conditions read as follows:

~ AsB (Trp — To)

—nl'y = ——MMMM =, (4.11)
tJB,gap — URD,r

where vgp ; is the radial displacement component of the rotor, and A;p is the mean thermal conductivity
of the air in the journal bearing’s gap.

VII: Pelton Drive

The Pelton drive interface is set as a constant temperature Dirichlet boundary condition.

In summary, this section models the rotor with the actual dimensions of the test rig. An extension to
the film height due to manufacturing errors is introduced. Additionally, the boundary conditions are
established, with many of them derived from the CHT simulation.
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Figure 4.11.: Sensitivity analysis on bump foil parameters.

4.2. Bump Foil

This section discusses the bump foil based on a sensitivity analysis. It presents the geometry, measured
input, and associated uncertainties. Moreover, an extension to the basic thermal resistance model is
presented using the sensitivity analysis results. Finally, the friction coefficients between the bump foil
and the base plate, and the bump foil and the top foil are measured and discussed.

4.2.1. Sensitivity Analysis on Bump Foil Parameters

The sensitivity analysis of bump foil input parameters is depicted in Fig. 4.11, simulated using the
original model introduced in Sec. 2.2, with a thrust load Fi,..¢ = 100N and a spinning speed n of
120 krpm. The first parameter examined is the friction coefficient, as shown in Fig. 4.11a. Changes in
this parameter influence all evaluation metrics except for the thermal property. The stiffness metric ®g; is
particularly affected. Alterations in the friction coefficient not only lead to variations in integral stiffness
but also influence the individual stiffness of the interconnected bump arcs due to their connections. This
phenomenon can explain the changes in the film quantity ®gy,,, which, albeit minor, could still impact
the bearing’s performance. While substantial variations of 200 % are not anticipated, classification of
the friction value suitable to the given material pairing is essential. Hence, friction coefficients for this
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bearing setup are measured as discussed in Sec. 4.2.4.

The second parameter investigated is the bump foil’s thickness, as shown in Fig. 4.11b. In terms of
stiffness, a sensitivity analysis is unnecessary due to the cubic dependence between thickness and stiffness
derived from the governing equations in Chap. 2.2.4. However, the analysis reveals the impact of thickness
changes on the thermal quantity ®}, and the film quantity ®;,,. The bump foil’s thickness emerges as
a highly sensitive parameter, necessitating careful determination to avoid simulation result uncertainties
in light of even minor inaccuracies in the micron range. Conversely, the bump foil thickness’s influence
on the loss quantity ®,.s remains limited. This indicates that bump foil stiffness plays a minor role in
bearing performance under aligned conditions.

Similar observations arise when considering radii and height changes in Fig. 4.11d and Fig. 4.11c. The
system’s stiffness undergoes significant changes, while the loss quantity remains relatively constant over
a wide range. The thermal parameter also exhibits minimal variation. As with most other parameters,
the film quantity proves highly sensitive.

The final parameter under investigation is the bump foil’s thermal resistance, depicted in Fig. 4.11e. The
thermal resistance in the top foil’s flux (cf. Sec. 2.2.3) is scaled by a factor. This underscores the criticality
of knowing the bump foil’s thermal resistance for accurate thermal modeling of the rotor-bearing system.
Other metrics display weaker sensitivity, emphasizing the insufficiency of solely examining bearing
performance to fully comprehend its behavior.

Numerous other geometrical parameters relate to bump foils. However, these display lower sensitiv-
ity concerning the considered metrics. Nonetheless, they are evaluated based on measurements and
accurately incorporated into the simulation model (see Tab. 4.2).

4.2.2. Modeling Based on Measured Input

]? _____________________________________________________________________ s Rounding
B TR N\ Bump -------------- Rr
21 | N Bridge
31 ] /. Top Foil o hs
T2 ra /%33 -
Soffset '
o Lgp:

Figure 4.12.: Bump foil geometry sketch. Positions and of the bump foil as well as geometric properties.

Each bump foil segment comprises three bump strips: the outer strips house three bumps each, while
the inner strip features two bumps. These strips connect via holding arms, attached to the base plate.
Fig. 4.12 illustrates the geometry. Each bump consists of a bridge, a rounding, the bump arc, and a final
rounding. The three strips connect at the first bridge with an offset s,g..;. Measured input parameters
are used to determine all essential values. For precision, a microscopic image of the middle strip’s
cross-section, presented in Fig. 4.13, is analyzed. Given that cross-section measurements are destructive,
three bumps from the same batch, not employed in test rig measurements, are used. Key measurements
are summarized in Tab. 4.1. The roughness parameters are input for the thermal resistance model (cf.
Eq. 2.2.4). The "Variation" column represents standard deviations from mean measurements, crucial for
the uncertainty estimation (Sec. 4.4).
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Table 4.1.: Bump foil measured parameters.

Parameter Value Variation Description
Ri1 9.13mm +3% radius of 1st bump
R; o 8.87mm +3% radius of 2sd bump
R;i3 532mm +3% radius of 3rd bump

w1 3.37mm - width of 1st strip

w2 575mm - width of 2sd strip

w3 3.373mm - width of 3rd strip

Rr 0.15mm - radius of the roundings
Lp: 0.561mm - length of the bridges

hBF 0.255mm +8% height of bump foil
tBF 0.101lmm =£0.5% thickness of bump foil

Soffset 0.118 mm - offset of the bumps
Ti1 14mm - starting radius of the first bump strip
Tio 17.63mm - starting radius of the second bump strip
i3 23.63mm - starting radius of the third bump strip

surface roughness of the base plate
surface roughness of the bump foil
surface roughness of the top foil

Sa,Base 0.35 Hm
537]31;‘ 0.3 Hm
Sa,TF 0.63 Hm

4.2.3. Thermal Resistance

As evident from the sensitivity analysis in Fig. 4.11e, the thermal resistance significantly affects the
thermal behavior. Therefore, this section focuses on an in-depth investigation of the foil package’s thermal
resistance. Thermal resistance measurements are conducted on the thermal resistance test rig detailed in
Sec. 3.2 and evaluated in Sec. 5.4.1, based on geometric properties outlined in Sec. 4.2.2. The benchmark
thermal resistance for the test bearing is Ry, = 4.16 K/W, considering the measured bump geometry and
surface roughness (simulated with the basic model from Sec. 2.2). Examining the bearing topology (e.g.,
Fig. 2.5), it is evident that contact lines are fewer compared to other bearing types in literature. This
prompts investigation into other possible heat paths for this bearing type and its surroundings.

Initially, a limit value analysis helps assess the situation: Assuming the region beneath the top foil contains
only air and no steel from the bump foil, yields the worst-case conductivity scenario. Fig. 4.14a illustrates
the thermal resistance Ry, »ir Of the air gap under the top foil against the distance from the top foil to the
base plate st Base- The resistance can be expressed as:

STF,B
Rth,air = e . (412)
)\Air ABearing

For s7p Base <400 um, the thermal resistance is below 10 K/W, similar to the model’s thermal resistance

(Rin = 4.16 K/W). Given the bump height and bump foil thickness are both below 400 um, an extension
to the model is necessary. Defining the distance from the top foil to the base plate as:

STF,Base = U3TF + hBF + {BF + hShape- (4.13)

64



Figure 4.13.: Bump foil cross-section microscopic image of one bump strip. With zoom boxes for detailed geometric properties.
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Figure 4.14.: Thermal resistance calculations under the top foil.

Here, hgnape is defined later in Sec. 4.3.5, involving the pre-deformation of the top foil. The thermal
resistance can then be defined as:

R 0 Contact Locations of Bumps 4.14)
ThAlr = 2sweBase 1 cations between Bumps. '
ATF,AII‘J’_)\B&SG,AIT
In this context, Arr air and Apase,Air Tepresent the heat transfer coefficients of air calculated at the top
foil and base plate, respectively. Therefore, the above equation uses an average heat transfer coefficient of
air, assuming a linear temperature profile between the top foil and the base plate. Lehn’s heat resistance

model is extended by incorporating Rty air as an outward heat flux on the top foil:

TTF - TBase

—nl'=—
Ry Air

(4.15)

Simulation results of this extension are shown in Fig. 4.14b, where the calculated thermal resistance Ry
is shown as a function of the thrust force Fiy,.s¢. It can be seen, that the basis approach is not dependent
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Figure 4.15.: Extended thermal resistance model based on the work of Lehn [53].

on the thrust force, whereas the new approach is. This can simply be explained by the decreasing distance
from the top foil to the base plate with increasing thrust force. Thus, the resulting thermal resistance can
be 25 % lower with the new approach compared to the basis approach for a thrust load of 100 N.
Additionally, the base plate temperature is often assumed constant. Yet, real-world observations indicate
a different scenario where the base plate is water-cooled. While the cooling liquid’s temperature remains
constant, the cooling channel is often at a finite distance from the base plate surface, incurring a thermal
resistance. The resistance approximates as:

75Base

, (4.16)
)\Base Abase

Rth,Base =
For the test rig’s base plate with ¢p,se =12 mm thickness and A\p.se = 30 W/m/K thermal conductivity,
Rih Base = 0.24 K/W. This must be factored in for validation and comparison with measurements in
Sec. 5.4.2.

4.2.4. Friction Coefficient

The friction coefficient between the top and bump foil, and between the bump foil and base plate, is
determined through tangential and normal force measurements in the BRUKER Tribolab test bench (cf.
Sec. 3.3.1). Tests between base plate and bump foil involve three different single bumps, each repeated
30 times for robust statistics. This process is repeated thrice to account for assembly uncertainties.
Fig. 4.16a presents the resulting friction coefficients for these tests, using a normal load of 0.5 N. The
mean coefficient over all tests is 0.17, with a standard deviation of 0.04 or + 23 % for the bump foil and
base plate contact.

The contact between the bump arc and the lower side of the top foil is investigated similarly, as detailed
in Sec. 3.3.1. Fig. 4.16b illustrates results for tests between three bump arcs and three positions on
the top foil. The mean coefficient is 0.1, with a smaller standard deviation of 0.006, attributed to the
anti-friction effect of the coating layer on the top foil, since droplets of the coating layer are also visible
on the back side of the top foil from the coating process of the front side.

The presented results are assessed at one normal force. To eliminate normal force dependency on
the friction coefficient, tests are conducted at different forces. Fig. 4.17 displays the averaged friction

66



‘QBump leBump 2@Bump 3 ‘

0.3
& - 0.11 °

0.25 e
= g ~ ¢
= = )
g 02 g . ® o
&= = @ [
8 S o.1oj..f”."o f-.u
© o015 © ° Q2
g E |*%gsd
£ 01 2 ]

0.09

T T T T 1
0 0.1 0.2 0.3 0.4
Relative Incidence

T T T T 1
0 0.1 0.2 0.3 0.4
Relative Incidence

(@) Friction coefficient between bump foil and base plate with a mean (b) Friction coefficient between top foil and bump foil with a mean
value of 0.17 and a standard deviation of 0.04 value of 0.1 and a standard deviation of 0.006.

Figure 4.16.: Measured friction coefficients of the air foil thrust bearing.

coefficient and standard deviation for the bump foil and base plate contact. A negligible dependency
on the normal force is observed, maintaining similar standard deviation magnitude across all forces.
Consequently, fixed values for the tested parameter space can be established for both contact pairs,

yielding:
(4.17)
(4.18)

puBr,TF = 0.1
HUBF base = 0.17.

The associated standard deviation is incorporated into the uncertainty estimation (Sec. 4.4).
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Figure 4.17.: Friction coefficient measurements with respect to the applied load.
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4.3. Top Foil and Air Film Height

This section presents the modeling and adjustments conducted for the top foil and film height. At first a
sensitivity analysis is performed to identify influential inputs for top foil modeling. Subsequently, the
modeling process based on measured inputs is discussed, with a focus on the top foil step and coating
distribution. Given the unique step’s extent, the continuous top foil is modeled differently from other top
foils, elaborating on the chosen approach’s advantages and disadvantages. Additionally, a wear algorithm
is introduced to address coating distribution wear during running-in processes. The section concludes by
summarizing film height variables and parameters.

4.3.1. Sensitivity Analysis on Top Foil Parameters
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Figure 4.18.: Sensitivity analysis on top foil parameters.

Fig. 4.18 illustrates the sensitivity analysis of top foil parameters. Three parameters are varied to assess
their impact on four output quantities (introduced in Section 2.4.2). These analyses use the simulation
model from Section 2.2, with a thrust load of Fiy,.st = 100N and a spinning speed n of 120 krpm.

The first parameter studied is the step height of the annular-shaped top foil. The results are shown
in Fig. 4.18a. This parameter has a limited effect on thermal behavior @1y and stiffness ®g;, but
significantly influences performance by decreasing the loss factor ®1,s. Notably, the film height factor
dpiy, exhibits the highest sensitivity, making step height a critical geometric parameter that requires
thorough evaluation. This conclusion is reinforced by the analysis of the ., parameter graph in
Fig. 4.18b, where the influence is pronounced within the range of —20% to 5%. Finally, the third
parameter investigated is the top foil’s thickness ¢1r, shown in Fig. 4.18c. This parameter significantly
affects the loss factor ®1,.ss and has a non-linear impact on the film factor ®py,y,.

4.3.2. Modeling Based on Measured Input

The topography of the top foil is presented in Fig. 4.19. The examined top foil is a continuous annular
foil with six interconnected pad segments, separated by a stamped step defined by a curvature radius
Tstep = 13 mm, centered at the outer radius r, = 27mm, and an inner radius 7; = 14 mm. Other input
parameters are determined using white-light interferometric (WLI) measurements of the entire top foil.
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Figure 4.19.: Microscopic image of the top foil and a measured height profile (WLI measurement) of the top foil on its middle
radius (r,, = 20.5 mm).

Detailed analysis of the geometry, described in Section 3.4, relies on ZYGO Nexview NX2 WLI images
acquired from both the back side (WLI},x) and coating side (WLI,p).

Top Foil Slope

The measured height profile of a pad along its middle radius r, = 20.5 mm across the circumferential
angle ¢ is displayed in Fig. 4.19. This profile exhibits a continuous slope from 0 at ¢ = 0° to 147 pm
at ¢ = 58.05°, returning to 0 at ¢ = 60 °. This implies a step width sy, (r = ry,) of 1.95° or 700 pm and
a step height s, (r = ry,) of 147 pm on the middle radius r,. An analysis of height profiles on various
radii examines the complete top foil’s relation to the step height and width. They are discussed in the
following.

Top Foil Step

The step’s importance in the top foil’s geometry is evident from the sensitivity study. In order to analyze
the complete top foil with respect to the step-height and step-width, several height profiles on different
radii are evaluated. The results of these measurements are displayed in Fig. 4.20a and Fig. 4.21a, which
depict step-width and step-height as a function of the radius r for all six steps of the top foil segments.
Note that the number of measurement points in radial direction was rather large in order to precisely
detect the step-width as a function of the radius » (height measurements from the inner top foil radius r;
to the outer radius r, in 0.01 mm steps along the curvature of the step).

In connection with the measurement of step-width and step-height, it should be pointed out that the
step connecting two adjacent pad segments is not a straight line in radial direction, which can clearly
be seen in Fig. 4.19. Hence, the step-widths and step-heights depicted in Fig. 4.20a and Fig. 4.21a
have not been evaluated at a constant angle ¢, but along the curvature of the steps by means of a
comparatively elaborate analysis. Based on the WLI measurements of the complete top foil, the step-
width and step-height have been determined—for each of the six pads individually—along the curvature
of the corresponding step. For that purpose, the difference between the highest and the lowest point of
the profile has been determined along the curvature of each step. The step-width is the circumferential
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Figure 4.20.: Top foil measured step height and width.

distance between these two points; the step-height is just the height difference between the two points.
As can be seen in Fig. 4.20a, the measured step-width is almost constant with respect to the radius r
for all segments. The minimal step-width is 0.6 mm and the maximal value is 0.8 mm; the overall mean
value is 5y, = 0.66 mm and a standard deviation of 0.068 mm. The measured step-height s, as a function
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Figure 4.21.: Top foil measured step height and width.

of the radius r along the curvature of the step is illustrated in Fig. 4.21a for the six segments. Small
differences are detected between the different segments. The variation of the step heights between the
pad segments - evaluated at the middle radius ry, - is rather small: 142 pm (Segment 2) and 147 pm
(Segment 5). Concerning the variation of the step-height along the step curvature in radial direction, the
minimum step-height can be detected near the inner radius r; and the maximum near the outer radius r,.
At the inner and outer radius, the variation of the step-height between the different pad segments is a
little bit larger than at the middle radius r,,,, namely up to 10 pm. The differences in step-height along the
curvature of the step and between the different pad segments stem from the stamping process and are
not intended. The numerical analysis with the multi-physical thrust bearing model within the sensitivity
study has, however, shown that the influence of the step-height variations on the performance of the
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bearing is ~ + 2 % on the performance. The overall mean value of the step-height is 5, = 0.145 mm. The
standard deviation over all pads is 4 pm and serves as uncertainty of the measured step height.

Top Foil Pre-Deformation

An additional important geometrical property of the top foil can be derived from the back side mea-
surements (WLI.q). The top foil shows a bowl-like (parabolically-shaped) deformation as a function
of the radius r due to the manufacturing process (stamping). The measurements show that the bowl-
height is almost constant in circumferential direction. The measured bowl profile Ay, () (averaged in
circumferential direction) is displayed in Fig. 4.22a as a function of the radius . On the middle radius of
the top foil at » = ry,, the bowl has its minimum. The bowl height is growing towards the inner radius
r; and outer radius r, and has a parabolically shaped contour with a maximum value of 20 pm. The
distribution of the maximum bowl height—evaluated on different circumferential positions over the top
foil—is shown in Fig. 4.22b. It is evident, that the maximum height does not fluctuate much for one top
foil. Therefore, the bowl-like pre-deformation hy,oy(7) is considered as a function of the radius only. The
standard deviation over the top foil is 1.3 pm and serves as the uncertainty of the bowl height.
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(a) Averaged profile of the foils bowl like pre-deformation.  (b) Maximum height of the bowl over a whole pad. With a mean
value of 19.7 pm and a standard deviation of 1.3 pm.

Figure 4.22.: Top foil pre-deformation measurements with respect to the bowl like shape.

These effects need to be taken into account in the simulation and are implemented into the film height
variable in Sec. 4.3.5. With these three properties—the step height, width, and the bowl like deformation—
all mechanic foil parameters are addressed. Further analyses are performed from measurements of the
coating layer.

Coating Layer Distribution

The measurement procedure employed here aims to determine the relative coating thickness. This process
consists of two steps:

e In the first step, the pre-deformation resulting from the manufacturing process is determined
according to Sec. 4.3.2. The observed pre-deformation exhibits a parabolic shape in the radial
direction. Given its nearly uniform circumferential distribution, it can be considered a function solely
dependent on the radius » and independent of the circumferential angle . The pre-deformation is
quantified using a White Light Interferometry (WLI) measurement from the back side of the top
foil (WLI},e1), yielding the function Apowi(7).
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o The second step entails conducting a WLI measurement from the top side of the top foil (WLI,}) to
establish the relative coating thickness in relation to the central radius r,,. Detailed measurements
indicate that the coating thickness primarily varies with the radius r, with the circumferential vari-
ation being negligible. Subsequent to the WLI;,, measurement, the bowl-shaped pre-deformation
hbowi () is subtracted, yielding the relative coating thickness as a function of the radius r. For
clarity in presentation, the relative coating thickness is set to zero at the central radius r.

Fig. 4.23a illustrates a characteristic WLI measurement of the coating side (WLI,,) of a top foil segment.
The plot shows that the height is Oum at ¢ = 0° and s, = 147 pm (step-height), as well as at ¢ = 60°
(measured at r,). Notably, the figure reveals the presence of coating accumulations at the inner and outer
radii, attributed to the coating process. To validate the measurement procedure, cross-section images of
the top foil were generated. These images provide precise information about absolute coating thicknesses.
In Fig. 4.23a, cross-section images at the inner radius, center radius, and outer radius are depicted. Cross-
section image I and, especially, cross-section image III exhibit non-uniform coating thicknesses, reaching
up to 50 um in height. Cross-section image II, acquired at the center radius, displays an almost uniform
coating thickness of approximately 30 pm. These images support the projections of relative coating
accumulations made using the WLI,,x and WLI;,, measurements. A comprehensive comparison of the
WLI measurements with cross-section images demonstrates the precision of the described measurement
procedure using WLI techniques in determining the relative coating thickness both qualitatively and
quantitatively.

In Fig. 4.23b, multiple height profiles from ¢ = 0 — 55° were extracted from the coating measurements
and plotted as a function of the radius r. For ease of comparison (also see Fig. 4.19), the different
height profiles were normalized to zero at r,,. The maximum coating accumulation is approximately
20 pm relative to the coating thickness at the central radius r,,. The height profiles remain remarkably
consistent for various angles. This consistency enables the use of an averaged function, calculated by
circumferential averaging, to describe the coating distribution. The resulting averaged height distribution
heoat (r)—Tepresenting the average value across all six pad segments—as a function of the radius (r)
is presented in Fig. 4.23c. The height is set to zero at the central radius r,,, with a maximum height
of 12um detected at » = 14.8 mm and r = 26.2 mm. Notably, the accumulation peaks near the inner
and outer top foil radii occur approximately 0.8 mm away from these radii. The standard deviation of
the coating distribution along the radius r, derived from the measured height profiles, remains almost
constant across the radius 7.

Given the significant accumulations, in comparison to standard local film heights of 2 pum to 20 pm,
accounting for the resulting averaged height distribution Aot (r) in the simulation model is necessary.
The implementation is elaborated further in Sec. 4.3.5. The standard deviation serves as input uncertainty
for this parameter. It is important to note that the averaging process eliminates roughness. This aspect
is explored in greater detail in the validation section regarding the film variable H,,iq (Sec. 5.2.1).
The contribution heat(7) to the film height variable h(r, ) will undergo closer analysis in the validation
section regarding wear (Sec. 5.2).

Top Foil Thickness

The foil thickness ¢rp is indicated on the drawings but can exhibit a relatively broad range due to
manufacturing variations between batches. The objective is to investigate the potential variance in
foil thickness for an individual top foil, as well as across different foils within a single batch. This
determination holds significance for uncertainty assessment since this parameter notably influences the
evaluation variables, as detailed in Sec. 4.3.1. The method employed for assessment involves cross-section
analysis. Hence, being a destructive test, the tested foils are unsuitable for further use in the high-speed

72



Top-View 3D-View
Coating Accumulations

To
um
)/—‘ 180 >
Roughness Peaks )
90 . G
' 45 s
- z
/’" SD
\ 0 1l "

Ti

Cross Section I Cross Section II Cross Section III

50pm ¢+~ .-41um

(@) Measured top foil height (height of the top foil without the bowl-shaped pre-deformation). Left: top-view, right: 3D-view, and, bottom:
three measured cross sections.

30 um

: 40 pm e.30 nmia

g —— Average Coating Distribution

g k= —— Median Coating Distribution

;— T 15 | = Standard Deviation

M § 10

é = 5
= |

E '-Eo "

0 g 07

<]

T -5 T T T T T T

14 16 18 20 22 24 26

e Angle ¢ in ” Radius r in mm

Top Foil Radius r in mm
(b) Coating height profiles as a functions of the radius r at sev (c) Coating distribution in radial direction (averaged in circum-
. ferential -direction).
eral circumferential angles (from 1 = 5° to p19 = 55°, 4 )
positions of the radial cuts are indicated in the sketch).

Figure 4.23.: WLI measurements of the top foil.

test rig.
Cross-sections are created on five foils, with each foil being evaluated at three positions: two along

the radial direction and one circumferential position on a medium radius. Each of these cross-sections
undergoes evaluation at three distinct points using high magnification. The mean value across all these
measurements yields ¢pp =132 pm, accompanied by an uncertainty of +1 pm.

Top Foil Position

As shown in Sec. 4.3.1, the precise determination of the top foil position .. relative to the bump
foil location is of paramount importance due to its high sensitivity. Although this parameter could be
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Figure 4.24.: Simulation setup for top foil bending. Represented as beam and 2D FEM.

inferred from the drawings, the investigations have unveiled the step width as a new significant parameter.
This parameter, in turn, could impact the accurate alignment of the foil’s position in simulations. The
position is secured by three pins at the outer bearing ring of both the top and bump foils. The measured
clearance for the pin hole positioning is 0.16°, serving as the uncertainty associated with this parameter.
The relative positioning of the top foil concerning the bump foils can be determined through microscopic
measurements, yielding ppneer = 12.4°.

4.3.3. Continuous Top Foil

As described in Sec. 4.3.2, the transition at the border of adjacent pads isn’t vertical; rather, it extends
over a significant region. Given that the observed step width s, (r) averages at 0.66 mm - four times
the top foil thickness ¢rr — further adjustments are required for incorporating this foil type into an
appropriate model. To gain deeper insight into the mechanics of deformations in the top foil, a 1D
Timoshekov beam simulation alongside a 2D Finite Element Method (FEM) is established. The setup is
depicted in Fig. 4.24. The 1D beam setup represents the top foil at its middle radius r,,,. Consequently,
its length [,,q4 corresponds to the extent of one pad at its middle radius. The beam exhibits continuity
boundary conditions for displacement and rotation at its ends, aligning with the periodic nature of
the annular-shaped top foil. At bump positions (B, B2, Bs), a prescribed displacement is applied to
model the top foil slope from leading to trailing edge across the step. Specifically, at position By, the
displacement is set to 0 in both directions with unrestricted rotation. At Bs, the displacement in the z-
direction equals hps — hp1, Where

by = 17}1 b, and (4.19)
pad — Sw

hyo = Sih_ (ba + b1), (4.20)

with the z; direction left unrestricted. The displacement at B3 follows a similar pattern in the x5 direction
while leaving the x; direction unrestricted. A line load pj..q is applied between Bs and the start of the
step.
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Figure 4.25.: Simulation results FEM vs Beam.

The 2D FEM setup is structurally similar, with the distinction being that the step’s pre-deformation is
already accounted for in the geometry. Periodic boundary conditions for displacement and rotation are
applied between the leading and trailing edges. The cross-section width is defined as r, — r;, with a
thickness of tTp = 132 um in both FEM and beam models.

Fig. 4.25a displays the simulation results for the deformation « in the x5 direction as a function of
circumferential extent x; for two different step heights: 60 pm and 160 pm. The step height 5y, not only
influences the step’s height but also the slope of the top foil between pads due to continuity. Thus, the
prescribed displacements at B, and B3 depend on the step height to ensure contact between bump points
and the top foil. For a step height of 5, = 60 pm, the Beam and FEM results align perfectly, while for
sy = 160 pm, differences emerge. The key disparity lies in the rise following the step to the first bump.
The rise in the FEM is gentler, affecting the ending angle on the right side, whereas the steeper slope
in the beam simulation enforces an angle at the step’s pad end. This difference stems from the FEM
geometry being pre-deformed from 27 = 0 to By, while the beam’s geometry remains flat. Nonetheless,
the deviation remains relatively modest for a step height of 5, = 160 pm. To highlight the difference,
Fig. 4.25b plots the deformation « at the trailing edge against various step heights s,,. The growing
disparity between the beam and 2D FEM results becomes more pronounced as the step height increases.
The discrepancy in deformation reaches 5 um for a step height of 5, = 160 um. Therefore, it can be
inferred that as the step height increases, so does the deviation. This introduces inaccuracies in the beam
theory modeling for larger step heights. Consequently, it’s reasonable to assume that the same trend
applies to shell theory and the 2D top foil model. However, given the step height range of the top foils
used in this thesis, any errors can be deemed negligible. Therefore, the subsequent considerations treat
the top foil as a plane shell, and the step height and width only factor into the fluid film. This forms the
basis for discussing boundary conditions of the top foil in the following section.

Continuous Top Foil Boundary Conditions

Drawing from the preceding considerations, continuous boundary conditions from the trailing edge to
the leading edge can be established to effectively represent the annular-shaped top foil. Specifically, this
translates to the following mechanical conditions based on the shell equations (2.11-2.15) outlined in
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Sec. 2.2.4:
ﬁlva,l = ﬁtva,r
V3] = U3r
ﬁlwa,l = W, r 4.21)
ﬁmlaﬂ = o’ |
4 =ar
ﬁlmla’g = ;m%P.
The heat equation’s (3.10) boundary conditions are established as:
Trein(2, y) = Tre,out (2, y) 4.22)

—iVTre(z,y)|; = AVTre(2,y)l; -

Zero flux boundary conditions are applied at the inner and outer radii.
For the Reynolds equation (2.3), the boundary conditions at the leading and trailing edges are similarly
set:

n(z,y) = pi(z,y)

) B (4.23)
—nVp(z,y)|, = iVp(z,y)|, .

It’s worth noting that this also leads to the velocities « and v being identical at the leading and trailing
edges, given that the velocity components are determined by pressure gradients and rotor velocity. At
the inner and outer radius, the pressure is set to ambient pressure.

For the 3D energy equation (Eq. 2.4) solved in the air film, adjustments are made for numerical stability.
The continuous boundary conditions for the 3D energy equation at the leading and trailing edges are:

Ti(xvyv Z) = Tt($,y, Z)

4.24
—nVT(z,y,2)|, = aVT(z,y,2)|,. ( :

However, this equilibrium of forced flux isn’t a stringent condition since the energy equation in the x and
y directions doesn’t have a flux component. To enhance stability, the energy equation is expanded with
planar diffusion, resulting in the following form:

c ua—T + Ua—T = ﬁ Aa—T + 2 /\a—T + g /\8—T
pep Oz oy | |0z \” ox y oy 0z 0z
.25
o op ou 2+ o 2 (4.25)
0z 0z '

4.3.4. Wear Simulation

In the results obtained from the original TEHD simulation model, the maximum thrust load Fip, st iS
approximately 40N, achieved at a minimum gap height of H,,;, = 3pum and a spinning speed n of
120 krpm. Incorporating the coating distribution hcat(r) and the bowl-like pre-deformation hpqyi(r) as
contributions to the local film height A(r, ¢) (as discussed in Sec. 4.3.5), leads to a further reduction of
the maximum thrust load to Fiy,,.¢ = 7N, again at a minimum gap height of H,,;, = 3 um and a spinning
speed of 120 krpm. However, experimental tests on the test bench have demonstrated forces of up to
100 N. This discrepancy arises due to wear occurring on the coated surface of the top foil, particularly
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Trailing Edge

Leading Edge

Figure 4.26.: Sketch of a wear example setup with a taper and a slider.

during running-in conditions and at low speeds [4, 11, 46]. To account for this aspect in the simulation,
a wear approach must be incorporated into the TEHD model.

The following section outlines a simple approach for simulating wear. This approach is valid for tribological
hard-soft contact conditions, where one contact partner is significantly harder than the other. In such
cases, it is reasonable to assume that wear occurs predominantly on the softer surface, which, in this
context, is the coated top foil. The approach is briefly introduced in Theile et. al. [85]. A second, but
slightly different approach is utilized in Eickhoff et. al. [21]. In their approach the coating is worn away
in iterative steps, whereas this approach is calculating the wear pattern for a specific load case in one
solution step.

Intitial Value Calculate Pressure p
of h
[ A
Calculate
wear Update
h
yes
S no no
top ves

Figure 4.27.: Flowchart of the wear simulation approach.

To introduce the algorithm, a basic 1D model is established. Fig. 4.26 illustrates the model, which
simulates a wedge-shaped profile. The profile consists of an infinite slider moving at velocity U, with
a varying distance h; to the highest point of the wedge profile. If the gap height at the trailing edge
becomes small, mixed lubrication might arise, initiating a surface abrasion process. In this case, the
wedge profile represents the softer contact partner. Within the lubrication gap, the Reynolds equation is
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calculated. For an ideal gas, the 1D Reynolds equation can be expressed as:

W op U
_ YY) =0 2
V(lzﬂpaw 2hp> (4.26)

The film height hyeqg. is defined as:

h = hyedge = h1 + ha (1 - ;Z) . (4.27)

The wear algorithm is depicted in the flow chart shown in Fig. 4.27. The approach employs a limit force
Fy, at a specific speed n and a minimum gap height Hy,;, = Hpixeq- Starting with an initial gap height
h, the pressure is obtained from the Reynolds equation. Integrating the pressure across the wedge profile
yields the thrust force Fi;..s¢ acting on the bearing. If this force is equal to or exceeds the designated
limit force Fy;,,, the simulation terminates. If not, it checks whether the minimum gap height within the
fluid domain is below the mixed lubrication limit. If it isn’t, the film height is updated, and the pressure
calculation process restarts. This cycle continues until certain areas of the minimum film thickness fall
below the mixed lubrication limit. At this point, the wear process initiates.

In this approach, the areas below the limit are virtually removed from the wedge profile, which is
expressed through the variable A, defined as:

0 hww 2 Hmixe
hear = { ’ d (4.28)

Hmixed - h’WW7 hww < Hmixed-

Here, the film height variable A, denotes the film height without wear and is analogous to the actual
film height h, defined as:

hww = hwedge + E[shift (429)
h = hwedge — hyear + f{shift- (4.30)

A global variable H g is introduced, which virtually shifts the slider until a condition is satisfied. This
adjustment is performed iteratively within the solver until the load capacity Fiy,.s reaches the limit
force Fiin, by incrementally increasing hyea, in regions where the film height is too small. This process
calculates and stores the accumulated wear in the variable hy.,, for subsequent simulations.

Results from this simulation approach, based on the discussed wedge example, are presented in Fig. 4.28.
The left graph shows the height profile before and after the wear simulation, with h; and Hyixeq Set to 3 pm.
The corresponding pressure p is displayed on the right side. In this example, the solver is manipulated to
enhance the resulting load capacity while maintaining a limit film height of H,jx.q = 3 pm. Consequently;,
the wedge profile experiences abrasion at the trailing edge, leading to the formation of a taper land
profile with a maximum abrasion of 2 ym. This, in turn, leads to a higher pressure buildup at the end
of the taper region, resulting in an increased load capacity. The stopping criterion in this case was the
resulting load capacity, but it could also be replaced with other criteria, such as a maximum allowable
wear height.

This wear simulation approach is subsequently applied to the air foil thrust bearing in the TEHD simulation
model to replicate running-in wear on the coating layer of the top foil.
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Figure 4.28.: Simulation results of the wear example calculation for the height profile and the pressure distribution.

4.3.5. Film Height Expression

The film height, within the context of air foil bearings, is composed of various contributions from the
rotor-bearing system. Each component contributes fixed values, such as pre-deformation, and variable
values, like the actual deformation of components during the calculation process. This section details
the implementation of these contributions into the film height  of the thrust bearing TEHD simulation

model.
First, the contributions from the rotor are revisited, as discussed in Sec. 4.1.2. These contributions involve

the runner deformation vrp , and the pre-deformation Arp pr., resulting in:
hdisk = ARD,pre + VRD 2 (4.31)

The pre-deformation is predetermined and does not change, while the deformations of the disk depend
on factors such as temperature and rotational speed.

Secondly, the contributions to the film height from the top foil are addressed. These contributions can be
summarized as topographical contributions A, and a deformation variable vty of the top foil in the
film height direction z. The deformations of the top foil result from pressure forces calculated using the
compressible Reynolds equation (see Eq. 2.3). The film height expression for the top foil is thus given by:

htr = htopo + V3T. (4.32)

The topographical contributions Ay, for the top foil are more involved than that for the disk. It can be
split into two main parts:

htOPO (T’ 90) = hshape (7"7 30) + Neoat (7")7 (4.33)

with the coating distribution h¢.at () representing the measured coating distribution, as discussed in
Sec. 4.3.2 (see Fig. 4.23c). This distribution consists of 1000 data points interpolated linearly between r;
and r,. The variable hgyape(r, ¢) can be further divided into:

hshape (7‘7 90) = hbowl(r) + htaper(ra 80) (4.34)
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Figure 4.29.: Simulation input parameter for film height. Height scaled 50x.

The bowl-like shape in terms of radius r is given by:
(r —rm)?

(ri — rm)?’

where r,, = HT’"O and Hpow = 20um is determined from measurements. The variable htaper (T, )
comprises two contributions:

hbowl(r) = ﬂbowl (435)

htaper = hstep + hslope- (436)

In this simulation approach, the step is modeled only within the film height expression for the Reynolds
equation. This approach assumes that the step transitions behave more rigidly than the actual film and
do not experience bending at the transitions, as discussed in more detail in Sec. 4.3.3. Consequently, the
step itself can be modeled as a plane within the shell theory, deformed by the pressure of the air film.
The slope of the shape film height variable Aoy is therefore determined by

® — ¥negT

) (4.37)
Pstep — Plead

hslope = Sp

with ¢je,q defined as the angle running along the curvature of the leading edge. s is also a circular
arc with the same center like the leading edge but with a smaller radius defined as

Tstep = Tcurvature — Sw- (4.38)

The constant parameters s;, and s,, are taken from measurements described in Sec. 4.3.2. The film height
over the step hgiep is derived similarly as

Pstep — P

) (4.39)
Pstep — Ptrail

hstep = Sh
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with ¢i,.51 being the circular arc described by ¢j.aq rotated by an angle of 360/n,,q around the center of
the bearing, where n,,q4 is the number of pads.

The complete film height expression can be written as the sum of contributions from the rotor disk and
the top foil:

h = hnom + hTF + hdisk- (440)

When applying the wear algorithm discussed in Sec. 4.3.4, the expression becomes:

h = hnom + hTF + hdisk + hwear + ﬁshift (441)
hww = hnom + hTF + hdisk + Hshift- (442)
The resulting film height accounts for variables vty and vgp,, as well as all pre-deformations and

topographical contributions. Fig. 4.29 displays the resulting film height considering these variables, with
the height scaled by a factor of 50.

4.4. Model Uncertainty Estimation

Table 4.2.: Uncertainty results of important input parameters.

Parameter Variation Res. uncert.: ®p g Py Py
Friction coefficient = +25% +04% +0.05% +£2.6%
Step height 5, +2% +05% +£006% +0%
Bump height hp +8% +06% +£15% +105%
Bump radius Rj; +3% +03% +£05% +45%
Top foil thickness ty,r +0.5% +0.34% £15% £1.5%
Pos. top foil ppegr +£0.16 % +£016% +004% £0%
Ambient temp. Ty,  +20% +0.06% £0.3% +0%
Step width sy, +6% +02% +£0.03% +0%
Bowl Aot (7) +25% £0.7% £0%  +0%
Coating acc. heoat(r) +25% +£3% 0% +0%
Resulting uncertainty +545% +3.98% +17.6%

For validating the simulation model, it is crucial to estimate the model’s uncertainty. As depicted in
Fig. 2.10, the simulation uncertainty is the aggregate of model uncertainties arising from inaccurate
conceptual modeling, numerical uncertainties due to solving errors or coarse mesh, and uncertainties
stemming from measured input. This section focuses on the latter category, summarizing the uncertainties
associated with essential input parameters. These parameters are listed in Tab. 4.2, along with their
measured variations and the simulated uncertainties. This uncertainty is extracted from the sensitivity
analysis conducted in the preceding sections of this chapter. Notably, the sensitivity analysis was performed
for a spinning speed of 120 krpm and a load of 100 N, representing the highest load point. The assumption
for the further course of this work is that the uncertainty remains constant for all lower load points and
other examined spinning speeds.
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It becomes apparent that most parameter variations have only a weak influence on the output quantities.
Among the parameters, the coating accumulation on the top foil exhibits the highest impact on the loss
quantity, contributing an uncertainty of 3 %. Summing up all uncertainties yields a resulting uncertainty
of +5.45 % for the loss quantity and + 3.98 % for the thermal quantity. However, the stiffness quantity’s
resulting uncertainty is notably higher at + 17.6 %.

The objective of validation is to quantify the accuracy of the simulation model based on the conceptual
model. Consequently, based on the uncertainty estimation, it can be inferred that this work can only
detect inaccuracies in modeling beyond =+ 5.45 % influence on power loss. Similarly, for thermal flow,
deviations in modeling can only be detected beyond + 3.98 %. Within these ranges, the presence of
significant inaccuracies in the modeling cannot be firmly established.

4.5. Summary and Conclusion

This chapter focuses on the modeling and adjustments made for the air foil thrust bearing, building upon
the detailed simulation model developed by Lehn and Eickhoff [52, 67, 21]. The chapter is organized into
four major sections. Firstly, the rotor and its surrounding environment are analyzed using measured input.
The rotor is represented based on dimensions from the high-speed test rig’s rotor, and a comprehensive
conjugated heat transfer analysis is conducted using Ansys CFX to derive heat transfer coefficients for the
rotor disk.

The subsequent section focuses on the analysis of the bump foil. Initially, geometric properties are
determined through measurements. This is followed by an extension of the existing thermal resistance
modeling approach, incorporating conduction over the top foil surface and through the air into the base
plate.

The third section is dedicated to modeling the top foil. In this work, the top foil takes the form of
an annular foil with six embossed steps, dividing the foil into six interconnected pads. A white light
interferometric analysis is performed on the top foil, yielding the following conclusions:

* The top foil exhibits a continuous slope from pad to pad, rising to the step height S}, after each step.
* The step has a circumferential extent sy () and maintains an almost constant height.

* A bowl-like pre-deformation hyoyi(r) is present in the top foil, reaching a maximum height of 20 pm
at the inner and outer radii.

* The coating layer h¢oqat(r) is unevenly distributed, with accumulations around 12 pm in height at
the inner and outer radii.

These findings are integrated into the local film height of the Reynolds equation. Additionally, a finite
element analysis (FEM) is performed on the annular top foil to assess the accuracy of the provided shell
modeling. Based on these results, continuous boundary conditions are formulated for the given top foil.
To account for wear on the top foil’s coating layer, a wear algorithm is introduced. This extension enables
the thrust bearing model to simulate the running-in process of the bearing, incorporating these simulated
wear patterns for further bearing simulations.

Finally, model uncertainty estimation is conducted to determine the prediction accuracy of the modeling.
Based on this uncertainty estimation, it is established that this work can only detect modeling inaccuracies
beyond + 5.45 % influence on power loss, and =+ 3.98 % influence on thermal flow, and + 17.6 % for the
stiffness.
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5. AFTB-Simulation Model Validation

This chapter presents the final validation of the air foil thrust bearing (AFTB) model. The validation
process is organized into four primary aspects, corresponding to the quantities introduced in Section 2.4.2.
The first aspect pertains to the stiffness of the bump foil, denoted as ®g;. In this section, a comparison is
made between the measured bump foil stiffness and simulated values. Subsequently, an investigation
into the wear occurring on the top foil’s coating layer is conducted. This investigation aligns with the
film quantity ®gy,,, which characterizes the strain on the bearing caused by applied loads. Following
this, the validation of bearing performance, represented by @y, involves comparing simulated power
loss and load data with measurements from the high-speed test rig. This section delves into a more
detailed analysis of simulation results. The concluding part of this chapter addresses the thermal behavior,
denoted as &y, and its validation. Initially, the thermal resistance of the bump foil is validated using a
dedicated thermal resistance test rig. Additionally, temperature measurements from the high-speed test
rig are compared with simulation results.

5.1. Stiffness of the Bump Foil

The stiffness of the bump foil is measured using ZWICK measurements, as described in Section 3.3.2.
The measured force-displacement relationship is depicted in Fig. 5.1. The stiffness measurement system
is calibrated, ensuring high accuracy. The presented data are averaged results from five measurements,
with a repeatability error of less than 1 %. Notably, a pronounced non-linearity in the force-displacement
curve is observed between 0 and 40 N. This phenomenon is attributed to the alignment processes of
the bump arcs with the base plate. Beyond 40 N, the bump stiffness ®g; continues to exhibit a slightly
progressive behavior.

In the simulation model, all bump arcs maintain contact with the base plate from zero load to high loads.
This discrepancy results in a distinct stiffness characteristic in the simulation. The uncertainty-quantified
simulation results, as discussed in Section 4.4, incorporate an uncertainty of + 17.6 %. The simulation
involves lowering a flat and rigidly modeled top foil in the z-direction towards the base plate, mirroring
the measurement setup. Comparing the measured data to the simulation results reveals a discrepancy in
the progressive behavior. Notably, the simulation results do not precisely replicate the measured behavior,
not even beyond 40 N. Consequently, it can be inferred that an accurate prediction of the real stiffness
is not possible. This highlights the limitations of the current simulation setup in accurately reflecting
real-world conditions regarding the stiffness of this type of an AFTB. Compared to Fig. 2.11, the validation
process of the stiffness of the bump foils reveals case b.) behavior, indicating a not accurate enough
conceptual model of the bump foil.

Given that sensitivity studies discussed in Section 4.2.1 already indicate a minor influence of the stiffness
parameter ®g; on other core bearing characteristics (®1,0¢5, P11, and Ppim), No adjustments are proposed
for the simulation model in this work. The reason for this independence can be attributed to the rigidity
of the top foil (compare Fig. 5.17 in Sec. 5.4). Once the top foil has taken shape in a taper land like
bearing (from approximately 30 N), its form remains constant even under higher loads.

Future investigations in this domain could concentrate on comprehending the contact mechanism of this
specific embossed bump foil type, aiming to more precisely model the bump foil alignment process.
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Figure 5.1.: Stiffness test of the bump foil. Zwick measurements compared to simulation results.

5.2. Validation of Wear Simulations

This section presents and discusses the results of wear simulations based on wear measurements conducted
on the top foil’s coating layer. The validation process for the wear simulations involves the following

steps:

e Examination and discussion of the mixed lubrication parameter H,,.q through detailed wear
measurements using White Light Interferometry (WLI) on the top foil and corresponding wear

simulations.

e Comparison of the loss factor &1, and disk temperatures Ty;q to refine the mixed lubrication
parameter Hpixed-

e Analysis of the running-in wear process in different stages.

5.2.1. Determining the Mixed Lubrication Limit

During operation, considerable wear in the Teflon layer occurs at different locations of the top foil.
Occurrence of strong wear during the running-in process is characteristic for the here considered annular-
shaped top foil design. It’s worth noting that wear of the top foil is also observed in connection with the
classical multi-pad thrust bearing design, see, e.g., [4, 11, 46].

However, for the annular-shaped design investigated here, the occurring wear is usually markedly larger
than for the classical multi-pad design. Regarding the classical multi-pad bearing design, the different pad
segments are not connected. As a result, the pads can very simply align with the rotor disk under load so
that the influence of wear on the bearing performance is reduced. Considering the annular-shaped top foil
design, however, the pad segments are stiffly connected so that the alignment of the pad segments with
the rotor disk under load is reduced. As a consequence, the influence of wear on the bearing performance
is significantly larger in comparison to the classical multi-pad bearing design [21].

The objective of this section is to establish the mixed lubrication limit variable H,,i..q, as introduced in
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Section 4.3.4, through comparison with measurements. Consequently, measurement results are presented
as follows.

Wear of the Top Foil's Coating Layer

-
-
-

P
_____——_
- -

Leading Edge

I

Figure 5.2.: Image of one top foil pad after testing. Dotted lines indicate positions of height profiles for Fig. 5.3a.

This section aims to identify wear areas and quantify the extent of wear. Microscopic images are
employed to pinpoint wear areas on the top foil. Additionally, wear depth is quantified through precise
WLI measurements in the worn areas. Roughness parameters in the worn region are assessed using
confocal measurements.

Fig. 5.3 displays a microscopic image of a worn top foil segment, revealing three main wear areas:

e The first wear area—area I—is located at the inner radius r; in the center of the segment.

e The second wear area —area II—is also at the inner radius, but at the trailing edge.
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Figure 5.3.: Height profiles from WLI measurements. New and used test top foil compared.
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e The third wear area—area III—is at the outer diameter of the center of the segment.

From a microscopic image, it is not possible to obtain any quantitative information on the wear depth.
To get quantitative information, WLI measurements are performed with the top foil after the running-in
process. Therefore, radial height profiles of the coating height h..¢ () are measured at three different
angles, see Fig. 5.3. The locations of the three angles are indicated in Fig. 5.3 by the green dashed lines
and are defined by the three angles ¢, = 3°, ¢, = 30°, and . = 56.5°. Note that ¢ = 0° is located at the
leading edge at the middle radius r,,, i.e., right after the step of the top foil.

WLI measurements have been carried out before the running-in procedure with a new top foil and—
at the same positions—after the running-in process. It should be mentioned again that WLI surface
measurements have to be carried out from the coated top side of the top foil (WLI,,) as well as from
the uncoated back side (WLI,) in order to determine the coating layer distribution, see Sec. 4.3.
Although these measurements are rather expensive and complex, very detailed and exact information on
the coating layer thickness can be determined for the unworn and for the worn top foil.

The height profiles h¢oat () for ¢, = 3° (close to the leading edge) for the unworn top foil (new top foil)
and for the worn top foil (after the running-in process) are almost identical, see Fig. 5.3. As can be seen,
the coating has accumulations of approximately 17 um close to the inner and outer radius, see Sec. 4.3.
Comparing both curves, it can be concluded that wear does not occur in the area close to the leading
edge. Note that even the roughness peaks are visible at the same positions before and after the running-in
procedure, which also illustrates the high accuracy of the measurement technique.

Corresponding height profiles hcoat () for ¢, = 30° are depicted in Fig. 5.3. Comparing the curves before
and after the running-in process, wear can be detected at the inner and outer radius in the regions with
the coating accumulations (see Sec. 4.3.2). The amount of wear at the inner radius is approximately
4 ym and at the outer radius approximately 7 ym.

By comparing the measurement curves close to the trailing edge at ¢, = 56.5°, wear of 7 yum with a
maximum width of 2 mm can be identified close to the inner radius (Fig. 5.3). At the outer radius, just
one single roughness peak has been worn. The zoom plot depicts the abrasion at the inner radius in
more detail. The worn profile in Fig. 5.3 for . shows a slope of 5 pm per mm in radial direction close
to the inner radius, which can, however, not be explained by thermo-elastic rotor deformations. To
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[N} w
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|
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[
IS

Top Foil Radius r in mm

Figure 5.4.: Height profile (compare Fig. 5.3c) near trailing edge without back fit.

explain the above mentioned wear effect, the WLI measurement WLI,, of the top side of the worn foil
at . = 56.5° is examined more closely, see Fig. 5.4. Starting from the middle radius r,,, the height is
increasing towards the inner and outer radius: close to the outer radius r, a maximum value of ~ 34 pm is
observed and at the inner radius r; a value of ~ 19.5 pm. This curve can be explained by the bowl-shaped
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pre-deformation of the foil, which has been described in detail in Sec. 4.3. Obviously, the bowl-shaped
pre-deformation entails a straightening of the abrasion at the inner radius. This indicates that the
bowl-shaped pre-deformation of the top foil is noticeably influencing the bearing behavior. Apparently,
the bowl-shaped pre-deformation is not markedly flattened due to pressure in the air film; otherwise,
the height profile for ¢, in Fig. 5.3 would not show the above mentioned slope at the inner radius.
In contrast to the classical multi-pad top foil, the annular-shaped top foil has a significantly increased
bending stiffness, which reduces the displacement, the deformation, and therefore the alignment of the
bearing pads with the rotor disk under load.

Short remark on the observed wear pattern: The reason for the occurrence of the three character-
istic wear areas I, II and III may be explained as follows. The wear areas I and III can simply be traced
back to the coating accumulations close to the inner and outer radius of the top foil, see Sec. 4.3.5, and
the parabolic (bowl-shaped) pre-deformation of the top foil resulting from the manufacturing process.
Note that these two wear areas are found where the top foil is supported by the bump foils and not in the
taper part of the sector near the leading edge. The physical reason for the occurrence of wear area II lies
in the rather complex bending deformation of the top foil close to the trailing edge under load, which is
bent upwards under load because of the rather stiff connection between the different bearing segments.
Each top foil sector transforms from the initial taper-step topology towards the taper-land topology due
to the developing air pressure. Based on the connection of each trailing edge to the neighboring leading
edge, the trailing edge tends to bend upwards, causing additional wear with the center located near the
inner radius. A detailed analysis of the wear, highlighting the development of the described wear pattern
with the help of a numerical TEHD bearing model can be found in part I of the paper [21].
Summarizing, it can be concluded from the WLI measurements that the maximum wear depth is ~ 7 um,
since the abrasion occurs at the locations with the coating accumulations, which have a maximum height
of 20 pum, see Fig. 4.23b. It can furthermore be observed that there are no spots where the entire Teflon
layer has been worn. However, wear entails a smoothing of the top foil and a kind of self-optimization
effect, since the worn top foil shows a significantly larger load capacity than the unworn new foil. This
running-in effect is characteristic for thrust bearings with an annular-shaped top foil geometry.

Roughness of the Coating Layer

The radial height profiles depicted in Fig. 4.23a indicate that the Teflon layer has a large roughness. WLI
measurements are, however, not suitable for determining the roughness parameters with high accuracy.
Therefore, a confocal surface measurement with a NANOFOCUS! usurf has been performed close to
area II of the worn top foil (see Fig. 5.3). An image of the intensity layer of the confocal microscopy
measurement is shown in Fig. 5.5.

Close to the inner radius r; at the trailing edge, a heavily worn region II can be observed (red dashed
rectangle). The green dashed region above is, however, almost unworn. In the heavily worn region,
the grinding grooves from the rotor disk are clearly visible. In both regions—heavily worn red region
and almost unworn green region—roughness evaluations have been carried out. The root mean square
value of the roughness height in the unworn region I is S, = 0.72 pm; in the heavily worn region II the
measurement yields the value S, = 0.193 ym.

Fig. 5.5 shows 1-dimensional height profiles measured within the two regions. In the unworn region I
the roughness is R, = 5.5 um; in the worn region II the roughness is R, = 1 um. Note that in the worn
region, not only the roughness peaks are removed, but also the surface is smoothed. Corresponding
roughness measurements have also been carried out at the surface of the rotor disk, where a roughness

Thttps://www.nanofocus.com
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Figure 5.5.: Confocal microscope (left side intensity layer image) roughness measurements of the coating layer in the heavily
worn area I and in the almost unworn area II: roughness parameter R, = 5.5 um in the unworn area and
R, = 0.9 um in the worn area; root-mean square height Sq = 0.715 um in the unworn area and Sq = 0.193 um in
the worn area.

value of Sq pisk = 0.19 pum has been measured. This roughness value is very similar to the value measured
on the top foil in the heavily worn region.

Tuning of the Mixed Lubrication Limit

A wear simulation with the model of Sec. 4.5 has been carried out with the following input data:
n = 120krpm and Fip.ust = 100N. To run the wear simulation, the critical gap parameter H,iyeq, Which
specifies the onset of wear, has to be defined. In literature, different criteria for the onset of mixed
lubrication and wear have been formulated. Arghir [2] suggests that mixed lubrication can be assumed if
the film thickness becomes smaller than three times the standard deviation of the combined roughness of

rotor and top foil, which yields Hixeq = 34 /5(2Lfoil + Si disk = 31/0.722 pm + 0.192 pm = 2.2 pm for the

considered rotor/bearing system. Szeri claims that mixed lubrication occurs if the film thickness gets
smaller than H,xeq = 2.5 um [84]. Hamrock introduces the special parameter A = H';%‘;‘ed and states
that wear will occur for A < 3 [31].

Based on these criteria, the here used parameter H,,ixq iS varied between 1 and 5um in order to
determine—via a comparison with the experiment—the onset of mixed lubrication for the current
problem. As can be seen in Fig. 5.3, wear only occurs at the coating accumulations at the inner and outer
radius in the center of the segment (areas I and III) and at the trailing edge at the inner radius (area II).
Therefore, measured radial wear profiles for ¢, =30° and . = 56.5° (see Fig. 5.3) are compared with
simulated radial wear profiles carried out with different parameters H,,i.q. Based on these comparisons,
the correct value for H,,;x.q can be determined.
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Figure 5.6.: Simulated wear height profile on two different locations.

In Fig. 5.6a, simulated wear profiles hcoat, sim (7', pb) = Reoat () — hwear (7, ¢1,) are depicted for different
values of Hpixeq at ¢y, = 30°. The black curve Aot (1) shows the unworn profile from the measurement.
The other five curves depict the simulated thickness of the worn Teflon layer. It is evident that with
increasing Hixed, Wear will also increase. Compared to the measured profile in Fig. 5.3, the simulations
show qualitatively quite similar and reasonable results. For wear parameters Hpjjxeq = 2 — 3m, a
good quantitative correlation can be achieved. The amount of wear is, however, overestimated for
H ixed <3 um at the inner radius and underestimated at the outer radius.

In Fig. 5.6b, corresponding wear simulation results are depicted for the radial cut at ¢, = 56.5°. Again, a
good qualitative correlation with the measurement of Fig. 5.3 is observed.

Recapitulating: the simulation with all five wear parameters show a similar qualitative abrasion behavior.
For Hpixed = 3 1um, the width of the worn area is predicted to be 2 mm and seems to fit best with the
measurements; also the height of the worn profile shows a good agreement with the measurements for
this wear parameter.

The bearing performance can simply be characterized by determining the loss factor @y, i.e., by
dividing the power loss by the applied load. Simulated loss factors for different values of H,,ixcq are
depicted in Fig. 5.7a. It is obvious that for higher values of H,,i..q, the loss factor is decreasing, i.e.,
the bearing performance is increasing. The difference between H,ixea = 1 um and Hjjxeq = 5 Hm is
approximately 12 %. It can therefore be concluded that wear will lead to a higher performance of the
bearing, which is typical for the running-in process of this bearing design. The measured loss factor and
its uncertainty is also displayed in the figure. Comparing the measured loss factor with the simulated
factors, a good agreement can be observed for H ,ix.qa <3 um. Hence, the wear simulation model is able
to predict the performance of the worn bearing.

Furthermore, measured disk temperatures are compared with simulated disk temperatures. In Fig. 5.7b,
the simulated disk temperatures Tqig 1 and Tyisk2 (see Fig. 3.1) are depicted as a function of Hpixed.
Obviously, the wear parameter H,;xeq has a noticeable influence on the calculated disk temperatures. For
lower values of H,,iwq, the temperatures are also lower. This effect can be explained by the improved
thermal conduction of the air film at lower values of H,,;.q because lower values of H,,j.q correspond
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Figure 5.7.: Calibration of the numerical parameter Hixea through comparison with measured data.

to a reduced average gap height. As a result, there is a higher temperature diffusion capability of the
air film (compare with Eq. 2.4). Compared with the measurements, it can be concluded that a value of
Hnixed = 311m yields a good correlation with the two measured temperatures.

Summarizing all the above results and comparisons, it can be concluded that parameter values for H ,ixeq
in the range of 2 um to 3 um yield a good correlation with the WLI wear measurements and also with the
test rig performance measurements. Wear parameters Hixeq in the range of 2 pm to 3 pm are also in good
accordance with corresponding parameters in literature. In the subsequent simulations, Hyixeq = 3 0m
has been chosen.

5.2.2. Running-in Wear

The topography of the coating layer distribution, coupled with the annular shape of the foil, leads to
wear on the coating of the top foil during the running-in process. This running-in process is evaluated
using the torque measurement system in the high-speed test rig. To analyze the running-in process
and its effects, a series of eight run-ups are conducted using the same top foil. The test procedure is as
follows: In the initial run, the test rig is accelerated to n = 120 krpm without applying an axial load to
the bearing. The torque is calibrated to zero once thermal equilibrium is reached. Subsequently, the load
is incrementally increased up to 10 N. After reaching 10 N, the test rig is shut down, and the top foil is
removed for microscopic examination before being reinstalled (details of wear assessments are presented
in the following section). The second run involves accelerating the test rig to 120 krpm again, and the
force is gradually raised to 10 N. Subsequent load increases are in increments of 5N until reaching 60 N.
The third run-up involves load increments beyond 85 N. The subsequent five run-ups are all conducted
with the same load steps towards a load of 100 N, without removing the top foil between run-ups.

The measured torque Ty = F.[; is plotted as a function of the test time ti.: for all running-in runs
in Fig. 5.8 on the left vertical axis. On the right vertical axis, the applied load Fij,s is shown, with
consistent progression across all runs.

During the first run, no abnormalities can be detected in the torque signal or are smaller than the
measurement resolution. Its measured torque is extracted in a zoom box in Fig. 5.8 on the right side.
Small steps in the signal are noticeable. In the second run (till 60 N), torque abnormalities arise after the
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Figure 5.8.: Torque measurements of a running-in process of one top foil with eight subsequent runs.

load jump from 15 to 20 N. The torque momentarily overshoots before stabilizing at a lower level. This
behavior is present for each load step. A zoom box for run 2 at the load step from 30 to 40 N represents
this behavior clearly. For the third run, which reaches up to 85N, no torque overshoot is observed within
the load range of 60 N (maximum load for run 2), only manifesting beyond that point. Notably, the Pelton
turbine of the test rig was unable to withstand the mixed lubrication occurring at 85N, causing a torque
overshoot that led to reduced spinning speed and an emergency stop. Consequently, the bearing had to
support 90 N at around 60 krpm, resulting in more wear than usual due to compromised lubrication. This
phenomenon arises when wear surpasses a certain threshold, and the Pelton turbine cannot promptly
provide the additional torque. Despite this, the bearing remains usable for further investigation and
comparison with simulations.

The subsequent five runs, all carried out at 100 N, unveil distinct aspects of the run-in process of the
previous cycles. Firstly, the maximum torque during these five runs is notably lower than in previous
cycles. Secondly, torque overshoots are absent. Furthermore, the torque curves exhibit a gentler slope
after around 40 N.

From these observations, several conclusions can be drawn: During running-in, a portion of the coating
layer smoothes in, explaining the torque overshoots as the fluid film remains below the mixed lubrication
threshold in specific regions. Once the interfering layer elements have been smoothed away, the bearing
can operate beyond the mixed friction condition in the fluid friction range, resulting in decreased measured
torque (compare Fig. 2.8). A comparison between the third and second runs up to 60 N underscores the
distinction between the running-in process and recurrent wear. After the bearing’s coating layer has worn
to match the loading requirements concerning the fluid film, subsequent runs can apply the load without
causing wear. Additionally, the bearing appears to optimize itself during the run-in process, exemplified
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in the third and fourth runs. This running-in effect can be attributed to reduced coating accumulations
height due to wear at specific locations (refer to Sec. 5.2.1). Consequently, it can be deduced that smaller
coating accumulation enhances bearing performance.

Another insight from the five subsequent runs is that the running-in process appears complete after the
third run, as indicated by the absence of torque overshoots or inter-run torque fluctuations. This suggests
a steady state in terms of wear. Notably, all top foils examined in this study were run-in until reaching
this steady state, allowing for meaningful comparisons among them.

Based on that, the bearing’s running-in behavior can be examined in the simulation model and wear
pattern comparisons can be performed with microscopic images.

Evaluation of Running-in Stages

Microscopic images are utilized to depict the resulting top foil wear state, which is then compared with
simulation results for hyea, computed using H,ixeq = 3 um. Fig. 5.9 illustrates this comparison. Starting
with images of the new state, both the top foil picture and simulation result show no wear. At 10 N, minor
wear is evident at the trailing edge on the inner radius (area II) of the top foil. The simulation result
similarly demonstrates smoothing at the upper portion of the inner radius coating accumulation, precisely
at the trailing edge. With a 60N thrust load, abrasion is observable at the inner radius in the middle
section of the pad (area I). Wear at the trailing edge also increases in size and depth. This wear pattern
is qualitatively consistent in the simulation. Running-in wear at 90 N and 60 krpm leads to wear on the
outer radius in area III. Wear increase is smaller but detectable at the inner radius, and the trailing edge
also experiences heightened wear. The simulation closely aligns with the microscopic image, with minor
discrepancies at the inner radius and trailing edge. This supports the assertion that the running-in process
and its stages in the annular-shaped top foil can be effectively captured using the adjusted simulation
model.

With the help of simulation results, the running-in conditions of the bearing can be further analyzed.
Simulation results for film height in the discussed load cases are illustrated in Fig. 5.10 as a 3D-height
representation. The simulation indicates that at 10 N, only the first row of bumps makes contact with
the top foil, leaving the remaining pad unengaged. The minimum film height of 3 um is observed in a
small region at the inner radius, specifically at the trailing edge near the coating accumulation. At 60 N
thrust load, pressure build up results in a tapered land topology, with all bumps in contact and slight top
foil sagging. Coating accumulations remain dominant, framing the pad at both inner and outer radii.
Between 60 N and 100 N, topological changes are minimal. Wear-related height changes occur primarily
at accumulations and the trailing edge, leading to a flatter film height topology. However, the coating
accumulations are far from completely wearing off. In summary, for this bearing concept, considering the
given step height, width, coating accumulation, and mixed lubrication limit, the bearing can sustain only
7 N without wear. Even with a uniform coating distribution, this bearing geometry is limited to carrying a
maximum of 20 N before experiencing wear, particularly at the leading edge. Further discussion on this
aspect is provided in Sec. 5.3.2.
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Figure 5.9.: Running-in wear shown for one top foil (TF3) on the left side in microscopic images and on the right side in
simulation results.
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Figure 5.10.: Film height A during 3 running-in states (Hmixeda = 3 pm, n = 120 krpm).

5.3. Validation of Bearing Performance

In this section, the simulation results concerning bearing performance of the annular-shaped bearing
topology are validated. The validation process involves the following investigations:

e Analysis of the performance map based on simulation results from the modified TEHD simulation
model and measurements from the high-speed test rig

e Comparison of two top foils with different step heights sy,
e Examination of the wear pattern concerning bearing performance

The evaluation includes the power loss and load-carrying capacity of the high-speed test rig, which are
compared to the simulation results, while considering uncertainties inherent in both simulation and
experimentation.

For the first comparison, the top foil, called TF;, investigated in Sec. 5.3.2, is used. Its input parameters
are examined in Sec. 4.3.

To initiate the comparison, the top foil labeled as TF; is employed, which has been detailed in Section 5.3.2.
The parameters associated with TF; are thoroughly examined in Section 4.3. A "performance map"
(Fig. 5.11) is introduced for comparative purposes. This map depicts the experimental and simulation
results with respect to power loss and thrust load at different rotational speeds. Specifically, considering
120 krpm, the maximum design speed, and 90 krpm, a speed where the bearing can handle substantial
loads without excessive wear up to approximately 80 N.

At 90 krpm it is anticipated that, the bearing exhibits nearly half the friction losses compared to 120 krpm
due to the expected quadratic correlation between spinning speed and power loss (refer to Eq. 2.28).
The side losses—discussed in Sec. 3.1.1—are taken into account and are added to the simulation results,
which contribute with 25 W for 120 and 12 W for 90 krpm.

Notably, the presented experimental results represent mean values from five runs, accounting for a
repetition error of 5%, including sensor errors discussed in Section 3.1.2. The estimated input uncertainty
for the simulation results is approximately + 5.5%, a derivation detailed in Section 4.4.

The simulation results are obtained as follows:

1. Simulation of run up to 120 krpm with H,,;, = 3 um approach (compare Sec. 5.2).
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Parameter Value Variation Description

S 66 um  +2% Step height
Sw 600 um £ 6% Step width
Hyow 20pum  +25% Maximum bowl height
Heoat 12pum  +25% Maximum height of the coating accumulation

Table 5.1.: Input parameters for TF.

2. Simulation of wear until 100N is reached. The wear pattern is stored into the variable hyearstore-

3. With disabled wear algorithm, all necessary load states for the two velocities are calculated. The
stored wear pattern hyearstore Of the previous step is added to the local film height variable A.

Conversely, obtaining the experimental results involve:
1. Driving the running-in procedure discussed in Sec. 5.2.2.

2. After reaching 120 krpm and 100N load, the operating point is held until a steady state is reached.
Steady state can be determined by investigating temperature gradients of all measured temperatures
in the test rig as well as the spinning speed controller reaching a stable state where the spinning
speed variation is below 0.01 krpm.

3. Systematically decreasing the thrust load in 10 N increments, maintaining each point until steady
state is reached. The output values are calculated and stored as average values over five seconds.

4. After reaching 30N, the velocity is decreased to 90 krpm and the load is increased to 80 N. Step 3.
is repeated until 30N is reached.

5. Step 2. to 4. are repeated five times.

Based on this, the results of these measurements are discussed, comparing them to the simulation results,
focusing on the top foil TF;. A comprehensive examination of TF;’s geometric properties is available in
Sec. 4.3.2. Fig. 5.11 presents the results for 90 krpm, demonstrating an almost linear behavior for both
simulation and experiment across various operating points. While the average simulation result slightly
exceeds the experimental counterpart, the experimental values remain within the simulation range when
considering their uncertainty. Therefore, it can be concluded that the modeling uncertainties (refer to
Fig. 2.10 and Fig. 2.11) are below the measurement system’s resolution and input uncertainty range.
This indicates that the model can predict the bearing behavior in the shown load range from 30 to 80N
and 90 krpm correctly.

Similar analysis applies to the results obtained at 120 krpm. Notably, load conditions exceeding 90 N
exhibit a deviation from the near-linear trend observed at lower loads. The simulation and experimental
results show slight deviations in the slope, with the experimental data indicating a more progressive
change. Despite this, all measured points remain within the simulated uncertainty range. Consequently;,
the model accurately predicts the bearing’s behavior within the provided range of 30 to 80 N and 120 krpm.

5.3.1. Step Height Variation

Subsequently, a step height variation is considered. This parameter variation is an essential element in
simulating model validation to ascertain the parameter variability’s impact. To assess this, the step height
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Figure 5.11.: Performance map TF; for 120 and 90 krpm with experimental and simulation results.

input parameter is modified, aiming to observe a consistent output relationship in both the simulation
and real-world scenarios [76]. Since deviations can arise due to the stamping process, a feasible step
height with acceptable accuracy across the pad is around 60 pm. A top foil—denoted as TF,—is selected
with a mean step height of 66 jnm, contrasting with the TF; top foil featuring an average step height of
145 pm.

Table 5.1 compiles crucial parameters for TF,. The results for both simulation and measurements are
presented in Fig. 5.12 using a performance map at a speed of 120 krpm. The performance map reveals
a nearly identical power loss between both top foils at loads around 30-50 N. However, higher loads
unveil a discernible change in slope, with the difference peaking at 100 N, amounting to nearly 50 W.
Consequently, it is evident that this altering input parameter induces corresponding changes in output
for both simulation and experiment, affirming the model’s predictive capability.

Additionally, the wear pattern in both simulation and experiment can be compared. Fig. 5.13 displays the
simulated wear pattern for the top foil TF,, alongside a microscopic image of the top foil. The deformation
(v3T) for both top foils (TF; and TF) is also presented. The higher step height of TF; contributes to
greater deformation, aligning with the observations in Section 4.3.3. Consequently, TF; demonstrates
a higher wear peak near the trailing edge, approximately 21 pm compared to TFs with around 8 pm.
Moreover, increased wear occurs at coating accumulations for TF, affirmed by the microscopic image.
Thus, the simulation model accurately predicts the wear pattern for varying step heights.

5.3.2. Wear Pattern Sensitivity on AFTB Performance

Section 5.2.2 explores a decline in measured power loss due to increased wear during running-in
experiments on the high-speed test rig. Here, this behavior is investigated using the simulation model,
examining various running-in conditions. The simulation procedure largely follows the description in
Sec. 5.3. However, there’s a distinction in the spinning speed set in step 1, ranging from 120 to 50 krpm
in increments of 10 krpm. The obtained wear results are used to establish a characteristic curve, ranging
from 30 to 100 N. These conditions are compared at 120 krpm, and the resulting performance map is
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Figure 5.12.: Performance map for step height variation comparison at 120 krpm with simulation and measurement results for
TF1 and TFQ.

presented in Fig. 5.14a. Evidently, running-in conditions involving 100 N and 50 krpm yield improved
performance in contrast to the 120 krpm running-in case. These differences are more pronounced at
higher loads and diminish at loads below 50 N.

Therefore, it’s reasonable to focus on the highest load case, as illustrated in Fig. 5.14b. This graph depicts
the performance quantity ®r ., derived from the loss divided by the load capacity, evaluated at 120 krpm
on the left vertical axis. Additionally, wear volume is shown on the right vertical axis. The horizontal axis
represents the running-in spinning speed for a 100 N load on the bearing. Analyzing the wear volume
indicates an exponential increase as the running-in speed decreases. This trend aligns with expectations,
as reduced running-in speeds necessitate a better bearing topology to sustain the same load, leading to
increased wear. The maximum wear volume is observed at the last simulated point with 50 krpm carrying
100 N. This point demonstrates extensive wear on both the complete coating accumulation and portions
of the coating layer within the pad’s middle section, compensating for the top foil sagging. However,
simulating lower speeds is unfeasible with this bearing design.

Focusing on performance at 120 krpm, it’s evident that smaller wear leads to worse performance until a
threshold, at around 80 krpm, beyond which no performance increase is detectable. This behavior can be
explained by factors like advancing smoothing in of the film height disturbances caused by the coating
accumulations. Below 80 krpm, the coating accumulations are smoothed in completely. In contrast,
lower running-in speeds lead to greater sections of the bearing, reaching the limiting film height of
Hnixed = 3 um, resulting in concurrent wear. However, this doesn’t induce significant changes in the
bearing’s topology, such as an improved taper land ratio or smaller step size. For that purpose, substantial
wear on the entire land section would be necessary.

This behavior is also examined using experimental results from the top foil run-in at 50 krpm, referred to
as TF3 hereafter. Notably, the bump foil remains consistent in this test setup. The simulation includes
certain adjustments in TF3’s input, detailed in Table 5.2. This top foil features a slightly lower step height
and smaller average coating distribution than the top foil discussed in Section 4.3.

Fig. 5.15 illustrates the resulting performance map for TF3 through simulation and measurement results,
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Figure 5.13.: Top foil deformations vt for TF; and TF2 as well as simulated and measured wear pattern due to running-in for
TFs.

along with associated uncertainties, at 120 krpm. Additionally, simulation results for TF; are included for
comparison. The figure shows that for lower loads, differences are minor, but higher loads exhibit an
increased slope in TF;’s simulation results compared to TF3. While experimental data demonstrates a
slightly lower mean value for TF3, it remains within the simulation’s uncertainty range. The disparity at
high load points signifies a significant difference and validates the self-optimizing behavior discussed in
Fig. 5.14b. This reaffirms that the simulation model can adapt to varying conditions, as long as they’re
included as input parameters.

Fig. 5.16 presents simulation results for various conditions: a top foil with Apow1(7) = 0 and hceat(r) = 0
(called TF; undisturbed), standard running-in of TF;, and a running-in condition with Fip s = 100N
at ny_i, = 60krpm. These simulations are performed at n = 120 krpm and Fiy,,st = 100 N. The upper
part of the figure depicts the wear pattern and its maximum height. The middle row shows the pressure
distribution p resulting from the compressible Reynolds equation, presented as color on the film height

Parameter Value Variation Description

Sh 130 pm  +2% Step height
Sw 600 ym +6% Step width
Hyow 15um  +25% Maximum bowl height
Heoat 10um  +25% Maximum height of the coating accumulation

Table 5.2.: Additional input parameters for TFs.

98



400 3.6 -8
—— 120 krpm and 100N
—— 90 krpm and 100N 0] o
= = 50 krpm and 100N -6 ma
£ 300 X 3.4+ X -
% Z I
2 ~ —
& =]
2 z X | Fa4 =
2 RS
i g P X E
S 200 & 321X XXX g
~
= o Lo 8§
=
O
© 0
100 T T T T 3 T T T T T 0
20 40 60 80 100 40 60 80 100 120
Thrust Force Fiprust in N Running-in Rotational Speed n,i, in krpm

(@) Performance map for a top foil with different running-in speeds (without (b) Wear volume and @, for different running-
side losses). in speeds (without side losses).

Figure 5.14.: Running-in speed’s influence on bearing performance.

along the z-axis. The lower row presents the local shear stress dM = _T%(x % -y %) for the three cases.
The subsequent observations are discussed in the following. Even for an undisturbed TF1, wear is evident
at the inner radius r; near the trailing edge within area II. The maximum wear height is 8 um. The
standard TF; configuration exhibits wear in all three areas described in Fig. 5.2, resulting in a maximum
wear height of 21 yum. The third condition, with greater prominence and a maximum wear height of
30 um near the trailing edge, similarly displays wear in these areas.

These varying wear conditions lead to distinct film height distributions, subsequently influencing the
resulting pressure profiles. In the first condition, the bending of the top foil induces elevated deformation
near the trailing edge—also the reason for wear in this location—creating a secondary, albeit smaller,
taper land area within a pad. In this area, a peak pressure of 4 bar is observed. The primary taper part of
the bearing generates a maximum pressure of approximately 2.5 bar. For the standard case, the coating
accumulations result in similar behavior, but with additional pressure peaks at the coating accumulations
near the inner and outer radii within the pad’s center. In the third condition, the smoother coating layer
leads to a more pronounced taper land topography. Pressure peaks are now evident at the connection to
the bump arcs and at the trailing edge. These peaks are better distributed, with a maximum pressure
peak of 2.6 bar. This behavior is reflected in the film quantity ®;,,,, which stands at 0.099 for the first
case, 0.093 for the standard configuration, and 0.19 for the more aggressive running-in condition. The
quantity remains nearly constant for the first two cases but almost doubles for the third, primarily due to
a more even load distribution.

This behavior also results in differing shear stresses, affecting the deviation of calculated power losses
as discussed in Fig. 5.14. The local shear stress, evaluated in the bottom row of Fig. 5.16, reveals that
coating accumulations yield higher local shear stresses. Only the third condition, with a more even
film height distribution, shows evenly distributed shear stresses. It’s evident that defects in the top foil
induce greater stress on the bearing, which can be offset through a more aggressive running-in procedure.
However, a defect-free top foil with the current annular design, featuring a step height of around 150 pm,
cannot undergo running-in without experiencing wear. This is due to the fact that the top foil is forced to
bend towards the trailing edge as it is discussed in Sec. 4.3.3.

In conclusion, the bearing’s performance—described by the performance quantity ®;,. and analyzed
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Figure 5.15.: Performance map of TF3 used in running-in process with 50 krpm and 100 N. Compared to the simulation results
of TF;. All at 120 krpm.

through performance maps—demonstrates excellent validity and reproducibility in comparison to the
experiments conducted in the test rig. This validation holds considering the provided boundary conditions
and input parameters for both the bearing and its environment. Hence, it’s evident that the bearing and
its surroundings are accurately modeled within the established accuracy. Consequently, the simulation’s
predictive capability concerning bearing performance can be confidently asserted as validated.
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Figure 5.16.: Simulation results at 120 krpm and 100 N for TF; without defects (bowl height and coating distribution set to

zero), standard running-in and running-in at 60 krpm.

5.4. Thermal Household Validation

For the purpose of design and optimization, the thermal balance of the bearing system holds particu-
lar significance and necessitates thorough validation (refer to Section 2.2.5). The validation process
encompasses the following investigations:

e Examination of simulation results with specific focus on the simulated temperatures of the rotor
disk Trp and the air film Ty;,.

e Analysis of the principal heat path computed using the modified TEHD model.
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Figure 5.17.: Simulation results of the AFTB with focus on disk and air film temperatures, as well as local film heights, all for
three load cases at 120 krpm.

e Comparison between the simulated modified thermal resistance model and measurements from
the thermal resistance test rig.

e Comparison between temperatures of the bearing system derived through the modified TEHD
model and measurements from the high-speed test rig.

Initially, simulation results for three load cases (30, 60, and 100 N represented in three columns) are
examined at 120 krpm, post simulated running-in, in Fig. 5.17. These results for the top foil TF; were
already investigated in Sec. 5.3 with respect to performance, and its input parameters are introduced in
Sec. 4.3.2. The uppermost row of the figure presents the disk temperature Trp, calculated through the
heat diffusion equation (Equation 2.2). The subsequent row shows the air film temperature T;,, deduced
using the modified three-dimensional energy equation Eq. 4.25. For enhanced comprehension of the
existing gap height, the air film’s height A is illustrated in the third row, derived via the compressible

102



Reynolds equation Eq. 2.3. Notably, the color bar for this row spans from 20 to 3 nm, facilitating clearer
representation of minute gap heights. It’s worth noting that the maximum gap height across all three
cases equals the step height sy, amounting to 145 pm.

Analysis of the rotor disk temperature Tgrp indicates a more uniform heat distribution at lower loads
compared to the 100 N case. However, the highest temperature consistently occurs at the same location,
nearly at the outer diameter where the bearing gap interfaces the disk. Given that the generated heat
has the highest density at the coating accumulations at the outer diameter, this is well-founded (compare
Fig. 5.16).

The air film’s temperature distribution (7,;;) in the second row exhibits a relatively uniform pattern across
the three load cases. Only the maximum and minimum temperatures escalate by approximately 50°C per
30N increase in load. This pattern is reasonable, considering that generated heat is directly proportional
to the thrust load at a given velocity (refer to Fig. 5.7a).The lowermost layer of T,;, interfaces with the
top foil. Heat sinks at the bump arc connections are discernible by lower temperatures, while regions with
greater gap height in the taper region beyond the leading edge exhibit lower temperatures compared to
areas with smaller gap heights.

The difference in the maximum temperature can be explained by assessing the gap height & in the third
row of the figure. Given that the top foil undergoes a running-in process at a 100N load case with
Hixea =3 1m, it becomes evident that the minimum gap height for this scenario is 3 um. The color
bar for this row is tailored from 20 to 3 pm to accentuate smaller gap heights. Notably, the maximum
gap height across all three cases remains consistent at the step height s),. It is observable that the taper
land-like film height reaches full development at 30 N. For the 100 N load case, the primary change
involves a decrease in the distance between the top foil and the rotor disk, accompanied by slight top foil
sagging. Gap heights below 8 pnm manifest solely at the coating accumulations for all three load cases.
Consequently, the bearing behavior remains largely unaltered between 30 N and 100 N in the simulation,
with variations chiefly pertaining to the distance between the top foil and the rotor disk. Given that
generated heat is inversely proportional to the gap height, greater heat generation occurs for higher
loads.

1+

0.8 0.8
3 s
2 0.6 2 0.6
E 2
= | < |
E‘ 0.4 E 0.4
0.2 0.2
0- 0
40 60 80 100 120 0 20 40 60 80 100
Rotational Speed n in krpm Load Fiprust in N

(a) Heat paths for different spinning speeds and constant axial (b) Heat paths at different axial loads at constant speed of
load of 30N. 120 krpm.

B Qpe: B QBackside B Qend B Qrr e Qpisk ‘

Figure 5.18.: Heat flow paths relative to the power loss in the bearing gap.

Moreover, the bearing system can be assessed in terms of heat paths as explained in Sec. 2.2.5. The
outcomes are presented in Fig. 5.18a and Fig. 5.18b, with varying rotational speeds n on the left side
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and differing thrust loads Fiy,st at a constant speed of n = 120 krpm on the right side. The results are
normalized by the generated power loss in the bearing, as per Eq. 2.28. The relative amount of heat is
depicted for cumulative heat flow in the disk Qp;sx, comprising the heat over the periphery Qpe,, the
heat over the rotor disk backside Qg.ckside, and the rotor end Qg,q. Likewise, heat influx into the top foil
Qr is presented.

The summation of the aforementioned relative heats are consistently adding up to 1, underscoring their
comprehensive description of heat flow within the bearing. Furthermore, it becomes apparent that there
is minimal variation in the distribution of heat paths, regardless of changes in speed or load in both
diagrams. The division between heat flow within the top foil and the rotor disk consistently is 0.3 to 0.7
across all cases.

This behavior can be attributed to alterations in power loss and heat fluxes into the disk and top foil.
Notably, the film height undergoes the most significant change. As both power loss and heat fluxes are
inversely proportional to the film height, there is no other dependency left and the correlation remains
constant. Thus, the thermal characteristic of this bearing remains consistent across a wide parameter
range at &y = 0.3. To validate these correlations, temperature gradients can be measured. One such
gradient describes the thermal resistance of the foil package, an aspect explored in the subsequent section.

5.4.1. Thermal Resistance of the Bump Foil

5,

Thermal resitance Ry, in K/W

2 —
— Simulation Extended Approach
1 Simulation Basic Approach
+ Measurement
0 T T T T T T T T T \
0 20 40 60 80 100 120 140 160 180 200

Thrust Force Fipryss in N

Figure 5.19.: Simulated thermal resistance of Lehn’s approach and the extended approach of Sec. 4.2.3. Compared to
measurements of the thermal resistance test rig.

The thermal resistance model is an analytical expression originally formulated in Lehn’s dissertation [52]
and subsequently expanded upon in Section 4.2.3. Given the absence of any existing validation of this
thermal resistance model in the literature, and considering the introduced extensions, a specific emphasis
is placed on the validation of this thermal resistance model.

Validation of the thermal resistance of the bump foil is conducted within its dedicated test rig, introduced
in Section 3.2. For the purpose of comparing measured thermal resistance values with simulations, a
simplified model is constructed, comprising solely the top foil and the lines at the bump contacts. The
top foil is subjected to a constant heat flux, mirroring the conditions in the thermal resistance test rig.
While the thermal resistance model outlined in Sec. 2.2.3, as formulated by Lehn [52], is applied to the
contact lines, the extended model introduced in Section 4.2.3 is employed with a heat flux distributed
over the entire top foil area. This extended model is therefore dependend on the deflection of the top
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foil. The outcomes of the experimental measurements, alongside the simulation results, are depicted
in Fig. 5.19. Here, the thermal resistance Ry, is plotted on the vertical axis as a function of the thrust
load Fiyuse On the horizontal axis. The simulation uncertainties stem from the inherent variability of
input parameters concerning the bump foil, such as radius and height, and are quantified at +6.25 %.
Similarly, measurement errors are provided for thrust load (+ 1 N) and the measured thermal resistance
(£2K+1.5%), as detailed in Section 3.2.2. Notably, the adjusted approach struggles to accurately
predict thermal resistance values below thrust loads of 40 N due to the lack of alignment between the
bump foil and the base plate, an aspect not accounted for in the simulation model for these specific
scenarios (see Section 5.1 for further elaboration).

Because the basic thermal resistance model remains independent to thrust forces, it yields a constant
value of Ry, = 4.16 K/W. Conversely, the extended approach factors in the thrust force, resulting in
decreasing thermal resistance due to the diminishing distance between the top foil and the base plate
as the load increases. The experimental data exhibit a marked decreasing trend at lower force values
and display a discernible linear relationship beyond 45 N. Notably, this trend is adeptly captured by the
simulated data originating from the new modeling approach. As such, it is deduced that the modification
of the thermal resistance model stands as a substantiated expansion, leading to an overall reduction in
thermal resistance, ranging from 17 % to 30 % between 40 and 100 N, compared to the basic model.

5.4.2. Temperature of the Bearing System

—— Simulation 120krpm = == Uncertainty Simulation
Simulation 90 krpm + Measurements 120 krpm
+ Measurements 90 krpm
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(a) Radial rotor disk temperature position Tqjsk,2- (b) Axial disk temperature position Tyjgk,1-

Figure 5.20.: Rotor disk temperature validation. With measurements of the high-speed test rig and TEHD simulation results
for 90 and 120 krpm.

To further validate the thermal household, the two pyrometer sensors in the high-speed test rig can be
employed. Their calibration as well as their positions are described in Sec. 3.1.1. The measurements
are again obtained from TF; and the test procedure described in Sec. 5.3. The outcomes are depicted
in Fig. 5.20, where the temperature Ty;s of the disk is plotted against power loss P}, for two distinct
rotational speeds. Fig. 5.20a pertains to the radial position Tgis 2 on the disk, whereas Fig. 5.20b
corresponds to the axial position Tj;s 1. The illustrated simulation uncertainty originates from power loss
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Figure 5.21.: Base temperature measurements for different speeds, compared to the simulated base plate temperature Tiase-

uncertainties. For measurements, factors encompassing repeatability error, temperature measurement
accuracy, and torque measurement accuracy are taken into consideration.

The results distinctly demonstrate an almost linear correspondence between power loss and temperature
for both positions and rotational speeds for simulation and experiment. This alignment is expected within
the simulation context, given the thermal households dependency on the velocity and the load is small,
as described in the introduction of this section and shown in Fig. 5.18. The fact that the measurement
shows the same behavior, testifies to the validity of this relationship. In terms of absolute values, the
comparison showcases strong agreement between measured and simulated radial position temperatures
Taisk,2- However, for the axial position Ty;sk,1, @ constant offset of approximately 10 °C is observed in the
measured temperature when contrasted with the simulation results at the same position. This discrepancy
can potentially be attributed to the intricate flow pattern stemming from the externally pressurized axial
bearing, causing a less accurate approximation of flow behavior on the rear side of the rotor disk. Despite
this offset, the measured and simulated values agree sufficiently, validating the simulation model for disk
temperature, along with its corresponding boundary conditions.

Additionally, the base temperature is measured within the high-speed test rig. Drawing on the information
provided in Section 4.2.3, wherein the thermal resistance between the cooling water in the base plate and
the measurement point is characterized as 0.24 K/W, a straightforward correlation can be established:

1
QTF = q)TH Ploss = R (Tbase - Tcoolingwater) (5-1)
Base
1 Tcoolingwater
Poss = =—— T - 5.2
foss RBase (I)TH Base RBase (I)TH ( )

Considering the quasi-constant nature of ®y across a wide operational spectrum, the function Poss(7Base)
can be deduced. The results, alongside with measured power loss, are displayed in Fig. 5.21, accounting
for measurement and simulation uncertainties derived in Sec. 3.1.2 and 4.4. The simulated power loss
and temperature align well with their measured counterparts, signifying the accurate modeling of heat
transmission through the top foil. This, in turn, affirms the thermal resistance model’s validity within
the context of the proposed enhancement. Overall, the thermal equilibrium of the model demonstrates
compelling agreement and reproducibility in relation to real-world conditions within the test rig, while
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appropriately incorporating pertinent boundary conditions and input parameters of the bearing and its
surroundings.

Given that all surrounding temperatures, including the disk temperature, and the base plate’s temperature
values, are within the measured values, it can be concluded that the air film energy equation is modeled
correctly within the derived accuracy. Therefore, the thermal household is validated.

5.5. Summary and Conclusion

This chapter is related to the validation of the simulation model. It is structured into four sections, each
addressing a distinct bearing characteristic as introduced in Section 2.4.2.

The first bearing characteristic examined pertains to stiffness ®g;. The stiffness of the bump foil is
compared with simulations, revealing inconsistent behavior between simulation and experiment. For
loads higher 40 N, the simulated stiffness was shown to be higher compared to the experiments. For lower
forces, the measurement results exhibit highly nonlinear behavior, attributed to the alignment processes
of the bump foil on the base plate. Additionally, the influence of uncertain input parameters results in
significant variability at approximately 4+ 17.6 %. The validation attempt of this bearing characteristic
revealed modeling uncertainties, which prevented a successful validation of the stiffness.

Proceeding to the air film height characteristic ®;,,,, wear simulation and analysis are conducted. The
onset of wear, characterized by the mixed lubrication limit H x4, is identified through comparison with
literature and measurements. Alignment with WLI measurements confirms H ,ixeq = 3 pm. Subsequently,
the running-in process of the top foil is scrutinized. It is established that the novel wear algorithm is able
to predict the coating layer’s abrasion across various run-in stages.

The performance characteristic ®1,.5s (power loss divided by load) is the third bearing aspect examined.
The comparison of simulated power loss and thrust load with measurements from the high-speed test
rig, encompassing all relevant modeling facets outlined in Ch. 4, yields satisfactory congruence with
D05 ~ 3 for n = 120 krpm. Furthermore, sensitivity analysis of wear patterns is conducted, affirming
that augmented abrasion of the coating accumulation results in enhanced bearing performance. This
underscores the necessity of thorough investigating simulation input parameters and expanding the
simulation model to achieve such outcomes.

Lastly, the thermal equilibrium characteristic 1y is addressed. Initial simulation outcomes are show-
cased, indicating that the simulated thermal quantity consistently approximates 1y = 0.3 across a
broad parameter spectrum, meaning that only 30 % of dissipated heat is transferred into the top foil. To
substantiate the simulated findings, the extended thermal resistance model of the bump foils is juxtaposed
with measurements from the thermal resistance test rig. The agreement between the extended model and
the measurements is notably satisfactory. Furthermore, comparison of temperature measurements from
the rotor disk and base plate in the high-speed test rig with simulation results leads to the conclusion
that the extended model proficiently forecasts the bearing’s thermal balance.

In essence, the validation process attests to the comprehensive nature of the simulation model. The simu-
lation results demonstrate consistent alignment with measurements across various bearing characteristics.
This, in turn, substantiates the model’s reliability and its utility for further designs and optimizations.
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6. Summary and Conclusion

In this thesis, the validation of a simulation model for an air foil thrust bearing through experimental
results has been comprehensively presented. The primary objective of this research was to establish the
validity of the simulation model by correlating its predictions with experimental data. The validation
process focused on crucial characteristics of the bearing, including performance, thermal behavior,
stiffness, and film height distribution. This summary encapsulates the key contributions and outcomes
from each chapter of the thesis.

Chapter 2 introduced the context of air foil thrust bearings, delving into their historical development and
highlighting the governing equations derived from prior work. It also provided insights into tribological
systems and discussed the principles of model validation, emphasizing the importance of investigating
both simulation and experimental uncertainties to successfully validate a simulation model or reveal
modeling inaccuracies.

Chapter 3 then detailed the test rigs and measurement tools designed to validate the simulation model. A
newly developed high-speed test rig capable of thrust bearing measurements under demanding conditions
was introduced. The test rig is able to run at 120 krpm while applying 100 N of thrust load on the foil
bearing. One special property of the test rig is the gimbal which enables an alignment of the bearing to
the rotor disk. With the help of this test rig, power loss and temperature measurements were obtained
with high precision. The repeatability error was found to be below 5%. Additionally, a specialized thermal
resistance test rig and mechanical property measurement setups were presented, along with discussions
on measurement capabilities and uncertainties.

The modeling and adjustment of the air foil thrust bearing were explored in Chapter 4. The chapter
investigates the intricate components of the bearing, such as the rotor, bump foils, and top foil, with
sensitivity analysis guiding the identification of key parameters. Geometric properties were determined
through thorough measurements, and the model was extended to incorporate an extended thermal
resistance model, as well as introducing a new wear algorithm. The presented wear algorithm can
calculate running-in wear for hard-soft contacts with a fluid film in between. Furthermore, detailed CFD
simulations were presented to calculate the heat transfer coefficient for the rotor disk. In addition to
that, uncertainties arising from input variables were presented and summarized to provide simulation
uncertainties for the validation in Chapter 5.

Finally, Chapter 5 concluded the validation process by focusing on four main bearing characteristics.
The stiffness of the bump foil, air film height distribution, bearing performance, and thermal behavior
were all validated through comparisons of simulation results with experimental data. The analysis
revealed that the simulation model exhibited good agreement with empirical findings across these key
aspects. The validation efforts extended to diverse parameters, wear patterns, and thermal conditions,
demonstrating the robustness of the simulation model. In particular, the validation of wear patterns
stresses the importance of incorporating running-in wear into the simulation model for this bearing
design. Considering all model extensions, the calculated uncertainties of the input parameters, as well as
measurement uncertainties, the performance, wear patterns, and thermal behavior of the bearing were
thoroughly validated. However, it was found that the stiffness of the bearing was not fully represented by
the simulation model due to the alignment process of the bump foils, making flat shell theory insufficient
for simulating the stiffness of this bearing design. Nevertheless, the stiffness was found to be almost
independent of the other bearing characteristics due to the rather stiff top foil.

In conclusion, this thesis successfully achieved its main objective of validating a simulation model for an
air foil thrust bearing using comprehensive experimental investigations. The multi-step validation process,
encompassing performance, thermal behavior, stiffness, and film height distribution, established the
reliability and accuracy of the simulation model. The results have profound implications for understanding
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the involved behavior of air foil thrust bearings and delivers the starting point for optimizing their
performance in practical applications.

Furthermore, the sensitivity analysis and adjustments to the simulation model highlight the significance of
model refinement and adaptation. The wear algorithm introduced in this work not only aids in simulating
real-world wear patterns but also opens avenues for future research on wear-related phenomena in thrust
bearings.

Future work can also focus on incorporating the alignment process of bump foils and their impact on the
stiffness behavior of the bearing. Furthermore, a full bearing model, including all pads, could help gain
an understanding of the bearing under misaligned conditions. In addition to these stationary bearing
properties, future research could incorporate dynamic aspects and investigate the influence of the thrust
bearing on the whole rotor bearing system.
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A. Appendix

Material Properties

Table A.1.: Material properties of bump foil, top foil, and the rotor.

Description

Part Parameter Value
(Material)
Top Foil Err 215 GPa
(Inconel 750)  prr 8.2 g/cm?
UTF 0.3
)\TF 12W/mK
Bump Foil Egp 205 GPa
(Inconel 718)  ppr 8.2.g/cm?
VBF 0.3
)\BF 12W/mK
Rotor QRD 11-1076 1/K
(1.4542) ERrp 200 GPa
/\RD 16 W/mK
PRD 7.8 g/cm?

elastic modulus
density

Poisson’s ratio
thermal conductivity
elastic modulus
density

Poisson’s ratio
thermal conductivity
thermal expansion
elastic modulus
thermal conductivity
density

Air Film Properties

Viscosity of air:

n=—1.75-10"11 -T2 + 5.68-107° - Tp;, +3.06 - 1076

Thermal conductivity « of air:

k=-21-10"-T2% +846-1075 Ty +2.89-1073

Heat capacity c,,, at constant pressure of air:

cp =243-107* - T2 —0.077 - Ty + 1.008 - 10

air
Density p is treated as an ideal gas defined as:

_ p
R- Tair’

P

(A.1)

(A.2)

(A.3)

(A.4)

with R = 287.06 J/(Kg-K) being the specific gas constant. These approximations are taken from Lehn

[52].
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